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1990 Max Jakob Memorial Award Lecture

J. P. Hartnett

Energy Resources Center,
The University of lllinois at Chicago,
Chicago,IL 60680

Viscoelastic Fluids: A New
Challenge in Heat Transfer

A review of the current knowledge on the fluid mechanics and heat transfer behavior
of viscoelastic aqueous polymer solutions in channel flow is presented. Both turbulent
and laminar flow conditions are considered. Although the major emphasis is on
Jully established circular pipe flow, some results are also reported for flow in a 2:1
rectangular channel. For fully established turbulent channel flow, it was found that
the friction factor, f, and the dimensionless heat transfer factor, jy, were functions
of the Reynolds number and a dimensionless elasticity value, the Weissenberg num-
ber. For Weissenberg values greater than approximately 10 (the critical value) the
Sfriction factor was found to be a function only of the Reynolds number; for values
less than 10 the friction factor was a function of both Re and Ws. For the dimen-
sionless heat transfer coefficient jy the corresponding critical Weissenberg value was
Sound to be about 100. The heat transfer reduction is always greater than the friction
Sfactor reduction; consequently, the heat transfer per unit pumping power decreases
with increasing elasticity. For fully established laminar pipe flow of aqueous polymer
solutions, the measured values of the friction factor and dimensionless heat transfer
coefficient were in excellent agreement with the values predicted for a power law
Sfluid. For laminar flow in a 2:1 rectangular channel the fully developed friction
factor measurements were also in agreement with the power law prediction. In
contrast, the measured local heat transfer coefficients for aqueous polymer solutions
in laminar flow through the 2:1 rectangular duct were two to three times the values
predicted for a purely viscous power law fluid. It is hypothesized that these high
heat transfer coefficients are due to secondary motions, which come about as a
result of the unequal normal stresses occurring in viscoelastic fluids. The anomalous
behavior of one particular aqueous polymer solution—namely, polyacrylic acid
(Carbopol)—is described in some detail, raising some interesting questions as to
how viscoelastic fluids should be classified. In closing, a number of challenging

research opportunities in the study of viscoelastic fluids are presented.

Introduction

Interest in viscoelastic fluids goes back almost a half century,
triggered by the discovery of Mysels (1949) and Toms (1948),
who found that the addition of small amounts of a high-
molecular-weight polymer to a Newtonian fluid in turbulent
pipe flows resulted in a dramatic decrease in pressrue drop.
Evidence of this behavior is shown on Fig. 1 (Cho and Hartnett,
1982), which reveals that the presence of 10 parts per million
by weight (wppm) of polyacrylamide in water results in a 40
percent reduction in pressure drop and a comparable decrease
in pumping power. In the intervening years many studies of
the fluid mechanical behavior of such fluids have been carried
out (Cho and Hartnett, 1985). In contrast, relatively little at-
tention has been paid to heat transfer processes associated with
these fluids. As it turns out, such fluids are viscoelastic, a class
of fluids of considerable interest in the chemical, pharma-
ceutical, and food industries. In the processing of these fluids
they are often exposed to heat transfer, and consequently a
knowledge of their heat transfer behavior is important in the
design of such industrial equipment,

It is the goal of this review to introduce some of the char-
acteristics that distinguish viscoelastic fluids from Newtonian
fluids. In particular, those factors that influence the fluid me-
chanics and heat transfer behavior of viscoelastic fluids, es-
pecially aqueous polymer solutions, will be emphasized.
Turbulent flow will be treated first, then Jaminar flow. Both
circular and noncircular channels will be covered. The article

Contributed by the Heat Transfer Division and presented at the 3rd ASME/
-JSME Joint Thermal Engineering Conference, Reno, Nevada, March 18, 1991.
Manuscript received by the Heat Transfer Division November 1991; revision
received March 1992. Keywords: Forced Convection, Non-Newtonian Flows and
Systems.
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Fig. 1 Influence of addition of 10 wppm of polyacrylamide on pressure
drop of water in fully established turbulent pipe flow

concludes with a brief discussion dealing with future research
opportunities.

Viscoelastic Fluids

Viscoelastic fluids may be prepared by adding to water a
high-molecular-weight polymer, such as one of those shown
on Fig. 2. Such fluids are generally non-Newtonian and the
apparent viscosity (defined as the ratio of the shear stress to
the shear rate) of such viscoelastic fluids is dependent on the
shear rate. Furthermore as shown on Fig. 3, the normal stresses
on the three orthogonal faces (P, P,,, and P,), which are
equal in Newtonian fluids, for incompressible isometric flow
are not equal in viscoelastic fluids. Finally, under channel flow
conditions, such as exemplified by the plane Couette flow
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Polyethylene Oxide (Polyox) P
—CH,—CH—
l
C=0
| Newtonian Fluid Viscoelastic Fluid
NH (Viscosily not Function of Shear Rate)  (Viscosity is Function of Shear Rate)
2 Fig. 3 Couette flow of Newtonian fluid and viscoelastic fluid
Polyacrylamide (Separan) shown on Fig. 3, if the external force driving the flow is sud-
denly removed, a Newtonian fluid ceases to flow. In contrast,
a viscoelastic fluid actually continues to move, coming to rest
after a time interval A, called the relaxation time. In general,
H H the more elastic the fluid, the greater the magnitude of the
I l relaxation time.
—C—C— In the study of the pressure drop and heat transfer behavior
of Newtonian fluids, it is customary to introduce dimensionless
l l quantities such as the friction factor, the Nusselt number, the
H C Reynolds number, and the Prandtl number. A new dimen-
/ \ sion}ess Illum})eg t_he Weisgenbe;g number, appears in the case
HO O of viscoelastic fluids, and is defined as:
Ws=NU/d (1)
. . The Weissenberg number is the ratio of the relaxation time of
Polyacryllc Acid (CarbOpOl) the fluid, A, to the characteristic time of the flow, d/U; the
Fig. 2 Basic chemical structure of typical polymers used in experi.  larger the Weissenberg number, the more elastic the flow.
mental studies The evaluation of the relaxation time, A, is in general a
Nomenclature
Re’ = Metzner-Reed generalized
Jr = Colburn heat transfer fac- Reynolds number, defined
A = cross-sectional area, m? tor = Nu/RePr'? in Bq. (7)
C, = specific heat of fluid, J/ k = thermal conductivity, W/ Re* = Kozicki generalized Reyn-
kg-K m-K olds number, defined in
d = diameter of circular pipe, K = consistency index in power Eq. (10)
m ] law model, Nes"/m? T, = local fluid bulk tempera-
d, = hydraulic diameter of the m = mass flow rate, kg/s ture, °C
duct, = 44/P, equal to d n = power law index in power T, = local wall temperature of
for circular pipe, m law model the duct, °C
S = fanning friction factor = Nu = local Nusselt number = u = velocity component in ax-
T/ (pU*/2) ' hdy/k jal direction, m/s
Gz = Graetz number = mC,/kz Nu;; = local Nusselt number for U = mean velocity in axial di-
h = local convective heat lower wall in the case of rection, m/s
transfer coefficient = q”/ H1(1L) boundary condi- Ws = Weissenberg number =
(T, — Tp), W/m?K tion A\U/d,
HI(1L) = thermal boundary condi- Nu,; = local Nusselt number for z = axial rectilinear coordi-
tions representing constant upper wall in the case of nate, or axial location
wall heat flux axially and HI1(1L) boundary condi- from the duct entrance, m
constant temperature pe- tion B = volumetric coefficient of
ripherally on one longer P = wetted perimeter, m thermal expansion, °C ™!
wall of the rectangular Pr = Prandtl number = 3C,/k 4 = shear rate, 1/s
duct P,, = normal stress in the x di- n = fluid apparent viscosity =
HI1(2L) = thermal boundary condi- rection 7w/, Nes/m
tions representing constant P,, = normal stress in the y di- 7, = zero shear rate ag)parent
wall heat flux axially and rection viscosity, Nes/m
constant temperature pe- P,, = normal-stress in the z di- e = Sshear rate apparent viscos-
ripherally on two longer rection ity evaluated at 4 ap-
walls of the rectangular q”" = heat flux per unit heating proaching infinity, Nes/
duct area, W/m? m?
H1(4) = thermal boundary condi- R = pipe radius, m A = relaxation time, s
tions representing constant r = local radius, m A" = characteristic time con-
wall heat flux axially and Ra, = Rayleigh number = stant, s
constant temperature pe- . Cyo’gBq” di/k™ p = density of fluid, kg/m?
ripherally on all four walls Re = Reynolds number = ‘ 7, = shear stress at wall, N/m?
of the rectangular duct pUdy/n r = shear stress, N/m>
Journal of Heat Transfer MAY 1992, Vol. 114 | 297
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Fig. 4 Apparent viscosity as a function of shear rate of aqueous pol-
yacrylamide solution, with polymer concentration as a parameter

10-2 T T T T T T T
8 I~ f=0.079 Re™O%
6 _
o)
4 |- ® ° ]
- %
\\\AV * °
2 ‘\,ﬁg%& _
\%
f Separan AP-273 B
1073 — wppm | A X 102 ]
-0.48
8 - [e] 1o | 21z |f=020Re /o
e L 21 50 209 {Minimum Drag Asymptotel
al 100 3.71
v | 300 9.61 B
4 — [a]| 300 249
5| 1000 302 z/d > 100
2 [ | i | -
2 4 & 810% 2 4 6 810°
Re

Fig. 5 Friction factor as a function of Reynolds number for aqueous
polyacrylamide solutions, with polymer concentration as a parameter
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difficult task. However, Bird (1965) and other investigators
have proposed the use of relatively simple Newtonian models
for this purpose. As an example of this approach, consider
the Powell-Eyring model:
. __l E
N =" *+ {110~ M) E}‘;\-ru (2)
Y

Here v is the shear rate, 7. and 7o are the apparent viscosities
evaluated at large values of ¥ (i.e., ¥ — o0) and at very low
values of ¥ (i.e., ¥ — 0), respectively. If 5 is measured as a
function of ¥, then it is possible to determine the value of \*,
the characteristic time constant, which provides the best fit to
the experimentally determined relationship between n and .
It is generally assumed that the relaxation time, X\, and the
characteristic time constant \* are related; for convenience
they are often taken as equal.

In summary the following statements may be made about
viscoelastic fluids:

e The apparent viscosity is dependent on shear rate.

e The stresses on orthogonal faces are not equal.

e A finite time is required for a strain response in the fluid
when the stress imposed on the fluid boundaries is changed.

e A new dimensionless quantity, the Weissenberg number,
characterizes the elastic nature of the fluid.

Turbulent Flow of Aqueous Polymer Solutions

Turbulent Flow in Circular Tubes. Factors influencing the
pressure drop and heat transfer behavior of viscoelastic aqueous
polymer fluids involve all of the conventional dimensionless
quantities plus the Weissenberg number. The Weissenberg
number, in turn, is influenced by the concentration and the
chemistry of the polymer, the chemistry of the solvent, and
last, but not least, the degradation of the polymer. This last
factor, polymer degradation, results from the rupture of the
polymer bonds due to the shearing stresses encountered during
the circulation of an aqueous polymer solution through a flow
system.

The influence of polymer concentration is brought out on
Figs. 4-6. Figure 4 presents the apparent viscosity as a function
of shear rate for various concentrations of polyacrylamide
(Separan AP 273 from Dow Chemical Company) in Chicago
tap water (Cho and Hartnett, 1982). Figures 5 and 6 present
fully established friction factors and dimensionless heat trans-
fer coefficients for these fluids.

At the lowest concentration, 10 wppm, the measured ap-
parent viscosity is not observably different from that of water
alone, but the experimental friction factors and the dimen-
sionless heat transfer factors, jz, are significantly reduced from
the Newtonian values. It should also be noted that the measured
reduction in heat transfer is greater than the reduction in pres-
sure drop.

An increase in the polymer concentration results in an in-
crease of the apparent viscosity (especially at lower shear rates)
and an increase in the characteristic time A. The corresponding
friction factor, shown on Fig. 5, decreases with an increase in
polymer concentration, reaching an asymptotic value at ap-
proximately 50 wppm. Further increases in the polymer con-
centration have no effect on the friction factor. Such asymptotic
friction factor behavior was first reported by Virk et al. (1970).

In the case of heat transfer, the experimental j; factor eval-
uated at z/d equal to 430 decreases with increasing polymer
concentration until a concentration of 300-500 wppm is
reached, as shown on Fig. 6. Further increases of the polymer
concentration do not lead to further reduction in the heat
transfer, and an asymptotic value of the dimensionless heat
transfer is reached. In general, as noted above for the 10 wppm
solution, the heat transfer reduction for a fixed polymer con-
centration is always greater than the pressure drop reduction.
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Fig. 8 Friction factor as a function of Reynolds number for various
solvent-additive combinations

Thus the heat transfer per unit of pumping power decreases
with increasing polymer concentration when compared at a
constant Reynolds number.

The hydrodynamic and thermal entrance lengths are also
influenced by the polymer concentration (i.e., by the fluid
elasticity). The entrance lengths increase from values of 10 to
20 pipe diameters for water to 100 pipe diameters for the
hydrodynamic entrance length and 500 pipe diameters for the
thermal entrance length for high polymer concentrations. Toh
and Ghajar (1988) report thermal entrance region Nusselt val-
ues for the turbulent flow of two different polyacrylamides in
circular test sections of 1.11 and 1.88 cm i.d. under constant
wall heat flux conditions.

Turning next to the influence of solvent chemistry on the
behavior of an aqueous polymer solution, Fig. 7 shows the
measured apparent viscosity as a function of shear rate for
1000 wppm of polyacrylamide in Chicago tap water; in Chicago
tap water with 100 wppm of sodium hydroxide; in Chicago
tap water with 4 percent sodium chloride to simulate sea water;
and in distilled water. The solution with distilled water has a
value of the zero shear rate viscosity 7, which is an order of
magnitude greater than the other solutions. Generally, for a
given polymer an increase in the zero shear rate viscosity is
associated with an increase in the elasticity and as a result it
can be concluded that the elasticity of the distilled water so-
lution is the highest of the four solutions.

Evidence of the solvent chemistry effect is also seen on Fig.
8, which reveals the friction factor for 20 wppm of polyacryl-
amide with Chicago tap water as the solvent. The addition of
20 wppm of sodium hydroxide to the solution results in a
decrease in the friction factor at a fixed Reynolds number. If
the concentration of sodium hydroxide is increased to 100
wppm an even greater reduction in the friction factor results.

Journal of Heat Transfer
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Fig. 10 Apparent viscosity versus shear rate of 1000 wppm aqueous
polyacrylamide solution as a function of hours of circulation in the fiow
loops

Heat transfer results are similarly influenced by solvent chem-
istry.

The influence of polymer degradation is brought out clearly
in Figs. 9 and 10. In these experiments a 1000 wppm solution
of polyacrylamide in Chicago tap water is circulated at a con-
stant flow rate for over 70 hours and the friction factor, f,
and the heat transfer factor, jy, are measured as a function
of time. From Fig. 9 it can be seen that the friction factor
decreases slightly at the start (probably reflecting improved
mixing of the polymer and the solvent), remaining approxi-
mately constant for some hours and then begins to increase.
In contrast, the heat transfer factor begins to increase almost
immediately. The corresponding values of the viscosity and
the characteristic time as a function of the hours of circulation
are presented on Fig. 10. At the initial state the zero shear rate
viscosity was approximately 2 poise while the characteristic
time was of the order of 1.69 seconds. After circulating for
some 21 hours, the value of the low shear rate apparent vis-
cosity was an order of magnitude lower and the characteristic

- time had decreased to 0.036 seconds. Thus as the fluid cir-

culates, the long molecular chains are constantly being broken
by the shearing stresses and the fluid become less and less
elastic as reflected in the ever-decreasing values of » and A.
All of the above described results can be generalized if the
rheology of the flow is constantly monitored so that the values
of the apparent viscosity versus shear rate and the correspond-
ing values of the characteristic time, A, are known as a function
of circulation time of the fluid. Then the fully established
friction factor and the fully established dimensionless heat

MAY 1992, Vol. 114 | 299
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Fig. 12 Dimensionless heat transfer of aqueous polyacrylamide solu-
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transfer can be presented as a function of the Weissenberg and
Reynolds numbers that prevail at the time of interest. The
generalized behavior of the friction factor is shown on Fig.
11, where it may be seen that for a fixed Reynolds number the
friction factor decreases with increasing Weissenberg number,
reaching an asymptotic value at a Weissenberg number of
approximately 10 (Hartnett and Kwack, 1985). Beyond this
asymptotic value the fully established friction factor is a func-
tion only of the Reynolds number.

Figure 12 shows the corresponding heat transfer behavior
of the aqueous polymer solution (Hartnett and Kwack, 1985).
Here the asymptotic behavior occurs at a much higher value
of the Weissenberg number, approximately 100. Below this
value, the fully established j factor is a function of both the
Reynolds and the Weissenberg numbers, while at values of the
Weissenberg number greater than approximately 100, jy is a
function only of the Reynolds number.

The same behavior has been reported for other aqueous
polymer solutions (Ghajar and Azar, 1988) and the approach
reported here should be useful in generalizing experimental
results for other aqueous polymer solutions.

Turbulent Fiow in Noncircular Channels. Heat transfer
and pressure drop results for drag-reducing fluids in turbulent
flow through noncircular geometries are relatively rare. How-
ever, on the basis of available results for rectangular channels
(Kostic and Hartnett, 1985; Bhamidipaty, 1988) the following
approach appears reasonable. If experimental pipe flow data
are available for a given aqueous polymer solution (such as
Separan AP273 on Figs. 5 and 6), then these results may be
used with the hydraulic diameter replacing the pipe diameter
to estimate the friction factor and the heat transfer coefficient
of the same polymer solution in turbulent flow through a
noncircular channel. The thermal boundary condition (i.e.,
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Fig.13 Friction factor as a function of the Kozicki generalrzed Reynolds
number for aqueous Carbopol solutions and clay slurries in fully estab-
lished turbulent channel flow

constant wall temperature, constant heat flux, one wall heated,
two walls heated, etc.) will undoubtedly have some influence,
but the recommended approach should yield engineering pre-
dictions with an accuracy of 10 to 20 percent. However, this
approach will probably fail in geometries such as triangular
channels with very sharp corners, where the confining walls
will result in an extended laminar region (Eckert and Irvine,
1960).

Anomalous Behavior of Aqueous Polyacrylic Acid Solu-
tions. An exception to the generally observed drag-reducing
behavior of aqueous polymer solutions described above occurs
in the case of aqueous solutions of polyacrylic acid (Carbopol
from B. F. Goodrich Co.). Aqueous solutions-of Carbopol
when neutralized with sodium hydroxide to a pH value of
approximately 7 become highly non-Newtonian, exhibiting a
viscosity that is highly dependent on shear rate. Furthermore,
rheological measurements taken on an oscillatory viscometer
(Xie and Hartnett, 1992) clearly demonstrate that such solu-
tions are viscoelastic. Nevertheless, the pressure drop and heat
transfer behavior of neutralized aqueous Carbopol solutions
in turbulent pipe flow reveals little reduction in either of these
quantities. Rather, they behave like clay slurries (e.g., Attagel
40 from Engelhard Minerals and Chemicals Corporation) and
they have been generally identified as purely viscous non-New-
tonian fluids. Their dimensionless pressure drop and heat
transfer performance are related to the Kozicki generalized
Reynolds number Re* and the power low exponent n. Figure
13 shows experimental results for the friction factor behavior
of clay slurries and of aqueous Carbopol solutions in turbulent
flow for both circular tubes and rectangular ducts. A semi-
empirical prediction of this behavior has been advanced by
Dodge and Metzner (1959) for purely viscous non-Newtonian
flow in a circular tube and extended by Kostic and Hartnett
(1984) to noncircular geometries:

1/+/f = (4.0/n"log o[Re* (f)' =" — 0.4/n'? 3)

The prediction is seen to be in good agreement with the
experimental data for both circular and rectangular channels.

The heat transfer behavior of Carbopol solutions is also
found to be in good agreement with the results found for clay
slurries. Simplified purely viscous formulations are available
that are in good agreement with experimental data (Hartnett
and Kostic, 1989).

The major point to be made here is that viscoelastic solutions
of Carbopol act as purely viscous non-Newtonian fluids, such
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FRICTION FACTOR IN SQUARE DUCT (1X1cm)

f:16/Re"

polymar | wppm n

Separan | 1500 |,
AP-273 1600 |.

Csrbopol | 3000 |.
234

-2

Carbopol | 2500 |.82-.63
860 .

BEO[e ¥IOX+HDOD
©
@
3
8

axig”’ e 1] L . N L
ax10' 10? 103
Re*
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as clay slurries, when flowing turbulently through circular and
noncircular channels.

Laminar Flow of Aqueous Polymer Solutions

Laminar Flow in Circular Tubes. Viscoelastic fluids in fully
established steady state flow through circular tubes behave as
purely viscous fluids, since there is no mechanism for the elastic
nature of the fluid to be manifested. Thus, the simple power
law model gives excellent predictions of the fluid behavior.
Here it is assumed that the shear stress is related to the shear
rate by the power law

7=K¥" @
Then a solution of the momentum equation for the fully es-
tablished velocity profile yields

n+1

u 3+l ry ©)

U n+t

This leads to the following prediction for the fully developed
friction factor:

pUZ—ndn
3n+1\" : ©
K n—1
()
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Metzner and Reed (1955) identified the denominator as a gen-
eralized Reynolds number

, +1\" .
Re =pU2'"d"/<3’;n >1<s" t %)

and noted that

f=16/Re’ @®)

The formulation reduces to the conventional relationship
for Newtonian fluids. Figure 14 presents pressure drop meas-
urements for both aqueous polyacrylamides and aqueous pol-
yethylene oxide solutions taken in three different diameter
tubes (Ng et al., 1980). The experimental data are in good
agreement with the power law predictions.

The fully established velocity distribution resulting from the
solution of the momentum equation can be substituted into
the energy equation and the equation can be solved for either
the constant heat flux or the constant wall temperature bound-
ary condition. Detailed experimental heat transfer results cov-
ering a wide range of power law exponents and thermal
boundary conditions are available and are in agreement with
the power law predictions (Cho and Hartnett, 1982).

On the basis of the available measurements of friction factors
and Nusselt numbers, it can be concluded that viscoelastic
fluids in steady laminar pipe flow behave as purely viscous
non-Newtonian fluids. However, under unsteady flow con-
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ditions (e.g., pulsating flows, entrance region flows, etc.) the
behavior of viscoelastic fluids is expected to deviate from that
of purely viscous fluids since the fluid elasticity can now come
into play.

Laminar Flow in Rectangular Channels. The purely vis-
cous power law model was shown to prédict the pressure drop
and heat transfer behavior of viscoelastic aqueous polymer
solutions in fully established laminar pipe flow. It seems rea-
sonable, as a first approximation, to try the same approach
when dealing with aqueous polymer solutions in fully estab-
lished laminar flow through rectangular channels.

Kozicki et al. (1966) showed that the friction factor for fully
established laminar flow of a power law fluid in a rectangular
channel can be given with good accuracy by the following
relationship:

f=16/Re* )

where Re” is the Kozicki generalized Reynolds number

"
Re* =pU2"”dZ/[8"“1K<b+%> }

Here @ and b are functions of the aspect ratio (Kozicki et
al., 1966). Equations (9) and (10) are valid for other geometries
as well. In the case of the circular tube the values of @ and &
are 0.25 and 0.75, respectively, and Re”* becomes identical with
Re’, and Eq. (6) becomes a special case of the generalized
Kozicki formulation.

Experimental pressure drop measurements have been re-
ported for viscoelastic aqueous polymer solutions in laminar
flow through a square duct (Hartnett et al., 1986), a 2:1 rec-
tangular duct (Hartnett and Kostic, 1985) and a 5:1 rectangular
duct (Bhamidipaty, 1988). Figure 15 presents the square duct
measurements taken under isothermal conditions, and they are
seen to be in excellent agreement with the power law prediction.
Measured friction factors for the 2:1 duct and the 5:1 duct
taken under nonadiabatic conditions show some scatter, but
overall the agreement with the power law prediction is within
+ 10 percent. On the basis of these experimental results it can
be concluded that the fully developed friction factors for the
laminar flow of aqueous polymer solutions in rectangular
channels may be predicted with good accuracy by the power
law model. Furthermore, it is tentatively recommended that
the power law prediction be used to estimate the fully estab-
lished friction factor for the laminar flow of aqueous polymer
solutions through any noncircular geometry, whose cross sec-
tion does not vary in the flow direction.

Turning to the heat transfer behavior of aqueous polymer
solutions flowing through rectangular geometries, the power
law model might appear to offer a reasonable estimate. This
model has been shown to yield acceptable predictions of the
pressure drop and heat transfer for established laminar pipe
flow, as well as reasonable estimates of the pressure drop for
established laminar flow in rectangular channels. The analyt-
ical approach is straightforward and local Nusselt values have
been reported over a range of aspect ratios and power law
exponents for a number of thermal boundary conditions (Hart-
nett and Kostic, 1989). For a fixed aspect ratio and a given
set of thermal boundary conditions, the local Nusselt number
increases by approximately 10 percent from the Newtonian
value as the power law index decreases to 0.5.

Against this background, laminar flow experimental heat
transfer studies have been carried out in a 2:1 rectangular duct
with aqueous solutions of polyacrylamide (Separan AP273) by
Kostic (1984) and Xie (1991) and with aqueous polyacrylic acid
(Carbopol 934) solutions by Xie (1991). The experimental pro-
cedure was validated by measurements with water as the test
fluid with the upper wall being heated and the other three walls
adiabatic. The thermal boundary condition approximated con-

(10)
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stant heat flux axially and constant temperature peripherally.
Free convection effects should be negligible for this case.

Figure 16 presents the measured local Nusselt values for
water and several aqueous polymer solutions. Also shown is
the Newtonian prediction of Wibulswas (1966) for the case
where all four walls are heated, the /H1(4) boundary condition,
with simultaneous development of velocity and temperature
distribution and a Prandtl number of 10. Also, shown for
reference is the limiting Nusselt value when only one of the
longer walls is heated,the H1(1L) boundary condition (Shah
and London, 1978), which is seen to result in lower values of
the heat transfer coefficient as compared to the H1(4) con-
dition. Taking this into account, the measured heat transfer
performance of water is in general agreement with the predicted
values.

If the aqueous polymer solutions behaved as purely viscous
fluids, their local Nusselt values should be approximately 10
percent higher than the values measured for water. In actuality
the measured Nusselt values for both aqueous polymer solu-
tions were three to four times greater than found for water.
The fact that the Carbopol solution, which behaved like a clay
slurry under turbulent flow condition, actually shows higher
Nusselt values than the Separan solution is of special interest.

Experimental results were also obtained for the case where
the lower wall was heated and the other three walls adiabatic
(Fig. 17). As expected, the water results were higher for this
case, as compared to the upper wall heating condition, re-
vealing the effects of free convection. In contrast, the two
aqueous polymer solutions demonstrated about the same be-
havior for the upward heating case as found in the downward
heating configuration.

These experimental results are consistent with earlier pre-
dictions of Green and Rivlin (1956) and Wheeler and Wissler
(1966) that normal stress differences acting on the fluid bound-
ary of viscoelastic fluids in laminar flow through noncircular
geometries give rise to secondary flows. It is hypothesized that
these secondary motions completely overwhelm any free con-
vection effects in the aqueous polymer experiments reported
here. Furthermore, since it is predicted that the secondary flows
increase with fluid elasticity, it appears that the aqueous Car-
bopol solution is more elastic than the Separan solution. Other
investigators (for example, Kostic, 1991) suggest that the in-
creased heat transfer may be associated with the combination
of a weakly elastic fluid and flow-induced anisotropic behav-
ior. Finally, it should be noted that in spite of the presence of
secondary flows, the fully established friction factor for lam-
inar flow through noncircular channels can be predicted with
good accuracy by the purely viscous power law relationship.

Concluding Remarks

Although a reasonable estimate of the pressure drop and
heat transfer may be made for some aqueous polymer solutions
under certain conditions, the behavior of these fluids is in
general not well understood. For example, we cannot explain
why viscoelastic aqueous Carbopol solutions under turbulent
flow conditions behave like purely viscous clay slurries and
not like other aqueous polymer solutions. In contrast, under
laminar flow conditions such Carbopol solutions show vis-
coelastic behavior. This observation brings out the following
experimental and analytical research challenges:

e. Characterization of viscoelastic fluids: What basic rheo-
logical properties need to be measured in order to be able
to predict pressure drop and heat transfer?

¢ Development of new instrumentation and new techniques
to measure basic rheological properties (e.g., the first and
second normal stress differences and the extensional vis-
cosity for low and moderate polymer concentrations).

e Formulation of analytical models that are simple enough
to predict laminar flow heat transfer performance but
sufficiently complex to capture the physics.
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e Measurements of the velocity distribution for laminar flow
in noncircular channels.

One interesting question that remains unanswered is whether
a purely viscous non-Newtonian fluid exists. It has been dem-
onstrated that a viscoelastic fluid behaves like a purely viscous
fluid under fully established laminar pipe flow conditions and
accordingly the purely viscous fluid model is useful as a pre-
dictive tool. Nevertheless, to the author’s knowledge, rheo-
logical measurements of the phase shift between the shear strain
input and the shear stress output show all of the non-Newtonian
fluids studied to date to-be viscoelastic. If a purely viscous
non-Newtonian fluid can be identified, it would be interesting
to show that there are no secondary flows associated with the
fully established laminar flow of such fluids through noncir-
cular channels.

Clearly, there are many interesting and important research
opportunities associated with this important class of visco-
elastic fluids.
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Conducting Particle With Internal
Radiant Absorption

The objective of the present work is to analyze rigorously the transient heat transfer
of an irradiated particle by treating the radiant absorption on a local basis. A new
conduction-to-radiation parameter is introduced to characterize the relative impor-
tance of heat transfer by conduction as compared with that by radiation. The study
on the transient temperature field as a function of conduction-to-radiation parameter
establishes a criterion identifying the circumstances where heat transfer by radiation

is so predominant that conduction is negligible. The current effort is also directed
at developing a convenient method for predicting the transient local maximum
temperature and explosion time delay of an intensely irradiated liquid droplet.

Introduction

Since the spatial distribution of radiant absorption within
an irradiated particle can be highly nonuniform, the temper-
ature may rise unevenly, generating a thermal gradient and,
thereby, heat transport phenomena. The assumption of uni-
form volume absorption or boundary absorption is no longer
an appropriate method to account for radiation interaction
with small particles. Homogeneous volume absorption exists
only when the size-to-wavelength parameter is smaller than
one, while boundary absorption occurs only when the param-
eter is large. It is the objective of the present work to analyze
rigorously the heat transfer in a conducting particle with in-
ternal radiant absorption. Unlike the conventional method,
the current one treats radiative absorption on a local basis,
rather than global interaction. The central theory applied here
is the classical electrodynamics of Maxwell’s equations from
which the local distribution of radiant absorption within a
particle is obtained.

Previous work concerning heat transfer in an irradiated par-
ticle often neglected the thermal diffusion term in its analysis
(Pendleton, 1985; Chitanvis, 1987). Park and Armstrong (1989)
present slow and fast heating regimes for the heating of an
irradiated droplet by carrying out a one-dimensional analysis.
In their slow heating regime, the quasi-steady-state approxi-
mation was adopted; in the fast heating regime, the energy
loss through conduction to the ambient gas was neglected.
There was, however, neither any criterion nor justification
provided as to when the conduction term in the energy equation
was negligible. A new conduction-to-radiation parameter is
introduced in the present study, and its effect on the heat
transfer behavior of an irradiated particle is investigated. This
nondimensional radiation parameter is useful to characterize
the relative importance of energy transfer by conduction as
compared with that by radiation. The transient temperature
field as a function of conduction-to-radiation parameter is
studied, particularly, to establish a criterion that identifies the
circumstances where heat transfer by thermal radiation is so
predominant that thermal diffusion is negligible. The current
effort is also directed at predicting the local maximum tem-
perature and explosion time delay of an intensely irradiated
liquid droplet by the approximate relations presented here.
The local maximum temperature and explosion time of a water
droplet obtained from the approximate relations are compared
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with previous analytical results (Prishivalko and Leiko, 1980;
Prishivalko, 1983). The transient temperature distribution in
a 20-um-radius water droplet irradiated by a CO, laser is cal-
culated, and is qualitatively compared with the experimental
observations of Kafalas and Ferdinand (1973).

Analysis

The present analysis focuses on the transient temperature
distribution induced by electromagnetic heating. When an in-
frared electromagnetic wave penetrates a particle, its energy
is locally absorbed and dissipated as heat within the medium.
As a result, the temperature of the irradiated particle rises.
The current work numerically solves the transient energy equa-
tion with electromagnetic heating as the source term to deter-
mine the temperature distribution of an irradiated particle.
Both the thermal diffusion and volumetric radiation heat source
terms are considered in the energy equation to account for the
heat transport for such a system. The internal distribution of
absorbed radiant energy is obtained from the solution of Max-
well’s equations (Bohren and Huffman, 1983; Tuntomo et al.,
1991). A homogeneous spherical particle irradiated by an un-
polarized, uniform, monochromatic plane wave is assumed to
simplify the analysis.

Assumptions. The following assumptions are made for the
theoretical study of the heat transfer phenomena in a small
particle, irradiated by an unpolarized monochromatic plane
wave:

1 The temperature field is axisymmetric, only radial and
azimuthal dependent.

2 Thermophysical properties and complex refractive index
of the particle are constant with respect to temperature vari-
ation.

3 Evaporation is neglected in the case of a liquid droplet.

4 Heat transfer inside the droplet is considered to be purely
conductive.

Assumption (1) is valid only when an unpolarized electro-
magnetic wave is considered. The reason is that the spatial
distribution of absorbed radiant energy in a sphere, engendered
by unpolarized electromagnetic wave, is axisymmetric. The
validity of assumption (2) has been verified in previous work
(Prishivalko and Leiko, 1980). It is reported that, for an ir-
radiated water droplet, the explosion times obtained with con-
stant properties agree within 3 percent of tolerance with those
determined with temperature-dependent properties. Thus, a
constant properties assumption is considered to be accurate
enough for describing the heat transport process. Assumption
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(3) is appropriate because the nonstationary thermal process
in this problem is too fast to allow a substantial amount of
liquid to be evaporated from the droplet before micro-explo-
sion occurs. As observed in a previous study (Prishivalko and
Leiko, 1980), the time needed for an intensely irradiated drop-
let to reach explosive boiling condition is so short that the
radius of the droplet alters by not more than 8 percent before
the onset of explosion. Since the droplet is extremely tiny, the
Rayleigh number, which is a function of the cube of the char-
acteristic -length, is very small in this problem. As stated in
assumption (4), free interhal convection caused by buoyancy
effect is, therefore, neglected.

Formulation. The governing equation for the temperature
field in a particle with internal radiant absorption is obtained
from the conservation of energy. Subject to the stated as-
sumptions, the transient energy equation in two-dimensional
spherical coordinates with thermal diffusion and volumetric
radiation heat source term can be written as

aT 19 (,8T
PCr 5t _K[rz or (r 6r>
1 a (. _oT
7 sin0 a6 <Sm 6 ao)} ton 6 M
where T'is temperature, f time, p mass density, ¢, specific heat,

and K thermal conductivity. The internal distribution of ab-
sorbed radiant energy, Q, is expressed as )

4mwnkl,
o, ) ==
where I, is the intensity of incident radiation, A is the wave-
length, n and k are respectively the real and imaginary parts
of the complex refractive index. The spatial function, S, de-

notes the normalized source function and is defined as
2

S(r, 0) @

S(r, O)= | €)

o

where E is internal electric field and E, is the amplitude of
incident wave. The absorbed energy distribution, Q, is deter-
mined from the solution of Maxwell’s equations. The detail
of computing Q has been discussed in previous work (Tuntomo
et al., 1990). By substituting Eq. (2) into Eq. (1), the governing
equation for the temperature field of an irradiated sphere be-
comes

aT 14 , 0T
P at _K|:r2 ar (r (')r)
4wnkl,

1 d aT
———— — {sin 6 — — S 4
T sin 6 00 (Sm f ao)J Ty @
The resulting governing equation has to satisfy the following
initial and boundary conditions:

Initial Condition

(r, 0, t=0)=T, (5a)
Boundary Conditions at t>0 '

IT(r=0,0, t)l <o (5b)
oT
—(r=a, 6, t)=0 (5¢)
or

aT ) aT

—ég(r,ﬁ—o, t)_30 (r,0=m,1)=0 (5d)

Note that in Eq. (5¢), an adiabatic boundary condition is
imposed at the surface of the particle. In reality, the particle
does lose heat at its surface via convection and radiation. The
maximum possible flux of both convection, given by /(T — T),
and emitted radiation, given by 6T, is, however, much smaller
than the incident radiative flux, where 4 denotes heat transfer
coefficient, T,, ambient temperature, and o Stefan-Boltzmann
constant. Thus, an adiabatic boundary condition is appropri-
ate.

Nondimensionalization. A set of appropriate nondimen-
sional variables defined for simplifying the analysis is listed
below:

A P

T.~T,’ a’ t

where 7™ is nondimensional temperature, r* radius, and ¢*
time. The characteristic temperature, 7., is assigned to be the
maximum possible temperature of a material before the onset
of phase transition. For a solid, the characteristic temperature
is the one at the melting point. For liquid, it is the spinodal
temperature. In the case of a water droplet, the characteristic
temperature is set to 578 K, which is the maximum superheat
temperature of water at 1 atm. The attainment of a temperature
of 578 K is commonly adopted by previous investigators (Pri-
shivalko, 1980; Pendleton, 1985) as a criterion to characterize
the onset of micro-explosion in water droplet. It has also been
shown that observed delays in laser-induced explosion of water
droplets could be explained by homogeneous nucleation of
vapor caused by superheating (Park et al., 1990). The physical
radius is chosen as the reference length scale in the nondi-
mensionalization of independent variable. The time, ¢, is the
characteristic time scale of radiation absorption and is defined
as

™ ©)

_ PC,RAT
" 2nkxI,

where x is the size-to-wavelength parameter, and AT is given
by

Y

AT=T.-T, ®)

Substituting the nondimensional variables listed in Eq. (6)
into the energy Eq. (4) and the initial and boundary conditions
(5a-d) gives

Nomenclature
» = characteristic temperature
a = sphere radius Q = internal distribution of radiant 7, = local maximum temperature
¢, = specific heat absorption T, = initial temperature
E = internal electric field vector r = radial coordinate x = size parameter = 2mwa/\
E, = incident electric field amplitude S = normalized source function « = thermal diffusivity
I, = intensity of incidence radiation = Spax = local maximum radiant absorp- N = wavelength
k = extinction coefficient tion 6 = polar coordinate
K = thermal conductivity t = time p = mass density
n = real refractive index f, = characteristic time scale .
N = conduction-to-radiation param- f, = explosion time delay Superscripts
eter T = temperature * = nondimensional variables
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stant N at 1*=0.04

: 9 <sin 0 6—7—>] +S(r*, 0 (9)

% 5in 0 00

a0
T*(r*, 0, 1*)=0 (10a)
I T*(r*=0, 0, t*)| <o (10b)
aT*

e (r*=1,0,t%=0 (10c)

aT* o 0T
b= = =, t*)=0 10d
ao(r,e 0, %) ae(r,97r ) (10d)
where N is the conduction-to-radiation parameter defined as

KAT

= 11
N 2nkaxl, an

This dimensionless parameter is a qualitative ratio of the con-
ductive-to-radiative heat fluxes.

Numerical Scheme. The analytical solution to the above
equations is not feasible due to the highly complicated radiation
heat source term. A fully implicit numerical method is, there-
fore, employed to determine the transient temperature distri-
bution of an irradiated particle. The system of Egs. (9), (10a-
d) is discretized by the implicit finite-difference scheme. The
second-order centered difference is utilized for the discreti-
zation of the spatial derivatives in the diffusion terms, while
the first-order finite difference is used for that of the time
derivative. Since the temperature gradients in some of the
conditions are expected to be large near the surface of the
particle, a very fine grid spacing near the surface is required
for the accuracy of the results. Therefore, a variable spacing
grid system is adopted in radial direction. The grid spacing in
angular direction remains uniform. The alternate direction
predictor corrector method, which provides unconditional sta-
bility (Patnaik, 1986; Chiang et al., 1989), is applied for solving
the resulting discretized equations.

Results and Discussion
The temperature fields determined from Eq. (9) are pre-
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sented here in a three-dimensional form to demonstrate clearly
their spatial variation. The effect of the size parameter on the
spatial variation of temperature distribution is illustrated in
Fig. 1. Lying on the x-y plane is the cross section of a spherical
particle, where the irradiation traverses from left to right in
the positive x direction. The magnitude of the dimensionless
temperature, T*, is shown by the scale along the vertical axis.
The temperature fields of four irradiated particles, which have
the same complex refractive index, 1.5+ 0.1/, but different
diameters, are plotted. The size parameters, x, of the particles
range from 1 to 100; while the conduction-to-radiation pa-
rameter is fixed at 0.001. It can be discerned from Fig. 1 that
the temperature distribution for x=1 is fairly uniform. How-
ever, as the size parameter increases, the temperature field
becomes highly uneven. The distribution has a very sharp peak
at the back side of the particle, as shown for the case of x=10.
This precipitous increase of temperature gradient at the back
side is due to the focusing effect, where the curved surface of
the particle acts like a convex lens and concentrates the elec-
tromagnetic waves at the focal point. As the size parameter
increases further, the skin absorption becomes predominant;
and hence, the temperature distribution shows a maximum at
the illuminated surface, as depicted for the cases of x=50 and
100. It should be noted that the temperature fields plotted in
this figure for various size parameters are coherent with the
internal distributions of radiant absorption presented in the
previous work (Tuntomo et al, 1991).

The conduction-to-radiation parameter, N, introduced in
this study characterizes the importance of heat transfer by
thermal conduction in relation to that by radiation. The phys-
ical significance of this number is better envisioned if it is
rearranged in the form

_KAT/a Conductive flux
T 2nkxI,  Radiative flux

(12)

The large value of N corresponds to the conduction-dominating
case, and the small value to the radiation-dominating case.
This number is generally more fundamental than the conven-
tional one (Ozisik, 1973). This new dimensionless number in-
volves both #n and k, the fundamental optical properties of a
material, in the denominator, which corresponds to the ra-
diative flux; whereas the conventional one has only » in the
denominator. The conventional conduction-to-radiation pa-
rameter has the temperature in the numerator and the one in
the denominator canceling each other out. Strictly speaking,
the characteristic temperature in the numerator, which cor-
responds to the conductive flux, should not be canceled out
with the one in the denominator, since they are not comparable.
The characteristic temperature in the numerator is a value to
indicate the temperature gradient, which induces thermal dif-
fusion, while the one in the denominator is a number to quan-
tify the radiative flux. The current one, however, considers
the maximum possible temperature between two points in the
medium as the characteristic temperature in the numerator.
This practice is more appropriate since heat transfer by con-
duction is governed by temperature gradient.

The effect of the conduction-to-radiation parameter on the
heat transfer phenomena of an irradiated microscale particle
is presented in Fig. 2. The volumetric radiation heat source
terms for all the cases in the plots are identical, since both the
complex refractive indices and size parameters of all the cases
are fixed at 1.5+0.01/ and 10, respectively. These specific
values of m and x are chosen for the computation because they
provide a very typical distribution of internal radiant absorp-
tion. This typical distribution has a very strong, sharp peak
at the back side of the particle, and thus creates an extremely
large energy gradient. In the figure, the temperature distri-
butions at the same nondimensional time, ¢* = 0.03, are plotted
for various N. The plot with N=0.0illustrates the temperature

Transactions of the ASME

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



m=15+001i

Ll - m=

@ x=10 @ X =

=] = -

@ @ N=

(=] [~
LS .

=) 1

o~ o

=] o

e o.

- R =)

- =" 05 0 05

- m=15+001i < m=154+001i
ao,] x=10 g

o — —_

© =01 4

] 2o

< X @

2 =t

o Lo

o =

Q. o.

<=, =

g«“g 4

—
=77 95 0 05
- m=15+001i
@ x=10
e N=100
2o
X<
o
Ko
o
o.
=
—_— =

i

i

06 1

.05 0

Fig.2 Temperature distribution for various conduction-to-radiation pa-
rameters and constant x at {* =0.03

field obtained with the conduction term neglected. It can be
seen that the temperature distribution for N=0.01 is almost
identical to that for N=0.0. The reason is that, at such a low
value of N, the rate of heat transfer by thermal radiation is
so large that thermal diffusion becomes negligible. The im-
portance of thermal diffusion, however, becomes comparable
to that of radiation as N increases. The energy at the local
maximum diffuses out and the peak turns smoother, as shown
in the cases for N=0.1 and N=1. As Nincreases further, heat
transfer by conduction becomes predominant. The uniform
temperature field observed in the case for N=100 is due to
the fact that the energy absorbed unevenly within the particle
can be rapidly and evenly distributed throughout the medium
by thermal diffusion. The transient temperature field at N= 100
can be evaluated by the lump capacitance approximation if ¢
is larger than the thermal diffusion characteristic time, given
by a*/«, where « is thermal diffusivity, since heat transfer by
conduction is so efficient at such values of N, as compared
with that by radiation. ,

The local maximum temperatures, Tk,,, of an irradiated
particle with various conduction-to-radiation parameters, are
presented in Fig. 3 as a function of time. The local maximum
temperatures for N ranging from 0.0001 to 100 are compared
with the one for N=0 in the figure. It is demonstrated that
the agreement between the local maximum temperatures for
N=0.01, and that for N=0 is within 10 percent of tolerance.
The discrepancy between them, however, increases dramati-
cally as N is increased. Based on the results shown in Figs. 2
and 3, it can be concluded that heat transfer by thermal dif-
fusion can be neglected when the conduction-to-radiation pa-
rameter is smaller than 0.01. '

The energy equation for the case of N<0.01 can, therefore,
be simplified as follows:
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Fig. 4 Transient local maximum temperature of a 15-um-radius water
droplet irradiated by a CO, laser with an intensity of 10° Wicm?
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Since the volumetric radiation heat source term is not a func-
tion of time, the transient temperature distribution can easily
be determined by integrating Eq. (13) with respect to time. The
resulting equation is written as

T*(r*, 8, t*)y=S(r*, O)Ar* (14)

The local maximum temperature as a function of time can also
be obtained from Eq. (14) by substituting S(r*, 8) for the local
maximum radiant absorption, Spay. The solution of Maxwell’s
equation has to be utilized for computing the value of Sp,,.

The local maximum temperature of a water droplet irradi-
ated by a CO, laser with an intensity of 10° W/cm? has been
determined from Eq. (14). The result is given in Fig. 4, and
is compared with that of Prishivalko (1983), which is obtained
by numerically solving the energy equation with conduction
and volumetric radiation heat source terms included. The
agreement between the two results is excellent. The radius of
the droplet is 15 um, and the complex refractive index of water
at 10.6 um is 1.18 + 0.07i. Hence, the conduction-to-radiation
parameter in this case is 0.009. The local maximum temperature
obtained from Eq. (14) for such a small value of Nis, therefore,
expected to be accurate, as confirmed by the figure.

In addition, if the intensity of an incidence beam is large,
the time needed for micro-explosion to occur can be approx-

=8(r*, 0) 13)

‘imated by

L

P Smax
where t%,, denotes dimensionless explosion time delay. This
formula is obtained by rearranging Eq. (14) and substituting
Smax for S(r*, 6). The dimensionless temperature, 7*, is set to
1, since the onset of micro-explosion is assumed to happen
when the temperature of the hottest spot within the droplet
reaches the maximum superheat temperature of the liquid.

(15)

MAY 1992, Vol. 114 | 307

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Table 1 Water droplet explosion time delay obtained from (a) the ap-
proximate relation, Eq. (15), and (b) Prishivalko and Leiko (1980)

Radius (pm) |71 (W/cmz) texpl | (1S)
a b.
10 | 18.68 | 37.74
15 5x10% 26.02 | 38.25
25" 26.52 | 37.76
10 1.86 | 2.31
15 5x10° 2.60 | 2.91
25 2.66 | 2.73
10 0.93 | 0.97
15 1x10° 130 | 139
25 133 | 132

Equation (15) has been applied to determine the explosion time
delay of a water droplet irradiated by a CO, laser. The explo-
sion times computed from the approximate equation and those
determined by Prishivalko and Leiko (1980) are presented in
Table 1 for various droplet radii and incident radiant inten-
sities. One can see that the results from the approximate method
agree well with those from Prishivalko and Leiko (1980) at
high intensity, The agreement becomes worse as the radiant
intensity is decreased. The explosion times predicted by Eq.
(15) for the cases of I,=5x 10* W/cm? are much shorter than
those from the previous investigators. The conduction-to-ra-
diation parameters in these cases are not less than 0.01, and
hence, heat transfer by conduction should not be neglected.
The large discrepancies at low intensity are, thus, attributed
to the omission of thermal diffusion in the approximate for-
mula. A large value of N, as in the case of [,=5x 10* W/cm?,
results in a more rapid diffusion of the energy at the maximum
temperature within the droplet and, thereby, in an increase in
the time needed to attain the superheat temperature.

The temperature fields of two identical water droplets ir-
radiated with different radiant intensities are plotted in Figs.
5 and 6 at various times. The intensities a_Pplied on the droplets
in Figs. 5 and 6 are 10" W/m? and 10’ W/m?, respectively.
The magnitude of the temperature fields in both figures in-
creases as time proceeds. The shapes of the distributions in
the case of I,=10" W/m? remains unchanged with time,
whereas those in the case of I,= 10" W/m? keeps varying with
time and eventually becomes flat at £* = 1. This phenomenon
can be explained by the use of the conduction-to-radiation
parameter. For high radiant intensity, the value of N is small,
and thus, the heat transfer mechanism is dominated by radia-
tion. The transient temperature field due to strong irradiation
responds in a manner according to Eq. (14). For low radiant
intensity, the value of N is large, and thus, thermal diffusion
is the dominating heat transfer mechanism. Under this con-
dition, the diffusion mechanism is able uniformly and effi-
ciently to distribute the energy within the medium, whenever
there is absorbed radiant energy locally concentrated at a spot
in the droplet.

The three-dimensional temperature fields plotted in Fig. 5
are also compared to the pattern of explosive vaporization of
a water droplet shown in the photographs taken experimentally
by Kafalas and Ferdinand (1973). The photographs illustrate
the onset of the explosion of a 20-um-radius droplet being
radiated by a 10.6-um laser pulse. By observing the explosion
pattern, it can be inferred that the illuminated surface of the
droplet has higher temperature than the rest of the volume
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Fig.5 Transient temperature distribution of a 20-um-radius water drop-
let irradiated by a CO, laser with an intensity of 10" W/m?
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Fig.6 Transient temperature distribution of a 20-um-radius water drop-
let irradiated by a CO, laser with an intensity of 107 W/m?

(Kafalas and Ferdinand, 1975; Pendleton, 1985). This exper-
imentally observed energy distribution agrees well with the
theoretical results presented in Fig. 5.

Conclusions

The transient energy equation, which includes conduction
and volumetric radiation heat source terms, is solved numer-
ically to obtain the temperature distribution of an irradiated
particle. The solution from electromagnetic theory is applied
to determine the internal distribution of absorbed radiant en-
ergy. The effect of size parameter on temperature distribution
is examined. The shapes of the distributions for various size
parameters and at a low value of conduction-to-radiation pa-
rameter are found coinciding with the patterns of the internal
radiant absorption distributions presented in the previous work
(Tuntomo et al., 1991).
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The conduction-to-radiation parameter, N, introduced here
characterizes the relative importance of conduction with re-
spect to radiation. A criterion that identifies the circumstances
where conduction is negligible as compared with radiation is
established by studying the transient thermal behavior of the
particle as a function of conduction-to-radiation parameter.
It is observed from the results that the thermal diffusion term
can be neglected from the energy equation without incurring
too much error only when the value of the parameter is less
than0.01. Theerrorin computing the temperature distribution,
induced by omitting the conduction term, is less than 10 percent
in the cases considered here for N<0.01. It is also observed
that when N=100 and ¢>a%/«, the lump capacitance ap-
proximation can be applied to calculate the transient temper-
ature of an irradiated particle.

Simple approximate methods, Eqs. (14) and (15), for pre-
dicting the local maximum temperature and explosion time
delay of an intensely illuminated droplet are presented. Special
emphasis is laid on a water droplet irradiated by a CO, laser.
The local maximum temperature and explosion time deter-
mined from the approximate relations for such a system are
compared with the numerical results reported in previous work
(Prishivalko and Leiko, 1980; Prishivalko, 1983). The com-
parisons show that these approximate relations can accurately
predict the local maximum temperature and explosion time of
an irradiated droplet, if the conduction-to-radiation parameter
of the system is less than 0.01.

Journal of Heat Transfer
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Thermal Resonance Under
Frequency Excitations

The resonance phenomenon of thermal waves is studied in this work. Under the
excitation of a body heat source oscillating at a certain frequency, both the tem-
perature and the heat flux waves are found excitable to resonance. The physical
conditions necessary for this unusual behavior to occur are obtained in terms of the
resonance amplitude and the modal frequency. It has been shown that thermal
resonance is a high-mode phenomenon. Only the wave modes with a modal frequency
exceeding a critical value of 0.6436f, with f being the critical frequency of the solid
medium, may present resonance. This unique behavior is attributed to the partition
of the over- and underdamped waves oscillating in time. The critical mode numbers
governing (i) the transition from an over- to an underdamped mode, and (ii) the
occurrence of thermal resonance phenomenon, are derived analytically. A length
parameter, the relaxation distance extended from the concept of relaxation time, is
found to dominate these critical mode numbers. Last, the thermal wave speed is
related to the resonance frequency, which provides an alternative approach to de-

termining the thermal wave speed in solids.

Introduction

The merit of the wave model, in contrast to the classical
diffusion theory, lies in its unique way of describing a thermal
signal propagating in solids with a finite wave speed. The finite
wave speed has intrinsic influences on the mechanisms of heat
transfer. Mathematically, it renders an energy equation hy-
perbolic in nature. While the thermal wave speed resides in
the wave term, the thermal diffusivity plays a role of damping
in the thermal wave propagation. The weighted effect between
the two is defined as the relaxation time (Chester, 1963) in the
wave theory. Under this frame, the classical diffusion theory
is a special case of immediate response and the relaxation time
is zero. The so-called hyperbolic theory of heat conduction
(Baumeister and Hamill, 1969; Taitel, 1972; Wiggert, 1977;
Vick and Ozisik, 1983, Ozisik and Vick, 1984; Frankel et al.,
1987) studies the relaxation behavior in the history of thermal
wave propagation. For both temperature and flux waves, a
general feature is that a sharp wavefront exists when pene-
trating through a solid medium. In addition, for problems
involving a fast-moving heat source (Tzou, 1989a, 1989b) or
a rapidly propagating crack tip (Tzou, 1990a, 1990b), the ther-
mal shock formation is a physical phenomenon pertinent to
the wave theory. The mechanisms involved are much more
than a simple switch from a parabolic to a hyperbolic equation.
A detailed survey categorizing past research according to their
different emphases is provided in a recent annual review article
by Tzou (1991a).

From a physical point of view, the thermal wave model
possesses a path-dependency behavior, which cannot be de-
picted by the diffusion theory. This important characteristic
can be illustrated as follows. According to the constitutive
relation in the thermal wave model,

qr, t+7)=—-kVv I, ?), 03]

a phase lag 7 (or called the relaxation time) exists between the
heat flux and the temperature gradient in the time history. The
temperature gradient established in a material volume at time
t results in a heat flux that occurred at a lafer time ¢+ 7 due
to the insufficient time of response. For combining with the
energy equation, however, all the physical quantities involved
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must be at the same instant of time. The Taylor’s series ex-
pansion is thus applied to the heat flux q in Eq. (1) to give

q(r, 1)+ qr, HT+q.(r, H7*/2!
e = kYT D). Q)

In the /inearized thermal wave theory, the phase lag 7 is as-
sumed small and the higher order terms in Eq. (2) are neglected.
By retaining only the first-order term in 7, the constitutive Eq.
(2) becomes

q(r, H+71q(r, )= —kVTI(r, ?). 3)

An explicit expression for q in relation to v 7 results from a
direct integration:
k !
qlr, = ——_exp(—1/7) S exp({/V I, HdE, (4
0
which yields the following algebraic form by the mean value
theorem:

q(r, )= —];( exp(—t/7) [exp(I'/7) vV T(r, T)]

for T'e[0, 7]. (5)

The value of I" depends on the entire history of the function
[exp(I'/7) v T(r, T")] from O to ¢. Equation (5), consequently,
indicates that the heat flux at time ¢ depends on the entire
history of the temperature gradient established from 0 to t.
This observation, in essence, is parallel to the model of fading
memory proposed by Gurtin and Pipkin (1968). Such a path
dependency in heat conduction, obviously, cannot be described
by a diffusion behavior assuming an immediate response be-
tween the heat flux and the temperature gradient. Note that
the response becomes immediate only if the speed of heat
propagation (C) approaches infinity. This is an implicit as-
sumption made in the classical diffusion model.

In practice, there exist some situations where the wave nature
in heat conduction dominates over the diffusion behavior. In
the early stage of an abrupt boundary heating (Vick and Ozisik,
1983; Ouzisik and Vick, 1984), for example, discontinuities in
both temperature and flux have been demonstrated for tem-
perature ripples propagating in one-dimensional solids. In mul-
tidimensional media, accumulation of thermal energy in a
preferential direction around a fast-moving heat source (Tzou,
1989a, 1989b) and a rapidly propagating crack tip (Tzou, 1990a,
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1990b) results in the formation of thermal shock waves. The
shock structure evolves from a flat to a quasi-hyperboloidal
surface when additional constraints are imposed in the direc-
tion perpendicular to the plane containing the moving origin
(Tzou, 1990c). Especially in a process involving material dam-
age, moreover, the thermal cracks can be initiated in a time
interval much shorter than that required for the diffusion be-
havior to be retrieved. Consequently, the wave nature in heat
conduction must be considered in the analysis. Significant de-
viations in.the orientations of crack initiations from the dif-
fusion theory, for example, have been demonstrated by Tzou
(1989c), who presents a completely different fracture pattern
from that predicted by a diffusion behavior. The other char-
acteristics of thermal waves, such as the restrictions from the
causality condition in the special theory of relativity (Kelley,
1968; Van Kampen, 1970) and the kinetic theory of molecular
collisions (Bubnov, 1976; Berkovsky and Bashtovoi, 1977;
Cheng, 1989), have been included as an entirety in the annual
review article by Tzou (1991a) and will not be repeated here.

The success of the thermal wave model lies in the deter-
mination of the thermal wave speed in solids. It is an intrinsic
thermodynamic property of the solid medium but, unfortu-
nately, it has not been well established for engineering materials
yet. In addition to the early work involving liquid helium by
Peshkov (1944), a recent work by Kaminski (1990) reported
the thermal wave speed and the relaxation time for media with
nonhomogeneous inner structures. The thermocouples were
used to detect the arrival of thermal signals. This is possible
because the thermal wave speeds are in the range of millimeters
per second (mm/s) for the media under considerations. In
promoting the thermal wave theory to the level of engineering
applications, however, a method capable of detecting the ther-
mal wave speed in general is necessary. Especially for metals
under normal conditions, the thermal wave speed is approx-
imately on the order of 10% to 10° m/s. The thermocouples
may not be applicable for these media with multicrystalline
structures because the thermal signal may arrive much faster
than that required for an effective response.

Various ways for detecting the thermal wave speed in metals
have been sought during the development of the thermal shock
phenomena. For crack trajectory emanating from the heat
source, for example, Tzou (1989b) made an attempt to correlate
the crack initiation angle to the thermal wave speed. The com-
plication of this approach, however, lies in the further de-
pendence on the fracture criteria predicting the orientations
of crack extension. Alternatively, the present work proposes
a frequency approach emphasizing the response of thermal
waves to external excitations. Through the flux formulation,
first, the thermal resonance phenomena will be demonstrated
analytically. The overdamped and the underdamped modes
will then be separated to determine the excitable modes. At
this stage, the thermal resonance will be shown to be a high-
mode phenomenon. Second, the resonance frequency of the
thermal wave will be related to the thermal wave speed. Based

on the resonance frequency measured in the future experiment,
the thermal wave speed can then be computed analytically.

The Flux Formulation
When combining Eq. (3) with the energy equation
-V -q+8=pC,T,, 6)
the result may either have a temperature (7) or heat flux (q)

representation. The T representation is obtained by eliminating
q from the two equations:

a VAT +(1/pC)IS + (/CIHS) = (/CO T, + T}, %)

with 7 being replaced by a/C? (Chester, 1963). The q repre-
sentation, on the other hand, is obtained by eliminating 7

a( VIV ql- VS}=(/C)qu+a, @®

which has the same mathematical structure in time as Eq. (7).
The use of the T or q representation depends on the boundary
conditions. For problems involving temperature-specified
boundary conditions, obviously, the T representation is more
preferable. For problems involving flux-specified boundary
conditions, on the other hand, the q representation is more
convenient to use for avoiding the complex inversion from Eq.
(4). This feature was first indicated by Frankel et al. (1985)
and further demonstrated by Tzou (1989a, 1990a). In both
formulations, note that an apparent heat source term, (a/ C%)S,
in Eq. (7) and v Sin Eq. (8), exists due to the effect of finite
wave speed.

Because thermal resonance is an aggravated response in time,
consideration of a one-dimensional problem is sufficient. As
an example, the boundary conditions at the two ends of the
solid (x = 0 and L) will be assumed insulated to simulate a
situation in the laboratory. It will be seen, however, that the
approach adopted here is sufficiently general to cover other
situations with different boundary conditions. The insulated
boundary conditions involve heat fluxes, which necessitate
consideration of the q representation. In a one-dimensional
situation, Eq. (8) degenerates into the following form:

Gex=(1/C)gy + (1/0)gq, + 7 S(x, 0), ©)
which is to be solved under the boundary conditions:

q(0, n=q(L, )=0. (10)

The Resonance Phenomenon

For a body heat source oscillating at a frequency  in time,
the heat source function S(x, f) can be expressed as

S(x, 1)=Q exp(itr)g(x) an
with Q being the strength of the applied heat source and g(x)
describing the nonhomogeneous distribution along the x di-

rection. Combining Egs. (9) and (11), the energy equation
becomes

Nomenclature
Q = intensity of the specific heat p = mass density, kg m™>
C = thermal wave speed, m s~ ! source, W m > 7 = relaxation time, s
C, = heat capacity, kJ kg ' K! S = heat source per unit volume, w, = modal frequency of the tem-
f = critical frequency, s~ Wm™? perature wave, s~
k = thermal conductivity, W m~' t = physical time, s . .
K-} x = physical dimension, m Superscripts and Subscripts
L = length of the one-dimensional a = thermal diffusivity, m% ™' X, = the physical quantity X of the
solid, m ¢» = damping rate defined as iy, nth mode in oscillation
n = mode number of temperature for overdamped modes, s X, y = differentiations to X with re-
© waves 1. = damping rate for under- i spect to x
g = heat flux vector, W m ™2 damped waves, s~ ! X* = dimensionless quantity of X
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Go=(1/CYgu+ (1/a)g+ Q exp(i@NG(), (12)

where the derivative of g(x), dg(x)/dx, is represented by another
function of G(x). The purpose, then, is to find specific values
of Q (the excitation frequency) at which the amplitude of the
heat flux wave is amplified.

Bearing the time response in mind, the heat flux wave is
expressed in terms of its modal representation:

qlx, =D A(B)bulx)

n=1

(13)

with A,(f) being the time-dependent amplitude of the thermal
wave. In principle, any orthogonal set of eigenfunctions ¢,(x)
in the physical domain from x = 0 to L can be used for the
purpose of expansion. In relation to the undamped thermal
waves, however, the ¢, functions satisfying the wave equation:

q,wc=(1/cz)4rt (14)

will be selected. In other words, the damping effect from the
thermal diffusivity, refer to Eq. (12), is omitted in constructing
the eigenfunctions. Equation (14) allows a harmonic solution
in time

qlx, = ¢u(x) explicyd). (15)
n=1
Substituting Eq. (15) into Eq. (14) then yields
d)n, x= (wn/C)2¢n (16)

which, along with the boundary condition (10), determines the
eigenfunctions of ¢,(x):

¢,(x) =sin{w,x/C) with w,=nxC/L
and n=1, 2, 3, ... 7

The time-varying amplitude A,(¢) of the heat-flux wave can
be determined by combining Eqs. (12) and (13). This results
in

(1/CYA, ut+(1/)hy, + (/O Ay = (18)

where D, are the Fourier coefficients of the function G(x):

, €tc.

—QD,, exp(i{lt),

D,= S: GO0/ S: #i00dx (19
With the eigenfunctions shown by Eq. (17), for instance,
D,=2/L) S: G(x) sin(nwx/L)dx
for n=1, 2, 3,...,etc. (20)

In response to the harmonic excitation exp(iQf) of the heat
source, an admissible form for the amplitude function A,(?) is

A, (0) = A, exp(iQr). (21)

By substituting Eq. (21) into Eq. (18), the complex amplitude
A, is thus obtained:
1

An= = 0D T i)y

The heat flux wave under the frequency excitation is then
completely determined by combining Eqs. (13), (21), and (22).

In reality, however, measurement on the temperature re-
sponse is much easier than that on the heat flux. For this
purpose, the temperature response can be obtained directly
from Eq. (3). Under the same frequency excitation, assume
the following form for temperature:

(22

T(x, )= Z B, exp(i2f)¢,, , and consequently

n=1

Tix, )= i By, exp(it)n, xx.  (23)

n=1

312/ Vol. 114, MAY 1992

Substitution of Egs. (13), (21), and (23) into Eq. (3) then gives

B,= —(Q/k)(C/)*DyAq, 4

with ’
1+iQ*

P wpr? — Q%) +iQ*]

Ag(n)= =Q/f, and w} =w,/f.

@5

The critical frequency f, reciprocal of the relaxation time 7, is
introduced here for the purpose of nondimensionalizations.
Note that B, in Eq. (24) is the amplitude of the temperature
wave excited by the oscillating heat source. While the other
parameters in Eq. (24) are independent of the excitation fre-
quency Q, the amplitude B, is dominated by the norm of

| Agl =/ AgAq. (26)

It depends on both the modal frequency w, (defined in Eq.
(17)) and the oscillating frequency Q of the heat source. Should
aresonance phenomenon be possible, the norm of | Ag! shown
by Eq. (26) possesses exaggerated values at specific values of
Q

.By substituting Eq. (25) into Eq. (26), a careful manipulation
yields the following expression:
| Ag!l = [ 40" + 1)(wi? —2Q%?) + Q*5 + 20+
F Y2/ (ot + 031 202 + 0], 27)

In thermal resonance, the maximum amplitude of the tem-
perature wave is then depicted by the following condition:

dlAg!
0 =0, (28)

which gives a complicated equation to be solved for the specific
values of Q*:

[20%wi* — 40 Q02 + Do} + 60*° + 80*3 +20*1/ { 2(wi*
— 203207+ @ QD (2 + Dopt — 2020 3(Q* + 1) + 9*¢
+20% + 2 +20% Qo - 20— 1) - [(Q* + Do}t
= 20202+ 1)+ Q%0+ 207 + ¥/ (wpt - 202 70* 2+ Q%4
+0*%2=0. (29)

For a specified value of modal frequency w;;, Eq. (29) presents
a special type of eighth-order polynomial for @*. It can be
elegantly arranged into the following form:

—of Vo2 +2+11- [0+ wf N o +2+1]-
[Q*z_'\/l—4w},‘2+2w;‘,‘2—1}
2

Qv —A 1= 4w+ 2027 -
2
which renders eight possible roots for Q*:

Q=xVor Vori+2-1,

Q*= 47

[0+

1} =0 (30)

o Vert+2-1 (31

Q‘*=:t:\/ { -1}/2,

and Q* = i\/ { = 1—4w? + 2022

They are the specific values of @*, the dimensionless frequency
of the applied heat source, at which amplitudes of temperature
waves reach maxima. Due to rationalization in the process,
however, some auxiliary roots exist and a careful examination
is needed to determine the acceptable solution on a physical
basis:

1- 403+ 203

-1}/2, (32)
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(/) The oscillating frequency Q* of the applied heat source
must be real. Referring to the first root in Eq. (32), this con-
dition requires

1 —4w}?>0 or equivalently w¥ < 1/2
(for the inner square root) 33)

and

N = 4w,f,‘7'+ 20r?~1>0 (for the outer square root). (34)

Combination of Eqs. (33) and (34) then gives the following
condition:

4w}t <0, (35)

which is not allowable for modal frequencies w;} being real.
The first root in Bq. (32) is therefore not acceptable.

(i)) Similar consideration can be given to the second root
in Eq. (32). The corresponding condition to Eq. (34) reads

20— 1> \/ 1 -4} (36)

For w} < 1/2, as constrained by Eq. (33), the quantity of
(2w}*=1) on the left-hand side of the equation is negative.
The condition of Eq. (36), therefore, cannot be satisfied by
any real value of w;!.

(itfiy Turning to the first root in Eq. (31), similarly, a real
value of Q* requires that

wt?+2>0 (for the inner square root) 37

and

@l NV wr?+2-1>0 (for the outer square root). (38)

Equation (37) is satisfied for all the real values of ;. Equation
(38), however, imposes a constraint on w,:

wp> Va2 1=0.6436.

For the first root in Eq. (31) being physically acceptable, Eq.
(39) specifies the physical domain for w;f. Finally, under the
same constraint of Eq. (38), the second root in Eq. (31) is
dropped because it simply yields complex conjugates of the
first roots in Eq. (31).

Based on these observations, in summary, there exists only
one root for Eq. (29) or (30)

Qox="V w0 A/ wi?+2~1 subject to w}>0.6436  (40)

which is physically acceptable. The subscript ‘‘max’’ is added
to Q* for insuring that Q7,, is the externally applied frequency,
rendering a maximum amplitude of | 4q|. Equation (40) relates
the applied frequency (Q%.,) to the modal frequency (w;) of
the temperature wave. This indicates that only the temperature
wave with a modal frequency (w,) greater than 0.6436f may
present a resonance pattern in the frequency response. In com-
parison with the resonance phenomena in beams or plates
(Meirovitch, 1967), where all the displacement modes are bas-
ically excitable to resonate, this is another unusual behavior
of thermal waves.

For the thermal resonance to occur, an explicit expression
in terms of the critical mode number 7 can be obtained by
substituting Eq. (17) (for the modal frequency w}) into Eq.
(39):

(39

L
Ccr
This shows that the critical mode number for the thermal
resonance to occur is predominant by the ratio of L (the length
of the one-dimensional solid) to a length-like quantity C7. In
parallel to the definition of the relaxation time, the quantity
Cr can be defined as the relaxation distance, which is another
intrinsic property of the solid medium. It is related to the

1L
n=0.6436 — —=0.2049 41)
7 Cr

Journal of Heat Transfer

.citation. The peak value in each curve is [Ag

Fig.1 The applied frequency driving temperature resonance in relation
to the modal frequency, Eq. (31) subject to the constraint of w; > 0.6436;
also, the asymptotic behavior of 2}, = w} when w} =2

thermal diffusivity (o)) and the thermal wave speed (C) by Cr
= a/C. For the sand specimen examined by Kaminski (1990)
with the values of C and 7, respectively, being 0.143 mm/s
and 20 s, the value of Cr=2.86 mm and a value of n=71.6
results from Eq. (41). This implies that only the 72nd mode
and thereafter may present a thermal resonance pattern under
frequency excitations.

The corresponding maximum amplitude of the temperature
wave, denoted by |A4g!™, can be obtained by substituting
Eq. (40) into Eq. (27). The result is

]Anlmax= [Zw;(w:2+ 2)(0);;2',‘2)1/2
— Qo+ 5022 + 21 w20k (Wi + 2)

— Qo+ D(wr?+2)'"4, for wf>0.6436. (42)
In relation to the modal frequencies w}, according to Eq. (40),
the required frequencies 9%, for the thermal resonance to
occur are displayed in Fig. 1. The curve starts with o} = 0.6436
as constrained by Eq. (39). For smaller values of w;, the res-
onance frequency Q. is slightly*sma*ller than the modal fre-
quency w;, For larger values of w, (w, =2 appro;gimately), the
value of Q,,,x approaches the modal frequency w,. This result
can be shown analytically. By arranging Eq. (40) in the fol-
lowing form:

(w0 + Qs — Q) (@i + Q2 +2) = 1, (43)

itisreadily seen that w} = Q.. is an asymptote of the frequency
curve. The value of Qy,,, therefore, approaches that of wj;
when w, becomes large. Figure 2 shows the amplitude of the
temperature wave, Eq. (27), in response to the frequency ex-
1™ obtained
analytically in Eq. (42). When the modal frequency w, in-
creases from 0.6436 to 1, the amplitude of | Agl™* decreases.
The resonance frequency at which the amplitude possesses a
maximum value, however, approaches the modal frequencies
wy of the corresponding modes. This feature is further illus-
trated in Fig. 3 for higher modes with w} = 5, 7, and 10. For
these modes, the values of the maximum amplitudes are ap-
proximately two orders of magnitude lower than those of the
lower modes shown in Fig. 2, but the resonance phenomena
are more pronounced.
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Amplitude |A|

Fig. 2 Resonance of thermal waves with modal frequencies w being
0.6436, 0.8, and 1 (lower modes) in the frequency domain under external
excitations

0.05
*
__ 0.04+ W, =9
c
<C
» 003+
g
>
4
= 0.024 7
Q.
< o014 10
0.00 — : ; |
o 3 6 .9 12 15

Fig. 3 Resonance of thermal waves with modal frequencies w? being
5, 7, and 10 (higher modes) in the frequency domain under external
excitations

Over- and Underdamped Waves

For the thermal resonance to occur, as shown by Eq. (41),
the mode number must exceed a critical value. This unusual
behavior can be understood by studying the transition of the
eigenmodes of the heat flux wave governed by

G =(1/C)qu+ (1/ g, (44)

Subject to the same boundary conditions as in Eq. (10), it will
be shown that the modes with a modal number n < 0.6436
1 L
—E, refer to Eq. (41), are essentially overdamped. These
T T

modes consume all the thermal energy supplied by the heat
source and no resonance could occur. To show this behavior,
let us start with the modal representation of the heat flux wave:

qx, )= ) expl - t/Q2DIE, cos (n.)

n=1
+F, sin (at)1@n(x), - 45)
with 7, being the damped modal frequencies and ¢,(x) the

314/ Vol. 114, MAY 1992

same eigenfunctions as those shown by Eq. (17). Substitution
of Eq. (45) into Eq. (44) yields

A d(wp)?—1 '
m T S— where 53 =9,/f and o} =w,/f. (46)

In the case that
wh>1/2 or w,>f72, 47)

the damped frequencies »,f in Eq. (46) are real. The heat flux
wave oscillates sinusoidally but its amplitude decays exponen-
tially in the time history. Equation (45) is defined as an un-
derdamped wave in this case. For w, <1/2 or w,<f/2, on the
other hand, the values of 5} become imaginary and the tri-
gonometric functions in Eq. (45) degenerate into hyperbolic
functions. In this case, the amplitude function does not os-
cillate in time and the flux wave defined by Eq. (45) becomes
overdamped. In contrast to vibrations of beams or plates,
however, the case of w} = 1/2 does not provide the condition
for critical damping. This is due to the presence of the addi-
tional exponential function, exp[ — #/(27)], in Eq. (45). By the
same procedure as that used from Egs. (22)-(25), the temper-
ature wave in correspondence can be obtained as

T(x, )= expl— /@I (Fytn— E,/2) c0s (1,0)

n=1

- (F'n/2+"7nEn) Sin(nnt)] d)n, x (48)

This involves the same trigonometric functions as those in the
heat flux wave. All the previous discussions, therefore, are
equally applied. The Fourier coefficients E, and F, in these
equations can be determined by the initial conditions imposed
on the heat flux or the temperature (Tzou, 1991b). The pro-
cedure is fundamental and the results will be omitted here
because they do not affect the frequency response of the ther-
mal waves.

The critical condition represented by Eq. (47), similar to Eq.
(41), can be expressed by the mode number:

(49

Equation (49) is the critical mode number beyond which the
underdamped modes activate. Equation (41), on the other hand,
is the critical mode number beyond which the thermal reso-
nance could occur. The difference of the two reveals the ei-

1L
genmodes in transition. These modes with 0.5 — o <n<
x Cr

1 L
0.6436— o though underdamped in nature, cannot be excited
T T

to resonate due to the strong effect of damping from the
exponential function exp[—2/(27)]. It is not until the mode

1 L
number exceeds the critical value of 0.6436 — o that the os-
T T

cillatory behavior overcomes the damping and the thermal
waves becomes effectively responsive to the frequency exci-
tation. Note also that the rate of damping, 1/27 = f/2, is
proportional to the critical frequency. A solid medium with a
larger value of C (the thermal wave speed) or a smaller value
of o (the thermal diffusivity), therefore, provides stronger
damping to the oscillation of thermal waves.

Relation to the Thermal Wave Speed

The thermal resonance can be applied, at least in principle
at this stage, to increase the energy efficiency in microwave
heating. Under the same intensity of the heat source, for ex-
ample, it is desirable to operate the heating frequency in the
neighborhood of the resonance frequency so that a maximum
response of temperature in the heated object results. Especially
for the fine treatment in material processings, the knowledge
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of thermal resonance could have a great potential in future
applications.

Another important application of the thermal resonance
phenomenon, as mentioned before, is to provide an alternative
approach to determine the thermal wave speed in general. For
solid media transferring the thermal energy with a relatively
low speed, traditional devices such as thermocouples may be
sufficient to detect the arrival of thermal waves. The work by
Kaminski (1990) is a typical example in this category. For
energy transfer at a high speed, such as that in metals, however,
the resonance frequency of the thermal wave could be used to
avoid the insufficient time of response. The principle is illus-
trated as follows. For a solid medium subject to a frequency
excitation, first, the resonance frequency of the temperature
wave is determined from the experiment. The measured value
should be close to the Q. defined in Eq. (40). The desired
mode of excitation, especially the mode number 7, should be
selected in this phase. In fact, it helps to determine the ap-
proximate range of the oscillating frequencies of the heat source
in producing the resonance phenomenon. Equation (40) can
then be used to relate the resonance frequency to the thermal
wave speed. According to its reverse expression,

ot =N /08t + 2082+ 2— 1 With Q=S (50)
and the modal frequencies w,} defined in Eq. (17), one has

(/L7 + 1 =\ Qg + 200r? + 2. 1)

Note that the critical frequency (f) has been replaced by the
reciprocal of the relaxation time (1/7). Equivalently, Eq. (51)
gives a fourth-order algebraic equation,

Qo + 2020 — (nr/ L)1 — Ralna/LYr+1=0, (52)

to be solved for 7. Its value depends on the resonance frequency
(Qmax), the length of the one-dimensional solid (L), the mode
number being excited (n), and the thermal diffusivity (e). In
general, a numerical solution is needed for solving Eq. (52).
Based on the calculated value of 7, then, the thermal wave
speed C can be determined as

C=~a/T. (53)

The advantage of this approach lies in that it does not depend
on the short time response of the thermal devices for detecting
the arrival of thermal signals. However, there would be another
technical problem to overcome. The potential obstacle lies in
the applied frequency, which is sufficiently high to drive the
thermal wave to resonance. According to Figs. 2 and 3, the
required frequency is close to the modal frequency of the
temperature wave. According to the constraint in Eq. (39),
moreover, an excitable mode must have a modal frequency
being greater than 0.6436f. For producing thermal resonance
in metals under normal conditions, as an estimate, the mini-
mum value of the applied frequency is 0.6436f, which is in the
order of giga- to terahertz. In such a high-frequency range,
the use of infrared or even optical laser seems necessary.

Limiting Cases

In connection with future experimental support, one of the
most important objectives of this analysis is to identify the
dominant physical parameters governing the mechanisms of
thermal resonance. In waiting for the experimental evidence
to come, bridging the proposed phenomena to the ones we are
familiar with is necessary to reveal the essence of thermal wave
amplifications.

(a) The Diffusion Behavior. Fourier’s law of heat con-
duction assumes an immediate response between the temper-
ature gradient and the heat flux vector at a material point. As
a result, the thermal wave speed (C) approaches infinity and
the relaxation time (7) and the relaxation distance (C7), re-
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spectively, approach zero. The energy Eq. (7) in this case re-
duces to the diffusion equation. The critical mode number
separating the overdamped modes from the underdamped
modes, Eq. (49), approaches infinity (n— o), which implies
that all the wave modes in Eq. (48) are overdamped. The critical
mode number for thermal resonance to occur, Eq. (41), ap-
proaches infinity as well, which implies none of the modes is
excitable to resonate. The resonance phenomenon, therefore,
is a unique feature pertinent to the wave theory and cannot
be depicted by the classical diffusion model. Note that am-
plifications of the amplitude of temperature induced by acous-
tic waves (Imber, 1991) in a Fourier solid should be
distinguished from that being proposed in this study. When
the thermal diffusion equation is coupled with the acoustic
wave equation, resonance of acoustic waves may aggravate the
source term in the diffusion equation, which renders an am-
plification of the temperature response. The resonance phe-
nomenon proposed in this study, on the other hand, is a short-
time response of the thermal field alone, which does not depend
on the existence of another field.

(b) The Wave Behavior. Another limiting behavior is the
case with thermal diffusivity (o) approaching infinity. The
energy Eq. (7) in this case reduces to the standard wave equa-
tion without damping. The body heating, however, is domi-
nated by the apparent heat source involving the time derivative
of the real heat source (S,). This is a unique feature distin-
guishing the thermal wave theory from the propagation of
stress or acoustic waves. The relaxation time and the relaxation
distance, respectively, approach infinity in this case. The crit-
ical mode numbers for activations of underdamped wave (Eq.
(49)) and thermal resonance (Eq. (41)) are reduced to a value
of zero, which implies that all the modes are oscillatory and
excitable to resonate. With the relaxation time approaching
infinity, moreover, Eq. (51) for the resonance frequency re-
duces to

(54

This is a well-known behavior (Merovitch, 1967, for example)
for an undamped mechanical system subjecting to frequency
excitations. Also, Eq. (54) gives a clear physical interpretation
for the asymptote of the frequency Eq. (43). For higher modes
with larger values of modal frequencies, the wave behavior is
more pronounced and the resonance frequency approaches the
modal frequencies of waves without damping,.

Ornax = Wpe

Conclusions

The resonance phenomenon of thermal waves in response
to frequency excitations has been studied analytically in this
work. The thermal resonance appears to be a high-mode phe-
nomenon because it occurs only for modes with modal fre-
quencies exceeding a critical value of 0.6436f. The mode with
a modal frequency being 0.5f separates the underdamped from
the overdamped modes. In terms of the eigenmode number 7,
the conditions for modal transition and thermal resonance are
summarized by

0.5 L
0<n <—5 — for overdamped modes,
r Cr

0.5 L
— —< n for underdamped modes, and
= Cr

0.6436 L
—< n for thermal resonance to occur. (55)
Cr

T

. 05 L 0.6436 L )
For eigenmodes between — — and —, a restoration
x C7 Cr

T
stage exists prior to the occurrence of thermal resonance. For
these modes, the oscillatory energy is supplied to the energy
consumed by the underdamped waves. The excessive amount
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then contributes to the resonance amplitude for wave modes
beyond this range. The critical mode numbers (n) in Eq. (55)
are governed by the ratio of the length of the one-dimensional
solid (L) to a length-like quantity (Cr). The quantity of Cr,
in parallel to the definition of relaxation time, is defined as
the relaxation distance. In terms of the thermal diffusivity (o)
and the thermal wave speed (C), 7 = a/C%and Cr = o/C.
Both are intrinsic thermal properties of the medium. For pro-
ducing a resonance phenomenon, it is desirable to have the
excitable modal frequencies as low as possible. A solid medium
with a larger value of the relaxation distance (Cr) and/or an
experimental coupon with a smaller characteristic length (L)
is preferable for the occurrence of the thermal resonance.

The resonance frequency of thermal waves leads to an al-
ternative approach for determining the thermal wave speed;
refer to Egs. (52) and (53). From an analytical point of view,
this approach has been illustrated in detail. The requirement
of oscillations in the high-frequency range, however, is a trade-
off for the fast response of thermal devices in time. Feasibility
of the frequency approach will be left to the support of future
experiments.
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An analytical solution, which describes the temperature field around a single spherical
particle partly embedded in a plane or around a trough making an arbitrary contact

angle with a plane, is presented here. The temperature distributions for three cases

Department of Metallurgy and
Materials Engineering,
Katholieke Universiteit Leuven,
B-3001 Heverlee, Belgium

are studied: the temperature distribution around a conducting bowl or trough, the
temperature distribution around a non-conducting bowl! or trough present in a
conducting plane, and the temperature profile around a conducting bow! or trough
conducting heat toward a sink at infinity. The normalized heat flux distribution on

the plane and particle is presented. The various incremental resistances caused by
a single and a dilute planar random array of truncated spherical particles are also

derived.

1 Introduction

When a heat transfer operation results in the evolution of
a vapor, the vapor forms bubbles at nucleation sites on the
heated surfaces. These bubbles have various effects on the
thermal resistance of the heat transfer process. In the bulk
fluid, the bubbles decrease the effective conductivity of the
fluid, with a concomitant increase in the thermal resistance.
On the heat exchange surface, the bubbles resist thermal flux
and reduce the effective heat exchange area by blocking part
of it. The bubbles also relieve part of the added thermal re-
sistance by the enhanced mass transfer caused by the convective
stirring of the growing, coalescing, and disengaging bubbles.
Despite the importance of the thermal effects of bubbles, the
volume of work devoted to the study of these effects is limited,
since the theoretical treatment of the thermal losses caused by
the bubble layer, including thermodynamic and convective ef-
fects, requires the simultaneous solution of the full thermal
and mass-transfer equation in the bubble layer. In fact, only
the fluid flow about an expanding hemispherical bubble sitting
on a plane (Witze et al., 1968) and the solution of the heat
conduction equation for a single spherical bubble tangent to
an infinite plane (Fransaer et al., 1990) were analytically solved.
Experiments show that the bubbles in surface boiling rarely
grow as perfect hemispheres or spheres but rather as a distri-
bution of shapes between these two extremes. This paper is an
extension of a previous analysis (Fransaer et al., 1990), which
dealt with the thermal effect of particles tangent to a surface.
The present work concerns the thermal effects of particles or
bubbles making arbitrary contact angles with a surface. The
truncated spheres studied in this work bear closer resemblance
to a real bubble and offer the possibility of studying certain
aspects not yet revealed by the (hemi)spherical geometry.

In actual practice, a heat exchange surface is never really
flat but has irregularities that arise due to corrosion or fouling,
or that are intentionally added to improve the heat transfer.
The temperature distribution around a conducting truncated
sphere in a linear temperature gradient models the influence
of fouling or surface irregularities of a heated surface on the
flow of heat. Moreover, in the case where the contact angle
is negative, the model no longer concerns the influence of
bulges, but deals with troughs in a surface, which can result
from pitting corrosion.

Contributed by the Heat Transfer Division for publication in the JOURNAL oF
HEeAT TRANSFER. Manuscript received by the Heat Transfer Division December
1990; revision received October 1991. Keywords: Conduction, Fouling, Mass
Transfer.
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2 The Governing Equations: Toroidal Coordinates

When applying the method of separation of variables on the
Laplace equation describing the temperature field about a trun-
cated sphere, the coordinate surfaces must coincide with the
physical boundaries of the problem. This leads to the use of
the toroidal coordinate system, which is defined as follows: If
A and B are points on a straight line through the origin (Fig.
1), perpendicular to the z axis and making an angle ¢ with the
x axis, we take as the coordinates of a point P in the plane
¢ =const, the value of In AB/BP that is denoted by 7, the
angle APB denoted 6, and the azimuthal angle ¢. The distance
2a between A and B is taken to be constant. The orthogonal
transformation between the cylindrical coordinate system (7,
z), where the z axis coincides with the symmetry axis, and the
toroidal system is:

1
z+ir=iacoth_ (n-+if). )

Separating the real and imaginary parts, we find that r and z
are given by the equations':

asinhy

= 2

’ coshn—pu 2a)
asinf

= 2b
coshy—pu (2b)

where p is cos 8 and a is equal to the radius of the contour of
intersection of the sphere and the z=0 plane. The coordinate
surfaces 7= const (0<% <o) are a family of anchor rings or
tores. Another group consists of spherical bowls orthogonal to
the anchor rings and these occur at f#=const (~r<f<m). A
third family is comprised of half-planes orthogonal to the rings
and bowls (Fig. 1), and these occur at ¢ =const (0<¢ <27).
The normal separable solutions of the Laplace equation v27=0
in toroidal coordinates contain toroidal or ring functions of
the first and second kind: P’,_;,, and Q' ,,. As pointed out
by Miloh (1981), these harmonics are inappropriate for the
description of the temperature field around a truncated sphere

. since » varies continuously on the sphere surface from 0 to o,

where both functions become unbounded. Therefore recourse
is made to the Legendre functions of imaginary order (conal
functions) introduced by Hobson (1931). Using the conal func-
tions, the general solution to the conduction equation is given
by:

Note that our conventions differ from those of Sneddon (1972).
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Fig. 1 Definition of the toroidal coordinate system: geometrical con.
figuration of the boundaries; plane with spherical bump
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All variables in this paper are dimensionless. The distances are
made dimensionless with respect to the radius of the projection
of the truncated sphere or trough on the z=0 plane. The
temperature is made dimensionless so that 7'=z corresponds
to the dimensionless temperature profile at infinity. In the case
of the conducting bowl or trough on an isolating surface, the
temperature field is cast in dimensionless form by dividing the
temperature field by the constant surface temperature 7y of
the bowl or trough.

3 Applications

3.1 Temperature Field Around a Conducting Truncated
Sphere or Trough. The dimensionless temperature distribu-
tion around a bowl or trough on a surface when the field at
infinity is linear requires the solution of the conduction equa-
tion v2T=0. Taking the temperature on the z=0 plane as a
reference temperature, the expression for the dimensionless
temperature far away from the bowl is T=z. The solution of
the heat conduction equation for this particular geometry can

Nomenclature

be obtained from the superposition of the linear temperature
field far from the origin and a disturbance temperature field
Tdi

v2(z+ Ty) =0. 4)
The uniform gradient is a solution of the Laplace equation
without any disturbance. The second term, which is a correc-
tion due to the presence of the sphere or trough, is a particular
solution of the Laplace equation in toroidal coordinates. From
the general solution, given in Section 2, an appropriate solution
for Ty can be constructed:

T;=(coshy —;;.)I/ZS {A(p) sinh ph
0

+ B(p) coshp8}K,(coshn)dp  (5)

where A (p) and B(p) are unknown functions to be determined
from the boundary conditions. Following Hobson, we use a
shorthand notation for the conal functions:

K(cosh )= P_gﬂ,p (cosh ). 6)
2

Since there are no discrete eigenvalues for the p coordinate,
solution of Eq. (5) requires integration of the general solutions
rather than summation.? The boundary conditions for the dis-
turbance temperature field can be expressed as:

Ts=—-z (0=0and 0= —0p) (7a)
Ty;=0 @=0) (7b)
T,—0 (3, 6—0) (7¢)

The disturbance must be an even function in 8 (Eq. (7)) and
must vanish both on the z=0 plane and far from the sphere
(7¢). Equation (7a4) matches the linear field to the disturbance
on the sphere surface. Boundary condition Eq. (7b) implies
that B(p) =0. Boundary condition Eq. (7@) can be satisfied
by expanding the linear field in conal harmonics using the
identity:

1 1/ZS""coshp(ﬂ-—«.‘))
—_——= ————= K (cosh y)dp. 8
(cosh — p)!*? o cosh(pm) plcoshn)dp.— (8)

After deriving the former expression and comparing like terms
with Eq. (5), the desired dimensionless temperature distribu-
tion is obtained:
T=z-2"%a(coshy — p)'?
S’” sinh p (7 — 6y)sinh p8
o cosh px sinh pé,

Ky(coshmydp.  (9)

ZNote that the integration is done with respect to the order of the conal
functions.

position in cylindrical
coordinates

= 1 forn = 0ande,
=2forn=1,2,3,

A(p), B(p) = separation functions
E? = Stokes stream func-

T = dimensionless temper-

tion operator ature . 7, 0, ¢ = toroidal coordinate
K = complete elliptical in- T, = dimensionless temper- system
tegral of the first kind ature disturbance p = cosf
K7 = conal functions T, = temperature of the o, ¥, ¢ = spherical coordinate
p = dummy integral argu- bowl (cap) or trough, system
ment K v Stokes stream func-
P,, O, = Legendre functions of z = dimensionless axial tion
the first and second position in cylindrical ¥, = disturbance stream
kind coordinates function
r = dimensionless radial €, = Neumann’s symbol; e, v? = Laplace operator
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Fig.2(a) Sectional view of the isotherms around a conductive spherical
bowl on a conductive plane placed in a linear temperature gradient, when
the bowl makes a contact angle of 30 deg
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Fig. 2(b) Heat flux distribution versus scaled distance x on the z=0
plane around a conducting bowl (cap) for various values of the contact
angle 6,: 0(10)180

The expression in Eq. (9) for the temperature field is not very
convenient from a numerical point of view because no series
approximation exists for the conal functions. To arrive at a
useful expression for the temperature field, the properties of
the Mehler-Fock transform of the zeroth order were invoked
and Eq. (9) was rewritten as:

372 %

G, (¢

T=z~ma(coshn-—p,)”25 2() )l,zdt (10)
L)

(cosht—coshy

where G,(¢) is defined as a Fourier sinus transform:

21/2S°°

sinh p (7 — 6y)sinh pf .
G (1) = 7 : L

; : tpdp.
sinh p= sinh p6, smipap

11)

Using a series expansion for the quotient of two hyperbolic
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Fig. 2(c) Heat flux distribution on a conducting bow! {cap) placed on
a conducting plane for various values of the contact angle 6,: 0(10)180
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Fig. 2(d) Heat flux distribution on the z=0 plane around a conducting
trough for various values of the contact angle ¢,: 0( — 10)— 180

sine functions (Gradshteyn and Ryzhik, 1980) and applying
the definition integral of the Legendre functions of the second
kind (Hobson) we obtain:

o— 11 5in 1o

T=2z-2"%a(coshy — /A)I/ZZ n—Slﬂ_ﬂ—- Q. _1(coshn)
n=1 2

nwsin n7r—0-

6o

g Q,r_1(coshy). (12)
o 2

+252g(cosh n — u)'"?
(coshn—p) ; 7

This series expansion is uniformly and absolutely convergent
in the domain 0 < < o, but convergence is slow close to » =0.
For small values of the argument, the Legendre function Q, (x)
diverges, thus invalidating the series representation for the
temperature field very close to the axis or far from the origin.

MAY 1992, Vol. 114/ 319

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



qrmugh

1.50

1.25 - < EQ"
7 9

1.00 |

0.75 ~

0.50

0.00

0.0 0.2 0.4 0.6 0.8 1.0 ¥

Fig. 2(e) Heat flux distribution on a conducting trough in a conducting
plane for various values of the contact angle 6,: 0(— 10) — 180

The temperature field in these regions was calculated from Eq.
(9), using an expansion for the conical functions derived in
the appendix, which are valid for small values of the argument.
The integral in Eq. (9) is approximated using a 48-point Gaus-
sian quadrature between consecutive zeros of K,(coshy) until
the contribution falls below 10~¢ percent.

The isotherms for 6= 30 are shown in Fig. 2(@). From the
solution of the temperature distribution, the normalized heat
flux distribution on the plane and on the sphere can be obtained
by straightforward differentiation:

aT coshn—148T

Gome=y | =5 (13

Z =0 a 0=0

and on the cap/bowl:
coshy—cosfy aT
Guphere = ——— 20 (19)
a ad 90
=09

The normalized heat flux distributions on the plane and sphere
are depicted in Figs. 2(c) and 2(d). The solution of the tem-
perature field for negative contact angles, which is the tem-
perature field around a trough, cannot be derived from the
solution Eq. (9) since the integrand becomes unbounded for
negative 6, values. The underlying reason lies in the choice of
the coordinate transformation, where 8 changes abruptly from
w to —x if z goes from positive to negative values for 0<r<a.
A slightly different coordinate transformation avoids this dis-
continuity:

__asinhqy

_coshn+u (15a)
asinf

=——— 1

z coshnp+p (156)

In this coordinate system, the discontinuity in the 6 coordinate
along the inside of the circle r=¢ is alleviated and is placed
along the outside of the circle. This means that the extension
of the spherical cap §=0, below the z=0 plane is given by
6=+ 6,. In these coordinates, the temperature field around
a trough of (negative) contact angle @, is given by:

T=z—2"2a(coshn+p)'"?
y S“’ sinh pysinh p (7 — 6)
o

K, h 16
cosh prsinh p (7 —6p) pcoshnydp  (16)
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and the series representation of the temperature field is:

(=] _ n . 0
T=z+2"a(coshn+p)'"*> ] (Z)'nsinnf Q. _i(coshn)
n=1 ™ "2

nT sy nw
7(’—00

(7—0p)*

+22a(coshn + u)mz

n=1

Q = 1(coshy).
T—0p 2
an

The solution of the temperature field around a trough can be
derived from the solution of the temperature field around a
cap by replacing 6 by = — 6 (and 6, by 7 — 8,). The normalized
heat flux distributions on the plane and trough are depicted
in Figs. 2(d) and 2(e). To compare the various heat flux dis-
tributions corresponding to different 6, values, the curves are
shown versus normalized distances. The heat flux distribution
on the z=0 plane is plotted versus the normalized distance x
from the intersection of the cap or trough and the plane,
defined by x, =14 (v ~ 1)r— a/v — g. The heat flux distribution
on the surface of the cap or trough is plotted as a function of
the normalized polar angle ¥ related to ¢ (Fig. 1) by ¥ =¢/
7 —0. The angle ¥ =0 corresponds with the intersection of
the symmetry axis with the cap or trough, while ¥ =1 is the
intersection of the cap or trough with the z=0 plane. The top
and bottom curves in Figs. 2(c-€) correspond to the limiting
cases 0o=0 and w, respectively, a conducting sphere tangent
to the z=0 plane and a disk mounted in a plane. From the
plot of the isothermal lines in Fig. 2(a), it is evident that the
disturbance of the linear temperature field diminishes rapidly
as a function of distance from the origin and practically dis-
appears at a dimensionless distance of 3 along the plane. The
distance at which the disturbance normal to the z=0 plane
disappears is a function of the height of the cap above the
plane (and thus of ), never extending farther than three times
the height of the cap. The disturbance is even more localized
for negative contact angles (troughs), where the influence on
the isotherms is negligible at distances greater than 2 from the
origin. The interior of the trough is screened off from the
temperature field above the plane especially in the case of small,
negative contact angles. This is reflected in the heat flux dis-
tribution on the surface of the disturbance: Only the surface
of the trough near the rim of the hole intercepts any heat. As
the absolute value of the contact angle increases, the heat flux
distribution on the trough becomes more uniform and more
heat enters the trough. This is apparent in the heat flux on the
plane around a conducting trough where the largest decrease
in the heat flux reaching the z=0 plane is found for a hemi-
spherical trough. This is partially due to the fact that for smaller
negative contact angles the size of the hole decreases since the
radius of the trough is fixed at 1. For the conducting cap, the
area at the base of the bowl is screened by the presence of the
sphere overlying the area in the limit for 63—0 the heat flux
becomes zero on the contact point. As more heat is extracted
from the linear gradient, the conducting cap and trough lead
to a decrease of the thermal resistance. The cap, however,
traps more heat than a trough because it extends into regions
of higher temperatures. This is evidenced by a compression of
the isotherms near the top of the cap, while a conducting trough
increases the distance between the isothermal planes.

3.2 Temperature Field Around a Nonconducting Trun-
cated Sphere. The Laplace conduction equation, governing
the temperature field around a truncated insulating sphere in
a uniform temperature gradient, cannot be expressed as a Dir-
ichlet problem. On the surface of the nonconducting sphere
the heat flux is zero, whereas on the plane surface the tem-
perature is constant. This mixed boundary problem can be
transformed into a Dirichlet problem by solving the Stokes
equation EX¥ =0, where the curl of the stream function ¥ is
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Fig. 3(a) Plot of meridian section of the stream surfaces around a
nonconductive spherical bowl on a conductive plane placed in a linear
temperature gradient, when the bowl makes a contact angle of 30 deg

proportional to the derivative of the temperature field (heat

flux). A sufficiently general solution of the Stokes equation

E*¥ =0 can be derived from the solution of the Laplace equa-

tion:

¥ = g*(coshn — u)‘msinhzng {A (p) sinh pd
0

+B(p) coshpf}Kj(coshn)dp  (18)
where K,ﬂ(cosh n) is an associated Legendre function defined
by:

Ky(coshn)=

P 1 (coshy).

ot
2 /4

dcoshn (19)
The uniform, dimensionless temperature gradient 7=z cor-
responds to ¥ = —7%/2 in the Stokes stream function formal-
ism. Exploiting the fact that the E? is a linear operator, the
problem is decomposed into the uniform heat flow, which is
a solution to the Stokes stream function for a linear temper-
ature gradient without a disturbance and a stream function ¥,
that is a correction due to the presence of the bowl:

2
E2<—3+‘1rd> =0 20
The boundary conditions for the disturbance are:
)
\I/d=% (0="8 and 6= — ) @1a)
¥,=0 (0=0) 21b)
¥,~0  (n, 8—0) @1o)

The disturbance stream function is an even function in 6 and
vanishes far from the origin (Egs. (21a) and (21¢)). Equation
(21b) fixes the arbitrary additive constant and makes the dis-
turbance vanish on the symmetry axis. Equation (21a) enforces
the surface of the bowl to coincide with the stream function
¥ =0, which makes the surface impermeable to heat. Boundary
condition Bq. (21a) is satisfied by expanding r?/2 in suitable
harmonics and equating the resulting function to the general
solution of the Stokes equation. Using the former identity (Eq.
(8)) and comparing like terms with Eq. (18), the total solution
becomes:
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Fig. 3(b) Heat flux distribution on the z=0 plane around an isolating
bow! (cap) for various values of the contact angle §,: 0(10)180
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Fig. 3(c) Heat flux distribution on the z=0 plane around an isolating
trough embedded in a conducting plane for various values of the contact
angie 6,: 0{ - 10)— 180

2

r* 2Y%g%sinh?y
T2 (coshq— pL)l/2
® cosh p(r—0y) cosh pb
so cosh p cosh pfy

v =

Ki(coshn)dp  (22)

Using the properties of the Mehler-Fock transforms and the

‘recurrence relations of the Legendre functions, and after te-

dious but straightforward algebra, the following expression
for the stream function is found:

1
€n <n + 5) cos nf
r2 21/2a2 @

P 172
2 (coshn—p) "=/ T

{Q,, 1(coshn)
2
_cosh ) Q,,_%(cosh 7}
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Fig. 4(a) Sectional view of the isotherms around a conductive spherical
bowl on a nonconductive plane, when the bowl makes a contact angle

of 30 deg
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Fig.4(b) Sectional view of the isotherms around a conductive spherical
trough in a nonconductive plane, when the trough makes a contact angle
of —30 deg with the plane

2 n+1 £+l cos n+l i
g 2/6," 2 2) "4,

+
(coshn—p)'"? 8o

n=0

{Q(,H%)%%(cosh 7)—coshn Q(H%)%_%(cosh 7))

From the temperature distribution, the normalized heat flux
distribution on the z=0 plane can be derived, knowing that:
aT |  (coshn—1)* o¥

= = 24
qplane az (12 sinh 7 317 ( )

z=0 =0

Replacing 6y with =~ g, the solution for a nonconducting
trough embedded in a conducting plane is obtained. The stream
lines (lines of constant ¥) for this problem are shown in Fig.
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Fig. 4(c) Heat flux distribution on a conducting bowl (cap) placed on

a isolating plane for various values of the contact angle 6,: 0(10)180
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Fig. 4(d) Heat fiux distribution on a conducting trough situated in a
nonconducting plane for various values of the contact angle 0,
0(—10) - 180

3(a) for a value of 4, of 30 deg. Far from the origin, the stream
lines are close together since 2w(¥, — ¥,) constitutes the total
heat flowing between the stream tubes ¥ = ¥, and ¥ =¥,. The
stream lines are pushed sideways because no heat enters the
isolating bowl or cap. The influence of the disturbance on the
stream lines falls off rapidly with distance from the origin.

‘For the same projected area, the magnitude of the disturbance

is greater for a bowl than for a cap. The heat flux distribution
on the z=0 plane, as a function of dimensionless distance,
appears in Fig. 3(b). Since the temperature field is normalized,

* the heat flux approaches a limiting value of 1.0 far from the

origin. The area around the intersection of sphere and plane
becomes less effectively screened from the heat flux with in-
creasing contact angle, and disappears once 6, equals 7/2. For
larger contact angles the heat flux distribution on the z=0
plane is maximal on the rim of the cap and this maximum
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increases until it becomes infinite for a nonconducting disk in
a conducting plane.

3.3 Temperature Field Around a Conducting Truncated
Sphere or Trough. The temperature field around a truncated
sphere or a conducting trough of uniform temperature 7; on
an isolated plane requires the solution of -v*T=0, given by:

T=(coshn— M)WS {A (p) cosh pb
0

. +B(p) sinhpf} K (coshy);  (25)

which, after dividing the temperature field by 7, is subject to
the following boundary conditions:

T=1 (0=0y (26a)
aT .
6_0 =0 (#=0) (26b)
T—0 (g, 0—0) (26¢)

The temperature vanishes far from the sphere (Eq. (26¢)); Eq.
(26a) governs the surface temperature on the sphere. The zero
gradient condition on the plane Eq. (26b) can be replaced by
the condition that a second bowl, forming the mirror image
of the first in the plane, has the same temperature as the first:

T=1 (6= —16y (264)
This makes the temperature field an even function in 6 and
sets B(p)=0. The unknown function A(p) is obtained by

inspection of the boundary condition Eq. (26a) and Eq. (8).
Hence the total solution is:

K, (coshn)dp
27

Apart from the associated Legendre function, the integrand
is identical to the former case. Employing the same line of
reasoning and using the properties of the Mehler-Fock trans-
forms of the zeroth order and the definition integral of the
Legendre functions of the second kind, the following expres-
sion for the temperature around a truncated sphere is obtained:

® cosh p(m — 6y)cosh pf
T=2"%(coshy— VZS =
(coshy—p) s coshpmcosh pf,

T=2"%(coshn — }1.)”226—”‘ cos nf Q,_(cosh 5)
' n=0 ™ 2

=2 1 0
—2"%(cosh gy — “)1/220_0005 [ <n +5> 7[‘5(‘)]

n=0

X Q(y, )z Leosh) - @8

2/8, 2

The isotherms for this problem are shown in Fig. 4(a) for 6,
equal to 30 deg. The heat flux distribution on the sphere is
depicted in Fig. 4(c). The temperature map for o= — 30 deg
appears in Fig. 4(b). Because the z =0 plane is nonconducting,
the isotherms meet the plane at right angles. As a consequence,
very steep temperature gradients arise in the vicinity of the
junction between the plane and the bowl or trough, especially
for (small) negative contact angles (Fig. 4b). This is also re-
flected in the heat distribution profiles; the area around the
rim conducts most of the total heat flow. The maximum of
the heat distribution profiles lies near the top of the conducting
cap for < w/2 while for larger values of the contact angle
more heat flows through the rim of the cap.

4 Discussion and Conclusion

The thermal resistance decrease or increase, caused by a
single particle or trough of radius ¢ embedded in a plane, is
proportional to the integral of the temperature disturbance 7,
over a plane parallel to the z = 0 plane (Sides and Tobias, 1980).

rTydr, z=const
0

AT 27{'S 29

Journal of Heat Transfer

It can be shown that this integral is independent of the location
of the plane as long as the plane doesn’t cut the particle.
Evaluation of the integral is best done in-the limit for z>>0.
Far from the origin, %, §-+0 and thus:

(coshy — cos 6) 2 =~/22 (30a)
0
. 2asi
sinh = 2450¥ (30B)
sino=———2‘“;"s‘” (300)

where (p, ¥, ¢) are spherical coordinates with the same origin
and azimuthal angle ¢-as the toroidal coordinates and related
to these through:

»_ {coshn +cos6)
(coshn—cos )

sinh y 1
sing Gh

Using these expressions and knowing that K,(1)=1 (see ap-
pendix), the following limiting expansions for the disturbance
temperature field around a conducting cap on a conducting
surface are obtained:

and tany =

sinh p (7 — 6)sinh pf

T,;=2*a(cosh 5 — cos O)WS p
0

cosh pw sinh pf,
K (coshn)dp (32a)
84 cosyA
= _—2‘/’£ (32b)
p
with
* , sinhp(w—bp)
= =" (D). 33
Ao 50 4 cosh px sinh péy 33

yielding the following expression for the incremental resist-
ance: AT = wd’A,. A conducting trough results in a similar
expression, with A, given by:

A= S 2 sinh pfy
o P osh pw sinh p(r—6p) -

Since the integrand in Eqgs. (33) and (34) is continuous, mon-
otonically decreasing and single-valued in the domain, the in-
tegrals Eqs. (33) and (34) were numerically approximated by
a Simpson rule with an interval of 0.01.

For an isolated bowl on a conducting surface, the limiting
form of the correction to the temperature (i.e., the expansion
as p— oo where p is the distance from the origin) is sought. In
the far field both  and € approach zero and:

24 sinh?y S ® cosh p(w — ) cosh pé

Ya=- (coshn—cos8)”?),  coshpm cosh pby
x Ki(coshn)dp (354)
32
- 2a’sin”“ 6A, (35b)
P
where
® 1\ coshp(m—8g)
= 2yl )| ——=—y 36
A So (p +4> cosh p cosh ply P (36)

for a nonconducting cap/bowl on a conducting plane or

& 1 cosh pf,
= 24 d, 37
A SO (p + 4) cosh px cosh p(m — o) P 37

for a nonconducting trough in a conducting plane. With the
limiting expressions Eqs. (30a-c), and the value of K,ﬁ(l) de-
rived in Appendix A, the far field expansion of the correction
to the temperature is found, using:
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Fig. 5 Integral of the temperature disturbance with area A, for the var-
ious configurations mentioned in the text; also shown (broken lines) are
the resistance ® for the flow of heat from a conducting trough (top) or
a conducting bowl (bottom)
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ATy 1 8y, T, 1 8y,
do ~ p’sind o0 30 “sinf dp
The incremental thermal resistance caused by the presence of
an isolating cap (or trough) is thus: AT=7a4;. In the limit
of 16,1 —0 these results coincide with the values reported earlier
for a tangent sphere (Fransaer). The integrals A, and A, for
cap and trough are shown in Fig. 5 as a function of the contact
angle 6,. The maximum disturbance for the heat flow around
a cap is obtained for f,=0, while the temperature disturbance
for a trough is greatest for 6,=n/2. The influence on the
temperature distribution vanishes as 6,— m, except for an iso-
lating cap, where the influence on the heat flow of a noncon-
ducting circular disk in a conducting plane is obtained.
The thermal resistance ® of a conducting particle on, or
trough in, an isolating surface is: ® = T,/Q where Q, the total
heat radiated by the sphere, is given by:

oT
Q—ZWSVrE;d'y

(3%)

(39

and the integral is taken around any meridian . On the surface
of the sphere 6 =40,

dy= - ————ux
v coshy — cos 8, 7 and
d  coshy—cosby 9
on a ag U0
Using these relations, the thermal resistance is given by:
1 S ®  sinhy aT
—~=2rq\ ——m— — dy.
] B o coshn—cosé, 0 6=00 K “4D)

The resistance, calculated with this formula, agrees, in the
limit of 8,—0, with the value 1/4n«In2 for the conducting
sphere tangent to a conducting plane, and for 6y=n/2 with
the resistance 1/2n«a of a hemisphere of radius ¢ mounted in
an insulating plane. The dashed lines in Fig. 5 represent the
resistances of a conducting cap and a conducting trough for
values of the contact angle 16,| between 0 and . To compare
the added resistances on an equivalent basis, the radius of the
cap (or trough) projected on the z=0 plane is taken as a unit
length.
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The resistance of an array of truncated particles or troughs
cannot be obtained by analytical means; it requires the solution
of the Laplace equation in a complicated three-dimensional
geometry. It is possible, however, to derive an approximation
to the resistance of a dilute array of such particles or holes
from the thermal disturbances of single truncated particles or
troughs. The thermal effect exerted by an array of particles
of effective radius ¢ and mean number density # per unit area
of the thermal resistance is approximately » times the effect
of a single particle. The increment of the thermal resistance
AQ® caused by a collection of truncated spheres or troughs with
a number density » per unit area on a heat exchange surface
of area S, is then given by the thermal disturbance integrated
with area and then divided by the total heat flow to the plane,
xS (Sides and Tobias): AR = ma’A,/xS where « is the thermal
conductivity and A; given by Egs. (33), (34), (36), and (37).
These approximations remain valid as long as the individual
temperature disturbance fields of adjacent particles do not
significantly overlap.
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APPENDIX

Approximation for K,‘,”1 (cosh p) for n—0

Hobson gives the following integral expressions for the conal
functions:

1/2 0
cos pu
hn) =——cosh —_— 42a
Ky(coshr) x pqrgo (coshu+coshn)”2du (424)
1/2 o« :
sin pu
=~—coth S —
T o y (coshu—coshn)'/zdu (426)
2172 S" cos pu
=— 42
T Jo (coshy—cosh u)mdu (20

"These expressions are not convenient for numerical evaluation

because the kernel of the integral is singular for u =% and/or
the kernel is highly oscillatory for large values of p. Moreover,
the limit of the integrals is also inconvenient for numerical
integration. When 5—0 these shortcomings can be circum-
vented in the following manner’:

’Note that a similar expression can be derived from Eq. (42b) in the case
where n—oo.
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gl/2pn oS pu
- 7z du
7T Jo (coshn—coshu)
2\/2 o S‘Q du
=—C0s
7 osPh o (coshy—coshu)'”?

_2135" COS pny — COS pu

o (coshn— cosh )" du (43)

.

Using the I’Hopital rule, it can be shown that the kernel of
the second integral of the right-hand side is bounded if w—1y,
while the first integral on the right-hand side, after some al-
gebraic manipulation, converts to:

2 co

2 cospn K<tanh z)

T cosh 1 2
2

(44)

where K(x) is the complete elliptical integral of the first kind.
The second integral of the right-hand side was calculated using
a 48-point Gaussian quadrature between the consecutive zeros
of the denominator.

Journal of Heat Transfer

The expression for the stream function around a noncon-
ductive bowl also requires the associated conal function
K,‘,(cosh 7). These were derived using the recurrence relation
for the Legendre functions:

dP,(z
@t D@ =)D 2y o+ DI, (@) - Prr(@)] - (49)
yielding the following expression for K;,(cosh 1):
T 2Y24p* 4+ 1) (" sinpusinhu
K)(coshn) = S du (46
scoshn) 4pwsinh?y J, (cosh n— cosh u)'"? u (49

Using the same method as used for the calculation of K,,(cosh %):

4(p* + 1)si
_(p_ﬂm,,(<tanhg>

K(coshn) = -
2pw sinh n cosh 3

C)

2Y24p* + 1) S” sin pu sinh u — sin py sinh du
4pwsinh®y J, (cosh g — cosh u)"?

where the second integral is again piecewise integrated using
a 48-point Gaussian quadrature between consecutive zeros of
the integrand.
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An apparatus was constructed for detérmination of the thermal contact conductance
' JSfor a paper handsheet/metal interface and for measurement of the effective thermal
K. H. Ng conductivity of handsheet samples. Bone-dry Bleached Southern Mixed Kraft hand-

Research Assistant. sheets with a water retention value of 1.832 were used to study the effect of pressure
on thermal contact conductance and to measure the effective thermal conductivity
of samples at various sheet density levels. A regression model describing the interface
thermal contact conductance as a function of pressure and basis weight was derived.
The contact conductance increases with increasing pressure or with decreasing basis
weight. At a pressure of 2.3 kPa, the value of the interface contact conductance
Jor the bone-dry samples considered ranges from approximately 97 W/m*K for a
sheet of 348.7 g/m* basis weight to 200 W/n’K for a sheet of 68.0 g/m” basis
weight. For pressures near 300 kPa, these values increase to 146 and 452 W/mK,
respectively. The effective thermal conductivity of the handsheet samples was derived
JSrom measured values of overall joint conductance and interface contact conduct-
ance. The results indicate that the thermal conductivity of the bone-dry samples
increases with increasing sheet density, ranging from 0.14 W/mK to 0.70 W/mK
Jor sheet densities of 90 kg/m’ to 500 kg/m>, respectively, for the samples considered.
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Thomas A. Dietz Professor.
Fellow ASME

Department of Mechanical Engineering,
Texas A&M University,
College Station, TX 77843-3123

Introduction

Papermaking is one of the most energy and capital-intensive
industrial processes in the nation and is the leading industry
in terms of energy consumption for drying. In 1985, the massive

If the surface roughness is approximately the same on both
sides of the paper and if the two surfaces in contact have
approximately the same asperities, then the two interface ther-

dehydration operation of paper drying consumed over 3.95 %
10" kJ of energy (Salama et al., 1987). Since the drying process
is the major energy-consuming process in paper making, a
small improvement in paper drying would result in significant
energy savings.

A better understanding of the parameters associated with
the paper-drying process would permit more accurate design
and control of the drying process. Paper board is generally
dried by threading a continuous wet web of pulp through a
multicylinder drying section, and the cylinder dryers are in-
ternally heated by condensing steam. In a conventional two-
tiered drying configuration, the dryers are arranged so that
the wet web is in contact with the cylinders for approximately
75 percent of the drying time and is between the cylinders in
open draws for approximately 25 percent of the time. Hence,
the overall heat transfer rate between the steam and web sig-
nificantly affects the overall drying rate. The thermal resistance
between the cast-iron cylinder surface and the paper web is
one of the resistances affecting the overall heat transfer rate.

There have been very few published experimental studies
dealing with the thermal contact conductance between the pa-
per web and dryer drum under various operating conditions,
as noted in Table 1. In some of these studies, only selected

- data are provided, limiting the usefulness of the results.

The overall joint conductance, 4, ., of a paper handsheet/
metal interface can be expressed in terms of the two interface
thermal contact conductances and the bulk conductance of the
interfacial paper:

1 1 1 1

= 1
ho,c hc,u hb hc,l ()

Contributed by the Heat Transfer Division for publication in the JOURNAL oF
HeAT TRANSFER. Manuscript received by the Heat Transfer Division October
24, 1990, revision received August 20, 1991. Keywords: Conduction, Direct-
Contact Heat Transfer, Thermophysical Properties.
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mal contact conductances can be assumed equal. This simpli-
fies Eq. (1) to the following:

ha,c_hi hb

where A; represents the interface contact conductance at either
the lower or upper surface. Recognizing that the bulk con-

@

Table 1 Summary of thermal conductivity and contact conductance
results
Moisture Pressure Heated ‘Thermal Thermal
Author Paper Grade Content (kPa) Surface Conductivity Contact
(wet basis) Temp (W/mK) Conductance
0 (W/m'K)
Han & Ulmanen (1958) | Sulphite Pulp 0%-67% 0.07-0.79" 794-1362°
Handsheet
Redfern (1963) Bleached Suifate 0%-70% 0.57-2.9 70-100 78-1078
Sundberg & Osterberg Unbleached Sulfate | 5%-23% 400-4500
(1966)
Lau & Pratte (1969) Newsprint 0%-70% 2430° | 0.027-0.195
Han (1970) Tissue wet 0.216* 2271
dry 0.144¢ 1987
Paper wel - B 0.288* 1420
dry 0.15* 1136
Board wet - - 0.577* 1136
dry 0.072" 568
Kirk & Tatlicibasi Bleached Sulphite® 6.7%-79% {0 0.084-0.117
(1972)
Kerekes (1980) Newsprint
uncalendar | 7.4% 725-78 | 0.127 875
ed 74% 68-73.5 | 0.169 1610
calendared
Lee & Hinds (1981) | Bleached Douglas | 0%-55.6% | 2.8 105 0-0.57 226-475
Fir Kraft
Byrd (1982) Linerboard 40% 138 121-288 | --- 191-1565°
65% 13.8 121-288 | --- 205-1806°
Bumside & Crotogino | Newsprint 57%-7% | - 53-83 0.102-0.126 | 540-1760
(1984)
Present Study (1991} Bleached 0% 0-300 85 0.12-0.68 90-450

**Caleulated
SApparent Heat Transfer Coefficient
*Front Surfaces Coaled with Graphite

' Apparent Thermal Conductivity
*Estimated
ISheet Average Temperature
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ductance can be expressed as a function of effective thermal
conductivity and thickness of the paper yields:
1 2 ¢t

= +—
ho,c hi keff
Hence, the interface thermal contact conductance of the paper/

&)

metal interface and the effective thermal conductivity of the™

interfacial handsheet can be derived using Eq. (3) when the
overall joint conductance is known. .

The limited experimental data that have been published for
interface thermal contact conductances and the effective ther-
mal conductivity of paper apply only to a small range of contact
pressures and temperatures, as noted in Table 1. Additional
data for the interface thermal contact conductance between a
paper web and dryer surface are needed for a variety of op-
erating conditions in order to accurately predict changes in the
drying rate throughout a paper drying section. This paper
reports contact conductance values for a paper handsheet/
metal interface and effective thermal conductivities of bone-
dry handsheets, which have been determined using a specially
designed experimental contact conductance apparatus.

Experimental Program

An experimental investigation was conducted to determine
both the thermal contact conductance of a bone-dry paper
handsheet/metal interface and the effective thermal conduc-
tivity of paper handsheets. A similar study is currently under
way to Include the effect of moisture on the thermal contact
conductance and the effective thermal conductivity of moist
handsheets. The experimental facilities, method of handsheet
preparation, and experimental procedures are discussed below.

Apparatus Design and Setup. A schematic of the apparatus
is shown in Fig. 1; the apparatus consists of two flux meters,
a heat source and heat sink, a temperature measurement Sys-
tem, a loading system, a thickness measurement system, and
a mechanism for removing the top half of the assembly.

Each component has been described in detail by Ng et al.
(1991). The two heat flux meters, made of cast iron (class No.
40), were designed with lengths sufficient to ensure a uniform,
one-dimensional heat flux through the face of the two meters.
The surfaces of the flux meters were machined and polished
to provide surfaces comparable to a typical cast-iron dryer
drum. The temperature distortion in the two heat flux meters
resulting from the presence of thermocouples was negligible.
The contact pressure was measured with a BLH Model C2M1
compression load cell coupled with a BLH load cell instrument.
Maximum applied loads were approximately 1350 N. The
thickness of the handsheet was measured throughout the ex-
periments using a linear variable differential transformer
(LVDT), Schaevitz Model MHR 500, which had a range from
zero to 127 mm and a rated accuracy of 0.25 percent of the
calibration range of zero to 12.7 mm.

Preparation of Handsheets. The Technical Association of
Pulp & Paper Industries (TAPPI) standard handsheet facility,

7
ey
) 10
S

”

6 V74 TL_ Caolaat

s

| o A 11 |
1 Electric Band Heater 7 Load Cell
2 Thermocouples 8 Spring
3 Insulation 9 Paper Sheet
4 LVDT Core 10 Cast Iron Flux Meter
S LVDT Coil 11 Scissor Jock
6 Cooling Section 12 Weights

Fig. 1 Schematic of contact conductance measurement apparatus
manufactured by Noram Quality Control and Research Equip-
ment Limited, was used to prepare handsheets in accordance
with TAPPI procedure T-205. The handsheets, made of
Bleached Southern Mixed Kraft, were placed in a room tem-
perature environment at about 24°C for 10 hours. Samples of
7.62-cm diameter were cut from the 15.24-cm diameter man-
ufactured handsheets in order to be used in the contact con-
ductance apparatus. Immediately prior to commencing the
experiments, the handsheets were dried in a microwave for
approximately three minutes as a final drying to ensure a bone-
dry condition. A bone-dry condition was considered achieved
if less than a 1 percent difference in handsheet weight occurred
during drying.

Experimental Procedure. Prior to data acquisition, the test
section of the contact conductance measurement apparatus was
aligned, and the surfaces of the flux meters were cleaned with
a soft cloth. Following thermocouple connections, an appro-
priate power was supplied to the heater in order to obtain a
large temperature drop between each thermocouple. The tem-
perature of the constant-temperature bath was kept sufficiently
low to remove all the heat. Both the heater and cooling bath
were.operated for a sufficient length of time prior to handsheet
insertion to ensure a steady-state heat transfer through the heat

Nomenclature
t = thickness of the material, m
A = area, m’ AT = temperature change, K b = bulk material
Bulk = apparent specific volume, W = basis weight; weight of bone- c,u = interface contact at upper
cm’/g dry handsheet/handsheet surface
h = heat transfer coefficient, W/ area, g/m’ ¢,/ = interface contact at lower sur-
m’K WRYV = water retention value; (weight face
k = thermal conductivity, W/mK of retained water)/(weight of eff = effective or equilibrium
P = pgage contact pressure, Pa dry fibers) i = interface or interior
Q = rate of heat flow, W I o = overall
Q" = heat flux, W/m? Subscripts o,c = overall joint
R = thermal resistance, K/W a = air or apparent s = steam
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flux meters. The power to the heater and the temperature set-
point of the cooling water bath were both adjusted during the
experiments in order to maintain the desired handsheet tem-
perature. During these experiments, the average handsheet
temperature was kept constant at approximately 85°C while
the temperature drop across the handsheet averaged around
145°C. '

The load cell was zeroed to include the weight of the lower
test section and the handsheet. This allowed the load cell to
measure only the weight of the upper test section and any
weights placed on it, which was the applied load on the hand-
sheet. A combination of the springs and weights was used to
vary the applied pressure from 1 kPa to 300 kPa for each test.
The experiments were conducted in order of increasing pressure
to avoid any precompression of the handsheet fibers.

A data-acquisition program recorded the temperature pro-
files in the flux meters and calculated the heat flux through
each meter. The temperature drop across the handsheet was
determined by subtracting the upper interface temperature from
the lower interface temperature. The handsheet temperature
was taken as the average of the two interface temperatures.
The overall joint conductance across the two interfaces and
the handsheet was calculated by dividing the average heat flux
(in the top and bottom flux meters) by the temperature drop
across the sheet.

Experimental data were recorded when steady-state condi-
tions were achieved after approximately one-half hour follow-
ing each increased loading step. The recorded data included
the temperatures of the upper and lower flux meters, handsheet
thickness, applied load, overall joint conductance, and un-
certainty in overall joint conductance measurements. The un-
certainty associated with any single overall joint conductance
measurement was a function of the uncertainty in measure-
ments of the temperature profile and thermal conductivity of
the cast-iron flux meters and ranged from 4.78 to 4.93 percent
for the samples considered.

Results and Discussion

Experiments were conducted to determine the thermal con-
tact conductance and effective thermal conductivity of bone-
dry paper handsheets. The handsheets used in this investigation
were Bleached Southern Mixed Kraft, composed of 70 percent
softwood and 30 percent hardwood, with a water retention
value of 1.832 and a Canadian standard freeness of 7.35 mil-
limeters. (Freeness indicates the rate at which water drains
from a stock suspension through a wire mesh screen or a
perforated plate.) Handsheets with basis weights of 68.0, 85.5,
120.6, 162.3, 236.8, 254.4, and 348.7 g/m?® were used for data
analysis.

The overall joint conductance, representing the sum of the
conductances of the handsheet and the upper and lower hand-
sheet/metal interfaces, was measured between the lower and
upper flux meters. The overall joint conductance is plotted as
a function of the applied pressure for different basis weights
in Fig. 2. The thicknesses of the handsheet samples, measured
using the LVDT, are shown as a function of applied load in
Fig. 3. The samples had thicknesses that varied from 0.123
mm to 2.83 mm, and the data indicated a logarithmic de-
pendence of handsheet thickness on applied pressure. At a
given pressure when steady state was reached, the handsheet
thickness under compression changed by less than 4 percent,
indicating negligible creeping effect with these bone-dry hand-
sheets.

The overall joint conductance increases with increased pres-
sure or decreased basis weight. A logarithmic relation exists
between the overall joint conductance and the applied pressure
while the conductance changes almost linearly with respect to
the basis weight of the handsheet. Handsheet thickness also
affects the overall joint conductance by changing the thermal
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Fig. 3 Effect of basis weight and pressure on handsheet thickness

resistance of the sheet. Therefore, any expression for the over-
all joint conductances measured using the contact conductance
apparatus must be a function of applied pressure, handsheet
thickness, and basis weight.

A well-known statistical computer package, Statistical Anal-
ysis System (SAS) (Ray, 1988), was used to determine a regres-
sion model for the overall joint conductance. The interface
thermal contact conductance and the effective thermal con-
ductivity of the handsheets were then derived from this model.
The multiple regression of the overall joint conductance on
handsheet thickness, basis weight, and applied load was cor-
rected for multicollinearity among the variables and autocor-
relation between the observations. For the samples considered,
the best-fit linear model for overall joint conductance is:

hy=35.84+2912.80/ W~-2096136 /W
+1756.29 In (P)/W—463807i*In(P)/W

where 1<P=<300 kPa, 68.0=<W=<348.7 g/m?

“@

and
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mefal interface

0.123 =r=2.830 mm at an average sheet temperature of 85°C.
The standard error of the estimate is 3.59 W/m’K, and the
adjusted coefficient of determination, R2, is 0.9936 for the
above regression model.

The interface thermal contact conductance for the paper
handsheet/metal interface can be calculated from Eq. (3). At
a handsheet thickness of zero, the contact conductance is equal
to twice the overall joint conductance. Therefore, using the
best-fit expression for A, ., Eq. (4), the interface thermal con-
tact conductance can be expressed as:

hi=71.68+ 5825.60/ W +3512.58n (P)/W (5)

where | < P=<300 kPa and 68.0< W=<348.7 g/m” at an average
sheet temperature of 85°C. Based on Eq. (5), the interface
contact conductance is plotted in Fig. 4 for the basis weights
and applied pressures used in this study. The contact con-
ductance increases with increasing pressure or decreasing basis
weight. As the applied pressure increases, the handsheet/metal
contact area increases, resulting in better heat transfer across
the interface. In addition, the method of handsheet preparation
results in a smoother sheet surface at low basis weights. As a
result, sheets of lower basis weight make better contact with
the flux meter surface, thereby improving the contact con-
ductance.

At a pressure of 2.3 kPa, the value of the interface contact
conductance for the bone-dry samples considered ranges from
approximately 97 W/m?K for a sheet of 348.7 g/m” basis weight
to 200 W/m?K for a sheet of 68.0 g/m? basis weight. Paper
passed around conventional, 5-ft diameter dryer drums typi-
cally has a felt tension of 10 Ib/in., which results in an applied
load of approximately 2.3 kPa on the web. For pressures near
300 kPa, these values increase to 146 and 452 W/m’K, re-
spectively.

When compared to the previously published contact coef-
ficients listed in Table 1, the predicted values of interface
contact conductance are lower. One possible explanation is
that the samples used were bone-dry. A completely dry contact
zone will offer a considerably greater resistance to heat transfer
than one that includes a partial water interface. In addition,
the basis weights considered here are greater than the basis
weight associated with newsprint or paper manufactured for
photocopiers, and the interface contact conductance increases
rapidly at low basis weights. Furthermore, the surface rough-
ness of the handsheets may be greater than the asperity of
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paper webs considered in other studies. The surface roughness
of handsheets made for this study was high due to very limited
pressing, as indicated by the low handsheet densities. Finally,
the low values of interface contact conductance, derived using
Eq. (3), could be caused by errors resulting from the assump-
tion that the interface contact conductance is equal at both
the top and bottom interfaces. This assumption may not be
quite accurate because the temperature of the upper heat flux
meter is much greater than the temperature of the bottom flux
meter.

The effective thermal conductivity of the handsheets can be
determined from Eq. (3) as follows:

1 2\
kgr={—-=) ¢ 6
eff <h0’c h,) ()

where h, . and A; are given by Eqgs. (4) and (5), respectively.
The effective thermal conductivity was calculated from Eq.
(6) using the values for pressure, thickness, and basis weight.
These predicted conductivity values for the handsheets under
consideration are plotted as a function of handsheet density
in Fig. 5. The sheet density is determined by dividing the basis
weight by the sheet thickness.

The predicted handsheet effective thermal conductivity
ranges from 0.14 W/mK to 0.70 W/mK for sheet densities of
90 kg/m® to 550 kg/m3, respectively, for all samples consid-
ered. Increases in handsheet density were the result of increases
in the applied load. The thermal conductivity increases with
increasing handsheet density because of the reduction of air
within and between the fibers of the handsheet. The low con-
ductivity of air (0.0306 W/mK at 85°C) provides a large re-
sistance to heat flow through the sheet.

The portion of the heat resistance due to heat transfer through
the handsheets is indicated by the ratio of bulk resistance to

-overall joint resistance, Ry/R, .. For the bone-dry handsheets

considered in this study, R,/R,, . ranges from 4 to 30 percent,
with a median ratio greater than 20 percent. The ratio decreases
with increasing pressure or handsheet density and with de-
creasing basis weight. The high ratios indicate that the bulk
resistance of the handsheet can be significani and may become
the controlling resistance for sheets of higher basis weight such
as paperboard.

The values of effective thermal conductivity cited in this
study are somewhat larger than published values listed in Table
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1. However, determination of k¢ from Eq. (6) is very sensitive
to the predicted value of the interface contact conductance
and the handsheet thickness. Further, an uncertainty of 0.032
mm in thickness measurements could contribute to an over-
estimation of the effective thermal conductivity. Also from
Eq. (6), any decreases in the predicted interface contact con-
ductance result in higher estimates for handsheet thermal con-
ductivity. Consequently, errors associated with the prediction
of the interface thermal contact conductance appear in thermal
conductivity evaluations.

The thermal interface ¢ontact conductance and effective
thermal conductivity values derived in this study apply to only
one set of handsheets. These handsheets were made from a
specific pulp and were considered completely bone-dry. The
methods discussed, however, can be used to determine the
contact conductance and thermal conductivity of a variety of
handsheets under varying experimental conditions.
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Measurement of Velocity and
~ | Temperature Profiles in Low-
Speed, Turbulent, Nonisothermal

A technique utilizing thermocouple pairs as sensors to measure velocity and tem-
perature profiles in low-speed, turbulent, nonisothermal flows is described here. In

this technigue, Cross-Correlation Velocimetry (CCV), the temperature-time records

B. J. McCaffrey'

Mechanical Engineering,
University of Maryland,
Baltimore, MD 21228

Jrom a pair of thermocouples, one downstream of the other, are cross-correlated
to determine the flow’s preferred mean velocity while temperature is measured
directly. The velocity measurements have undergone extensive verification using hot-
wire, pitot tube, and Laser-Doppler Velocimetry to determine the degree of con-
Sfidence in this technique. This work demonstrates that the CCV technique is quite

reliable and can measure the mean preferred component of the convective velocity
with better than x5 percent certainty. Application of this technique to the meas-
urement of velocities in a ceiling jet induced by a fire plume is briefly presented

here.

Introduction

This paper describes a technique that can be used to obtain
mean velocity and temperature measurements, nearly simul-
taneously, in low-speed, turbulent, nonisothermal flows that
have a preferred velocity component. The motivation for this
work was the study of the transient characteristics of a plume-
driven ceiling jet. The ceiling jet forms when a buoyant plume
from a fire impinges on the ceiling. For small fires, the ceiling
jet has a very low speed (less than 1.0 m/s) and is turbulent
with large eddy structures. It also has large temperature gra-
dients and its characteristics are affected by the ceiling being
heated. The ceiling jet characteristics are mainly determined
using velocity and temperature measurements at several lo-
cations within the jet. As demonstrated by Cox (1979), con-
ventional measurement techniques such as hot wires and pitot
tubes may not be suitable to measure accurately the velocity
of low-speed, nonisothermal, turbulent flows containing large-
scale eddies.

Cox (1976, 1977) proposed the use of a cross-correlation
technique to measure mean velocity and temperature profiles
simultaneously using a single probe. The present work and a
previous effort by the authors (Motevalli et al., 1987) verify
and provide a quantitative assessment of this measurement
method. In this technique, hereafter referred to as Cross-Cor-
relation Velocimetry (CCV), the temperature of fluid particles
is used as a tracer and the mean velocity of the fluid particles
is obtained from the measured travel time from one sensor to
another, the second being located at a known distance down-
stream of the first. A pair of thermocouples, used as temper-
ature sensors, separated by a distance, d, in the flow direction,
produce two temperature-time records. The mean temperature
of the fluid can be obtained directly from the thermocouples
with excellent accuracy. The flow mean velocity is obtained
through the cross-correlation of the two temperature-time rec-
ords with good accuracy as described later.

'Deceased in April 1990; this paper is dedicated in his memory.

Contributed by the Heat Transfer Division for publication in the JOURNAL OF
HEAT TRANSFER, Manuscript received by the Heat Transfer Division December
1990; revision received September 1991. Keywords: Enclosure Flows, Measure-
ment Techniques, Turbulence.
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In general, it is very cumbersome to perform multipoint
measurements using Laser-Doppler Velocimetry (LDV) and
hot-wire anemometry. Simultaneous velocity and temperature
measurements using lasers have been developed only recently
and are very expensive and complicated. Hot-wire measure-
ments in highly nonisothermal flows with large eddies and
temperature fluctuations are not very easy to perform and are
not reliable due to the effect of variable heat transfer along
the wire and rapid temperature compensation needed. Fur-
thermore, other known measurement techniques such as bi-
directional or pitot tubes have been determined to be generally
ineffective or unreliable for low-speed, turbulent, noniso-
thermal flows. Furthermore, pitot tubes and bidirectional
probes are highly disruptive to the flow.

Other investigators such as Bradbury and Castro (1971) and
Gaster and Bradbury (1976) have used a similar concept em-
ploying a pulsed-wire technique for velocity measurements in
highly turbulent flows. Their approach, although successful,
does not produce a true flow temperature measurement, Fur-
thermore, in order to perform the velocity measurement, they
heat the fluid using a pulsed wire, thus producing a thermal
signature that is detected by the downstream sensor. This tends
to disturb the flow locally and certainly disallows a true meas-
urement of the flow temperature.

Mesch and co-workers (Mesch et al., 1971a, 1971b; Fritsche
and Mesch, 1973) have also used the concept of cross-corre-
lation between two sensors and applied it to two-phase flow
and solid object translation. They have discussed the theoret-
ical and statistical nature of this technique. While their work

is useful as additional background literature, it has little direct

relation to the CCV technique. In addition, work by Lee et
al., (1974) may be related to this topic, again only as back-
ground material, as they measured turbulent fluctuating ve-
locity gradients at the wall of a pipe and discussed the fluid
structures and eddies in the isothermal flow.

Fundamental Theory of Cross-Correlation Velocimetry

Cross-Correlation Velocimetry is based, in principle, on the
““frozen eddy’’ concept in turbulent flows put forward by Sir
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Fig. 1 Graphic illustration of the basis for the Cross.Correlation Ve-
locimetry technique

G. 1. Taylor (1938). While the use of this concept has been
demonstrated in the past through similar techniques, as noted
in this paper, the theory is presented here for completeness.
Taylor stated that in a turbulent flow there are ‘‘eddy struc-
tures’’ that retain their shape and characteristics over a time
period and space. He suggested that when the turbulence level
is low enough, the evolution in spatial pattern of a fluid struc-
ture, especially large-scale, remains effectively ‘‘frozen’’ dur-
ing this translation (Taylor, 1938). If these eddy structures
within a flow can be identified and traced, then the most
probable mean velocity of the flow may be estimated as the
weighted average of the velocities with which the eddies are
moving. This weighing is inherent in the cross-correlation tech-
nique since the larger eddies have a more profound effect on
the correlation results.

Investigating Taylor’s approximation, Favré et al. (1952)
and later Comte-Bellot and Corrsin (1971) used two hot-wire
probes displaced streamwise by a distance Ax, and recorded
the ensuing signals. Their results showed that when delaying
the downstream probe record in time by the amount Ar = Ax/
U, maximum correlation would be attained.

These investigations showed that for a particular time shift,
the mean flow velocity produces a flow displacement exactly
equal to the probe spatial separation. These experiments also
demonstrated that the corresponding correlation function from
these two probes is precisely that measured as auto-correlation
by a probe traveling steadily at the mean velocity. It is con-
ceptually the simplest Eulerian correlation function in time.

In nonisothermal turbulent flows with a preferred velocity
component, such as ceiling jets, the eddy structure can easily
be traced since the fluid particles’ temperature acts as a very
good marker for the flow. As long as the eddy structure remains

Insulation ——— 1 —~ _— Ceiling

P " ~Probe
Ceiling \— Probe Stand
Jet

—B t
X |/ Plme
Floor—\ /

Burner ——I
Fig. 2 Schematic of the apparatus simulating a ceiling jet flow

relatively unchanged, i.e., approximately ‘‘frozen’’ along the
streamwise direction, this concept can be used for velocity
measurements based on the Taylor’s hypothesis. Therefore,
the ‘“frozen eddy’’ concept is all that is needed to implement
the Cross-Correlation Velocimetry technique. The mean ceiling
jet flow in this particular case is radially symmetric and the
dominant velocity component is the streamwise radial velocity.
It is then clear that for a known separation distance between
two sensors, d, there ought to be a time shift, r, which cor-
responds to the mean flow velocity, Fig. 1. At that time shift,
the maximum correlation between the two signals is obtained.
This time shift is the weighted average time needed for the
turbulent eddies to travel the distance between the thermo-
couple pairs. The mean streamwise velocity of the fluid is thus
determined by dividing the distance d by time 7. The degree
of correlation between a record pair is determined by the cor-
relation function, R X1 Xy which is defined as follows:

[S
RX1X2=Iim ‘1‘ S Xl(t)Xz(t+T)dt (1)
fg—~ oo tS 0
where X| and X, are the fluctuating components of the data
records (i.e., X = x — X, the mean value subtracted from the
original signal) and ¢; is the sampling time. Since data are
collected over a finite time, the correlation function is nor-
malized to eliminate the effect of amplitude variations of the
temperature records. These variations are due to the diffusion
of energy taking place while eddies travel between the sensor
pairs. The normalized correlation function is called the cor-
relation coefficient, px, x,, and can be written in the following

numerical form (Lee, 1960; Motevalli, 1989).
RXl,XZ

PxG =T ] TS —
where
| Nem
Rxl,xz(m)=1*v__m’§X1(n)X2(n+m) €))

and N is the total number of data points.

Nomenclature

d = separation distance of probe

sensors (thermocouples) r =
H = height of ceiling above burner
l, = ceiling jet Gaussian momen- ing

tum thickness R =
m = number of data points corre- Re, =

sponding to a given time shift At = time shift
n = data point index t; = sampling time
N = total number of data points in AT =

a record spect to the ceiling
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radial distance from the plume
impingement point on the ceil-

cross-correlation function
ceiling jet Reynolds number

temperature difference with re--

= mean velocity

= ceiling jet velocity

= spatial distance

forward thermocouple’s record
= rear thermocouple’s record

= cross-correlation coefficient

= time shift between thermocou-
ple records corresponding to a
maximum correlation

ﬂb?ﬁkgﬂq
1l
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The integer number, m, corresponds to the time shift trans-
lated into number of data points by which one record is shifted
with respect to the second for a known sampling rate. The
correlation coefficient, p Xp.Xy5 Varies between 0 and 1.0, cor-

responding to zero and 100 percent correlations, respectively.
The procedure outlined in this paper describes how the average
time shift over the record length and, consequently, the mean
flow velocity (averaged over the sampling time and over the
distance between the sensors) are obtained.

Experimental Apparatus and Procedure

The experiment setup is shown in Fig. 2. It consists of a
premixed methane-air burner whose outlet is level with an
artificial floor, an insulated ceiling, the probe, and a probe
stand, which are described in detail by Motevalli (1989).

Probe. The probe consisted of eight pairs of 0.0254-mm-
dia, type-E (chromel-constantan) thermocouples stretched be-
tween vertical supports as shown in Fig. 3. Using this config-
uration, nearly simultaneous measurements can be made at
eight different locations within the ceiling jet vertically spaced
at approximately 3 mm (Motevalli, 1989). Type-E thermocou-
ples have a high sensitivity and the size selected provides a fast
response time. The calculated time constant of the thermo-
couples based on a steady-flow convection coefficient at 0.5
m/s is approximately 0.05 seconds. The time constant, how-
ever, is strongly affected by the convection coefficient.

The vertical supports of the probe were separated by 10.16
cm. The thermocouple beads were positioned at midpoint be-
tween the holder arms and aligned one behind the other to an
accuracy of 0.4 mm. The ceiling jet passed between these arms,
which were far enough apart that they did not disturb the flow
about the beads. The probe was held in place by a stand that
provides three-dimensional positioning of the probe under the
ceiling.

Data Collection and Processing. Mean flow temperatures
measured by thermocouple sensors in a pair were averaged to
obtain a single value. To calculate the velocity, Eq. (2) was
used to determine a shift in time domain that maximized px, x,.
The golden section method (Press et al., 1986) is used to find
this maximum value within the time interval of interest with
the least number of coefficients actually calculated. Use of this
method reduced the data processing time by a factor of 10
compared to the time required to compute the correlation
coefficient for every time-shift increment.

Considerations in Data Analysis. The uncertainty in ve-
locity is mostly due to the uncertainty in 7, since the distance,
d, can be measured within 4 0.5 mm (2.5 percent uncertainty
when d = 20 mm and =+1.0 percent for d = 50 mm). The
uncertainty in 7 depends on the sampling frequency and ex-
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Fig. 4 CCV probe spacing effects on velocity measurement accuracy

pected velocity. For example, for a velocity of 0.5 m/s and d
= 25 mm, 7 = 50 ms is found with an uncertainty of +5
percent at a sampling frequency of 400 Hz.

The maximum value of p X)X, indirectly affects the uncer-
tainty in the velocity, since as it decreases so does the confidence
in the correlation. The correlation coefficient decreases as d
is increased because the turbulent eddies are not frozen as they
move, but instead change their shape and size. This causes the
temperature-time records from the thermocouples in a pair to
become increasingly dissimilar.

To examine the limits of the sensor separation beyond which
the ““frozen eddy” concept would not hold, d was varied in
the CCV probe while measured velocities were compared to
those obtained by a pitot tube (pitot tube measurements are
discussed in the results section). Figure 4 shows the results of
this investigation, where d is varied between 20 to 70 mm. The
cross-correlation coefficient decreased from 90 to 69 percent
with increasing d (Motevalli, 1989). The difference between
the pitot tube velocity measurement and the CCV technique
for the worst case (d = 60 mm) was about 10 percent. However,
the pitot tube measurements would be more suspect than the
CCV measurements since at these low velocities the error in
measuring the pressure difference increases.

Because 7 is obtained numerically, it cannot be determined
with any greater precision than the sampling period (inverse
of the sampling frequency) between successive readings from
a given thermocouple. The percent error in determining 7, and
consequently the error in computing the velocity, decreases for
larger values of 7.

Consider a ‘“‘typical’’ case with d = 20 mm and ¥V = 0.5
m/s. The time shift, 7 = (0.02 m)/(0.5 m/s) = 0.04 seconds,
would result. As an example, in order to make the error in 7
less than 5 percent, the sampling period per thermocouple
would have to be no more than 5 percent of 0.04 seconds, or
2 milliseconds. This corresponds to a sampling frequency per
thermocouple of 500 Hz, Therefore, the combined maximum
uncertainty in velocity due to measurement of d and deter-
mination of 7 is approximately 5.6 percent.

Generally, a correlation coefficient of larger than 0.5 is
desired to ensure a good correlation. Therefore, the selection
of d is also controlled by the degree of correlation, i.e., d can
be increased to any distance only if the correlation coefficient
does not fall below a desired value and spatial resolution does
not suffer.

The length of data record is another factor in analysis of
data. It has to be long enough to include a sufficient number
of fluctuations, so that a representative mean velocity can be
obtained. However, if the record length is too long, the tran-
sient characteristics of the mean flow may be lost since the
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Fig. 5 Thermal fluctuations in the ceiling jet flow and observable cor-
relation: (a) 2 mm below the ceiling; (b) 60 mm below the ceiling

changes in the velocity (in this case due to ceiling heating) may
be smoothed out.

Because of the large number of factors to be considered,
the selection of the sampling rate, record length, and distance
between thermocouples in a pair is a function of the desired
results and controllable by the researcher (Motevalli, 1989).

In this work, the separation distance, d, between the forward
and rear thermocouples was varied from 20 to 50 mm. The
distance was selected through a series of experiments (such as
those discussed in relation to Fig. 4) performed at the ceiling
steady-state conditions and based on the expected velocity and
sampling requirements. The cross-correlation coefficient along
with the observation of temperature-time plots were used to
determine how well the thermal fluctuations were preserved
while traveling between the forward and rear thermocouples.
In addition, the actual radial location of velocity and tem-
perature measurements and uncertainty in velocity measure-
ments were two major considerations in selecting d. The radial
location for the measurements is assumed to be at the midpoint
between the rear and forward thermocouples. For small radial
locations, a larger d would represent a mean velocity averaged
over a significant portion of the radius.

334/ Vol. 114, MAY 1992

VELOCITY PROFILES

0.5
o @=1.0 KW, H=1.0 m, r/H=0.5
O/O/X\é\/\
0.4F &
o
fa
%0 3
3F A
~ 8
7
EO 2l © Forward Orlantation
2 4 Reversed Orientatlon
¢ Averaged Veloclty
0.1
0.00— . X . . .
0 10 20 30 40 50 60

z (mm)

Fig. 6 Effect of thermocouple bead size difference on the CCV meas-
urement

Furthermore, d must be selected such that it is smaller than
the characteristic thickness of the ceiling jet, so that the eddies
do not distort appreciably during the time they move from the
forward to the rear thermocouple. Comparison of d with the
ceiling jet thickness estimated from Cooper’s equations (1987),
Alpert’s measurements (1971), and Motevalli and Marks (1990)
show that this requirement was satisfied for the measurements
reported herein. The Gaussian thickness of the ceiling jet, /,,
varied between 0.0375 m at the smallest height and radial
location to 0.2 m at the largest radius and height. Hence, the
ceiling jet thickness, estimated to be at least twice the Gaussian
thickness (Motevalli and Marks, 1990), would be larger than
d. The Kolmogorov length scale (/, Rej,>*) for the flow was
estimated to be on the order of 10 * m. The Reynolds number,
based on the Gaussian ceiling jet thickness, was between 1500
and 3000. The Kolmogorov scale indicates that the small-scale
eddy structures are much smaller than the sensor separation
distance. The large-scale eddies are generally on the order of
the ceiling jet thickness, which is larger than the d selected.

To demonstrate the observable correlation between forward
and rear thermocouple signals at different locations within the
ceiling jet, the actual temperature-time (represented here as
thermocouple voltage-time) records are plotted in Figs. 5 (a)
and 5(b). These figures show the temperature-time records
at two distances below the ceiling of 2 and 60 mm (d = 50
mm), and for the smallest fire of 0.5 kW (the largest being 2.0
kW). Both figures indicate that there are large-scale turbulent
fluctuations in the flow. The correlation between the records
seems to be quite good. Higher scatter in velocity measurements
observed at larger distances from the ceiling (as discussed later)
may be due to a decrease in the thermal fluctuations (i.e.,
distinct features in the record) and a lower magnitude of ther-
mal fluctuations about the mean. These effects may be ob-
served in Fig. 5(b).

Results

Analysis of the Velocity Measurement Technique. The sin-
gle most important factor that can cause an error in velocity
measurements is the difference between bead sizes of ther-
mocouple junctions in a pair. Any such difference affects the
time constant of the thermocouples, consequently producing
an error in measurements of the true convection time of the
flow. Other errors due to sampling rate and signal quality have
already been discussed.

To estimate the effect of bead-size difference, two velocity
profiles in a ceiling jet under steady-state conditions were ob-
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Fig.7 Comparison of the CCV versus pitot tube measurements for pipe
flow at the pipe exit

tained while reversing the thermocouple orientation. This test
was carried out using a small fire, approximately 1.0 kW, and
measurements were performed at an »/H value of 0.5. The
results are shown in Fig. 6. Each data point represents a mean
velocity value averaged over 3 minutes using twelve 10 second
long data records collected every 5 seconds. It is clear that the
differences in the measured velocity due to the thermocouple
orientation are small. These differences are less than 5 percent,
except for one pair with a velocity difference of 9 percent with
respect to the average value of the two orientations, which was
replaced. Errors due to bead size differences are to some extent
controllable. It is possible to either make certain that the se-
lected thermocouple beads are of nearly equal size (by con-
ducting a similar experiment) or to measure the error in the
velocity due to the bead-size differences and correct the data.

Calibration of the Velocity Measurements. To verify the
CCV, other velocity measurement techniques were employed
and a nonisothermal, turbulent flow was simulated using a
‘“flow generator.”

The flow generator was constructed from a short horizontal
PVC pipe, with a 40.77 mm i.d. Air supplied at the inlet of
the pipe was monitored by a calibrated flowmeter. Several fine
mesh screens in the pipe were used to straighten the flow. At
two pipe diameters upstream of the outlet of the pipe a helical
shaped heating coil with a diameter of 4.8 mm, made of ni-
chrome wire, was placed with its central axis aligned approx-
imately with the centerline of the pipe. More screens were place
downstream of the heating coil, at the pipe exit, to eliminate
any velocity deficit caused by the coil. The heated wire-induced
thermal fluctuations needed to trace the flow by the thermo-
couple sensors.

The velocity at the pipe exit was measured by a 3.175-mm-
dia pitot-static tube connected to a capacitance differential
pressure sensor with a range as low as 10~ mm Hg. The CCV
probe was placed at the pipe exit with d set at 30 mm. Two
different flow rates, 62.7 liters/min (flow #1) and 47.9 liters/
min (flow #2) were selected for the calibration.

The pitot tube and CCV measurements were performed si-
multaneously for both flow rates. The pitot tube was positioned
behind the top thermocouple pair and the pipe was traversed
vertically to obtain the velocity profile. The sampling rate was
set at 3240 Hz, thus providing a resolution of 1 percent on
selecting the correct 7. The results of this experiment showed
excellent agreement between the pitot tube and thermocouple
measurements, Fig. 7. The measurements for the lower flow
rate displayed a higher difference between the CCV and pitot
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Table 1 CCV calibration results: individual thermocouple pair velocity
measurement versus pitot tube velocity measurement
Flow #1, 62.7 1/min | Flow #2, 47.9 1/min
Pair Pitot ccv Pitot ccy
No. Tube Probe Tube Probe
(m/s) (m/s) (m/s) (m/s)
1 0.83 | 0.89 0.67 0.65
2 0.89 0.88 0.70 0.67
3 0.90 0.92 0.69 0.73
4 0.89 0.91 0.73 0.72
5 0.88 0.92 0.72 0.73
6 0.93 0.92 0.72 0.75
7 0.93 0.93 0.76 0.74
8 0.92 0.86 0.75 0.68

Table 2 Calibration of CCV measurements using hot-wire anemometry

CCV Probe Average CCV  Correlation Hot-wire
Pair No. Velocity Coefficient Velocity
(m/s) (m/s)
1 0.40 0.70
before: 0.41 m/s
2 0.41 0.72 after : 0.43 m/s
average: 0.42 m/s
3 0.42 0.85
1 0.75 0.89
before: 0.76 m/s
2 0.79 0.97 after : 0.74 m/s
average: 0.75 m/s
3 0.79 0.30
1 1.08 0.89
before: 1.02 m/s
2 1.06 0.80 after : 1.06 m/s
average: 1.04 m/s
3 1.01 0.81

tube data. This may be due to buoyancy effects or limitations
of the pitot-tube pressure transducer.

It has been stated that the strength of the thermal fluctua-
tions is an important factor in obtaining good correlation and
by extension reliable velocity measurements. Near the edge of
the pipe, the amplitude of thermal fluctuations is reduced,
resulting in reduced temperature gradients. In Fig. 7, the data
points close to the top edge of the pipe seem to indicate the
effect of buoyancy, as well as smaller thermal fluctuations, on
the velocity measurements. This also indicates that the CCV
technique may suffer in the wall shear layer region where the
small eddies tend to be much smaller than d and also dissipate
quickly. This should only affect the velocity measurements,
since the temperature measurements in these regions can be
made using only one of the thermocouples. The average value
from a thermocouple pair may misrepresent the desired point
temperature measurement in the wall region.

To examine every thermocouple pair in the probe, individual
pairs were aligned with the centerline of the pipe one at a time.
Table 1 contains the results of this experiment. The pitot tube
measurements and thermocouple values are in agreement to
less than 5 percent of the average of the two measurements
for all pairs. '
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Table 3 Calibration of CCV measurements using Laser-Doppler Ve-

locimetry

Average CCV LDV (%)

Velocity (m/s) {m/s) Diff..
0.207 0.212 2.40
0.228 0.227 -0.44
0.247 0.258 4.26
0.355 0.373 4.83
0.398 0.397 -0.25
0.562 0.567 0.88
0.639 0.619 -3.23
0.671 0.666 -0.75
0.675 0.669 -0.90
0.845 0.865 2.31
0.850 0.862 1.39
0.875 0.898 2.56
1.090 1.130 3.54
1.106 1.141 3.07
1.435 1.498 4.21
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Fig. 9 Velocity profiles in a ceiling jet flow, measurements using the
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Calibration Using Laser-Doppler Velocimetry (LDV) and
Hot-Wire Anemometry

In order further to verify the CCV technique, a separate
calibration program was devised (Marrion, 1989). A similar
“flow generation’’ device to that described previously was
constructed with a 101.6-mm-dia PVC tube. The air flow was
generated using an electric fan. The flow was again passed
through a number of screens and air-straighteners prior to it
flowing over a heating coil. Using three thermocouple pairs
separated by a 19-mm distance, hot-wire velocimetry and LDV
measurements were performed. For all measurements, the ther-
mocouple pairs were placed about the central axis of the pipe
spaced approximately 3 mm apart vertically and 25 mm from
the pipe exit.

Hot-Wire Measurements. Velocity measurements were ob-
tained for a constant cold flow, i.e., before the heating coil
was turned on, using a hot-wire probe. For these measure-
ments, the hot-wire probe was placed midway between the
thermocouple pairs. The heating coil was then turned on and
the measurements were repeated using the CCV probe indi-
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Fig. 10 Temperature profiles in a ceiling jet flow, measurements using
the CCV technique

vidual thermocouple pairs. Two to three CCV measurements
were performed using 7-10 second long data records and the
velocity measurements were averaged between the 2-3 separate
measurements. The hot-wire measurements were repeated after
the heating coil was turned off and cooled. This test was per-
formed for velocities varying between 0.4 and 1.05 m/s. Results
shown in Table 2 indicate that the difference between the two
measurements were less than +35 percent (compared to the
average of the velocities measured by the two techniques).
These were certainly encouraging yet inconclusive results.
Clearly, simultaneous measurements of the velocity using the
CCV and a baseline technique were desirable.

Laser-Doppler Velocimetry Measurements. An LDV sys-
tem consisting of an argon-ion laser and associated optics was

" next used as a reliable baseline velocity measurement technique.

The flow was seeded using incense sticks and the LDV meas-
urements were obtained at the midpoint between the CCV
probe sensors. The thermocouples were sampled at 250 to 1000
Hz for low to high velocities, respectively, over a 7 second
period. Each data set for a given velocity represents an average
of two to five measurements of the LDV and CCV. The LDV
measurements were obtained when 1000 particles crossed the
laser control volume over 5 to 20 seconds with the increased
sample time occurring at lower velocities.
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Table 3 contains the results of this calibration for velocities
between 0.2 and 1.4 m/s. These results are also plotted in Fig.
8, where the 45 deg line indicates how closely the CCV and
LDV measurements compare. The percent difference between
the LDV and CCV measurements is less than + 35 percent for
all the measured velocities.

The two separate and independent verification programs
using pitot tube, hot-wire anemometry, and LDV measure-
ments ensure that the CCV is quite accurate within less than
+5 percent of the preferred-velocity component of a non-
isothermal turbulent flow. The two flow generation devices,
along with the ceiling jet flow, which contain large-scale eddies,
produced different flow regimes and different scales of tur-
bulence covering a reasonable range of low-velocity, low-in-
tensity turbulent flows.

Velocity and Temperature Profiles

Some results from the ceiling jet measurements for a 2.0
kW fire are presented here. The velocity and temperature pro-
files for times of 5 and 30 seconds (time zero was the start of
the fire), 10 minutes, and the ceiling steady-state condition are
plotted in Figs. 9 and 10. The data record length was 10 sec-
onds. A number of records were used to generate average
profiles at the 10-minute and steady-state condition. The steady-
state condition was reached after approximately 35-40 min-
utes. Data were sampled such that the resolution in selecting
7 was better than 5 percent for d = 5 ¢cm. The temperature
difference, Fig. 10, represents the difference between the ab-
solute temperature of the ceiling jet and the ambient temper-
ature. The data yield well-formed profiles and the scatter seems
to be mostly due to combining the data from three runs where
the probe vertical position had to be changed three times to
obtain the necessary data over a 155 mm vertical span in the
ceiling jet.

To demonstrate the transient measurement capability of this
technique, Figs. 9 and 10 contain the velocity and temperature
profiles at 5 seconds into the run. Each of these profiles is
formed from a 10-second-long data record (hence no averaging
performed), and it should be noted again that the probe had
to be lowered to two new positions to obtain all the data points.
Some of the scatter is due to a possible timing difference in
initiating the data collection in each of the runs. Yet, remark-
ably well-formed profiles are obtained. The results have been
compared to some limited data obtained by workers who have
used other velocity measurement techniques (Motevalli, 1989).
These comparisons indicate a reasonable agreement between
this work and previous efforts.

Conclusions

The technique presented here is deemed to be quite suitable
for low-speed, low turbulent intensity, nonisothermal flow
measurements. Among its important advantages are the ca-
pability to measure flow velocity and temperature simulta-
neously and obtain multipoint measurements rather simply.
Furthermore, disturbance of the flow by the sensors is almost
as low as that by hot wires. In addition, it has been demon-
strated that the CCV can be used to measure the flow velocity
component in the preferred flow direction reliably while the
pitot tube and hot-wire measurements can be suspect due to
the effect of other velocity components.

Extensive comparisons of the Cross-Correlation Velocimetry
technique with the Laser-Doppler Velocimetry, hot-wire ane-
mometry and pitot-static tube measurements demonstrate that
the CCV technique provides accurate velocities that agree with
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the most reliable baseline technique, namely the LDV, within
less than =35 percent.

The limitations of the CCV technique have been extensively
discussed here. The CCV can be used for nonisothermal flows
with a preferred velocity component and thermal fluctuations
that are distinct enough to provide a higher than 50 percent
correlation. In this particular study, thermal fluctuations of
at least +2°C about the flow mean temperature seem to have
satisfied the above requirement. This limitation is, however,
controllable through instrumentation, and provides high sig-
nal-to-noise ratios.

Finally, the CCV offers a relatively simple, inexpensive and
accurate multipoint velocity measurement technique with the
added capability of simultaneous temperature measurements.
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Free-Stream Turbulence and
Concave Curvature Effects on
Heated, Transitional Boundary
Layers

An experimental investigation of transition in concave-curved boundary layers at
two free-stream turbulence levels (0.6 and 8.6 percent) was performed. For the
lower free-stream turbulence intensity case, Gortler vortices were observed in both
laminar and turbulent flows using liquid crystal visualization and spanwise velocity
and temperature traverses. Transition is thought to occur via a vortex breakdown
mode. The vortex locations were invariant with time but were nonuniform across
the span in both the laminar and turbulent flows. The upwash regions between two
vortices were more_unstable than were the downwash regions, containing higher
levels of u’ and u’v’, and lower skin friction coefficients and shape factors. Tur-
bulent Prandtl numbers, measured using a triple-wire probe, were near unity for all
post-transitional profiles, indicating no gross violation of Reynolds analogy. No
streamwise vortices were observed in the higher turbulence intensity case. This may
be due to the high eddy viscosity, which reduces the turbulent Gortler number to
subcritical values, thus eliminating the vortices, or due to an unsteadiness of the
vortex structure that could not be observed by the techniques used. Based upon
these results, predictions that assume two-dimensional modeling of the flow over a
concave wall with high free-stream turbulence levels, as on the pressure surface of
a turbine blade, seem to be adequate—there is no time-average, three-dimensional
structure to be resolved. High levels of free-stream turbulence superimposed on a
Sfree-stream velocity gradient (which occurs within curved channels) cause a cross-
Stream transport of momentum within the flow outside the boundary layer. The
total pressure within this region can rise above the value measured at the inlet to

the test section.

Introduction

Due to the sensitivity of transition to many factors (e.g.,
free-stream acceleration, the level of free-stream turbulence
and its characteristics, surface roughness, surface curvature,
surface heating, wall suction, compressibility, and unsteadi-
ness), an understanding of transition is far from complete. A
study of the effects of streamline curvature and free-stream
turbulence intensity on transition, with applications to flows
in gas turbines, has been undertaken at the University of Min-
nesota, The program began with a study of the effects of two
levels of free-stream turbulence (0.68 and 2.0 percent) on flat-
plate transition (Wang et al., 1985). Streamline convex cur-
vature effects were then studied by Wang and Simon (1987).
Kim et al. (1989) revisited free-stream turbulence intensity ef-
fects on transition over flat plates using conditional sampling
on the intermittency function, including direct measurements
of the turbulent Prandtl number, In the present paper, the
effects of streamline concave-curvature and free-stream tur-
bulence intensity (0.6 and 8.6 percent) on boundary layer tran-
sition and heat transfer are presented. Numerous hydrodynamic
studies on the vortex breakdown process have been performed.
A few studies have looked at heat and momentum transfer
within turbulent boundary layers that were suddenly intro-

duced to concave curvature. However, to the authors’ knowl- -

edge, no work to date has focused on measuring heat transfer
levels in boundary layers undergoing transition on concave
surfaces, especially at higher free-stream turbulence intensity
levels. This flow is important, as much of the flow over the
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pressure side of some turbine blades is known to be undergoing
transition. The present study was undertaken with this appli-
cation’in mind. A brief review of the literature follows.

Taylor-Gortler vortices that form on the concave wall (first
predicted by Gortler, 1940, see Fig. 1) hasten the transition
process by producing unstable cross-span and cross-stream
inflection point velocity profiles. The formation of these vor-
tices is controlled by the Gortler number, defined as

Upnb2 8
G=—2= [=

Clauser and Clauser (1937) and Liepmann (1943) concluded
that concave curvature has a destabilizing effect on the flow,
showing transition to occur earlier than on a flat plate. Wort-
mann (1969), in a flow visualization study, identified three

downwash Iy

Fig. 1 Schematic diagram of Gortler vortices, from Crane and Sabzvari
(1984)
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modes of instability where Gortler vortices represented the
primary instability. The secondary instability manifested itself
as a tilting of the vortex structure, resulting in highly unstable
double inflection point velocity profiles. In a third-order in-
stability, the vortex structure oscillated. Bippes (1978) also
observed a meandering of the vortex structure prior to break-
down to turbulence. The critical Gortler number (G,) for onset
of the primary instability ranged from 6 to 10, decreasing with
increasing free-stream turbulence intensity. Pressure gradients
in the direction of the flow had little effect on stability. Swear-
ingen (1985), using smoke visualization and hot-wire rakes,
found that the breakdown of vortices occurs via either a
horseshoe vortex mode or a sinuous mode. Breakdown to
turbulence, which destroyed the coherent structure of the field,
occurred shortly downstream. Inflection points in the spanwise
direction were more unstable than inflection points in the cross-
stream direction. McCormack et al. (1970), who studied the
effects of Gortler vortices on heat transfer in a duct, found
Nusselt numbers 30 to 190 percent greater on the curved wall
than on the corresponding flat plate.

The effects of concave curvature on turbulent boundary
layers are well documented. One of the first to study this was
Tani (1962), who proposed replacing the molecular diffusivity
in the Gortler number with the eddy diffusivity to obtain a
turbulent Gortler number. So and Mellor (1975) found a system
of longitudinal vortices that were unstable, disintegrating to
high turbulence levels downstream. Ramaprian and Shivapra-
sad (1977) found the outer region of the boundary layer to be
very sensitive to wall curvature, reaching a self-preserving form
very soon after entry into the curve. Mean profiles agreed with
the log-law, the extent of the turbulent core being increased
by concave curvature. Shizawa and Honami (1983) found sim-
ilar results, noting that the Coles profile parameter (II) de-
creases to zero and becomes negative. In a later paper, Shizawa
and Honami (1985) suggested that the Gortler numbers may
be reduced to the stable regime if the eddy viscosity becomes
large enough, as the vortex structure within the boundary layer
disappears. Barlow and Johnston (1988a, 1988b) found lon-
gitudinal vortices that appeared and disappeared randomly in
space and time. When vortex generators were placed upstream
of the curve, however, the vortex motion stabilized. Bursting
was suppressed in the downwash region and enhanced in the
upwash region. Although lower velocities near the wall in the
upwash suggest decreased local skin friction, increased bursting
compensated for the drop, resulting in a relatively constant
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Fig. 2 Schematic of the test facility (plan view)

skin friction coefficient across the span. They felt that a two-
dimensional simulation of the flow would be sufficient. Similar
conclusions were reached by Simonich and Moffatt (1982) in
a heat transfer study in which they found that the Stanton
number varied by only 15 percent, even under the most en-
ergetic downwash.

A description of the test facility and a summary of the results
obtained for the low and high free-stream turbulence intensity
cases are presented below. Flow parameters and profiles de-
scribing the heat and momentum transfer levels at the upwash
and downwash locations associated with the vortex pairs are
presented.

Test Facility, Measurement Techniques, and Qualifi-
cation

A schematic of the test facility is shown on Fig. 2. The
tunnel was originally designed and built by Wang (1985) and
modified as described by Kim et al. (1989). Details of the test
facility may be found from Wang (1985). The test channel was
rectangular, 68 cm wide, 11.4 cm deep, and 137 cm long. The
nominal free-stream turbulence intensity, measured using a
cross-wire thermal anemometer probe oriented in two perpen-
dicular directions, was 0.6 percent. Mean velocity was uniform
to within 3 percent, and turbulence intensity was uniform to
within 6 percent of its value at the beginning of the test section.

Nomenclature
b = bar width u = instantaneous streamwise ve-
C; = skin friction locity .
C, = specific heat v = instantaneous cross-stream Subscripts
G = Gortler number velocity ¢ = critical or computed value,
Gr = Grashof number w = instantaneous cross-span ve- depending on context
P = production of shear stress locity e = eddy value
Pr, = turbulent Prandtl number oo - turbulent shear stress, time p = local potential flow value
q” = heat flux per unit time and " averaged pw = potential value at wall
area _ v'f’ = Cross-stream turbulent trans- t = turbulent
R = wall radius of curvature or port of heat, time averaged tr = transition
resistance, depending on x = streamwise distance w = wall value or wall, depending
context y = cross-stream distance on context
r = local radius of curvature z = cross-span distance x = based on streamwise distance
Re = Reynolds number 6, = momentum thickness o = free-stream value
St = Stanton number A = wavelength of vortices .
T = temperature, mean value y = kinematic viscosity Superscripts
t = time or instantaneous tem- II = Coles wake parameter " = fluctuating component, in-
perature, depending on con- o = autocorrelation or density, stantaneous or rms, depend-
text depending on context ing on context
7T ‘= turbulence intensity 7 = shear stress or time delay, + = wall coordinates
U = mean streamwise velocity depending on context ~ = (overbar) mean value
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Fig. 3 Jet-grid turbulence generator (from Russ, 1989). Flow is from
left to right in the side view.

A free-stream turbulence level of 8.6 percent at the entrance
of the test section was achieved with an insert section down-
stream of the contraction nozzle. This insert, shown on Fig.
3, is a biplane grid of 4.2 cm o.d. polyvinyl chloride (PVC)
pipes on 10.8 cm centers. A 96.5-cm-long downstream length
before the test section allows turbulence development. The grid
is similar to that of O’Brien and vanFossen (1985). A rotating
slant wire (Russ, 1989), used to measure all three components
of velocity, showed that u' ~1.06v0" and u’ ~w’. The tur-
bulence was, thus, quite isotropic.

The evaluation of uncertainties in hot-wire measurements is
very difficult. Even if the uncertainty in the hot-wire calibration
is made arbitrarily small, there is always the doubt whether
the hot-wire response inferred from a static calibration is ap-
plicable over the frequency range of interest. Perry (1982) states
that errors as high as 10 percent in the mean square energy
distribution of the turbulence are possible, but that the broad-
band turbulence results are much less affected since the energy-
containing components of the turbulent motions are mainly
weighted toward the low-frequency end. The reader is referred
to Perry (1982) for further discussion of uncertainty in hot-
wire measurements. Based upon Perry’s discussion and the
authors’ experience during qualification runs, an uncertainty
for the single-wire measurements of 5 percent is assigned as
is 10 percent for the cross-correlation measurements

(u'v’ and v’t’). These values are also consistent with the scat-
ter in the measurements as observed by the authors.

Local values of the skin friction coefficient (Cy) were found
from the mean velocity profiles measured using a single hot
wire. In laminar flows, Cy was determined by fitting the near-
wall data to the equation

U+ =y+
where
Ut =Y/ Upn e yUNC/2
NGC2 v

In turbulent flows, the data were also fit to the law of the
wall, given by
U* =2.44In(»*) +5.0

and the van Driest damping region in the buffer layer (see "

Kays and Crawford, 1980). Within transition, skin friction
values were determined by fitting the near-wall data points in
the viscous sublayer to the U* =y *curve.

Qualification of the bendable test wall (while in a flat con-
figuration) was discussed in a previous paper (Kim et al., 1989).
In the present experiment, the test wall was bent to a radius
of curvature of R=97 cm, and the shape of the outer, flexible
wall was adjusted such that the static pressure coefficient (ref-

_erenced on the upstream static pressure) at the test wall was
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Table 1 Summary of boundary layer parameters for the lower turbu-
lence intensity case; upwash and downwash are denoted by (u) and (d),
respectively; stations 1 and 2 are pre-transitional

Station x Upw 32 Rey Regn Cy ATy Qw"
) sy | (mm) | 3078 a0 | co | (Wim?)
1 .089 16.53 0.213 917 219 2.23 .- -
2 (d) .356 17.24 | 0.164 3.76 173 4.60
2 (u) .356 17.23 0.531 3.757 561 2.10 .- iy
3 (d 610 17,08 |} 0.996 | 6.389 1044 4.80 3.95 147.8
3 (w) 610 17.11 1.124 | 6.403 1181 4.15 4.23 147.8
4 (d) .876 17.14 1.167 9.244 1231 5.20 3.88 148.3
4 (u) 876 1717.13 1:820 | 9.234 1917 4.20 4.20 148.3
5 (d} 1.130 16.76 1.898 11.64 1954 4.70 4.15 146.6
5 (u) 1.130 1676 | 2.718 11.65 2801 3.70 4.31 146.6

uniform to within 3 percent. Qualification of the test facility
was performed in the low 77 configuration. Measured free-
stream velocity variations within the curve at stations 3 and 4
(see Table 1 for boundary layer parameter values at these
stations) were compared with the theoretical velocity distri-
bution given by:

Ur=const = U,,R.

Although they agreed quite well, there was a slight discrepancy
(the source will be discussed when describing the high free-
stream turbulence intensity case in which the discrepancy is
more severe). Because of this discrepancy, calculation of
boundary layer thicknesses were not precise; distances normal
to the wall were therefore normalized on the wall radius of
curvature, R.

Wall heating destabilizes the flow in two ways. First, heating
increases the viscosity near the wall, leading to inflectional
velocity profiles (see Schlichting, 1979). Second, the fluid den-
sity near the wall decreases, causing heated fluid to move away
from the concave wall under the influence of centrifugal forces.
The second effect is discussed by Lin et al. (1982) who studied
the effect of wall heating on a horizontally oriented concave
curved wall. They found that when
g—; >2.99,
buoyancy forces dominate centrifugal forces and vortices grow.
The Grashof number, Gr, is based on gravitational accelera-
tion. Since the centripetal acceleration in the present test is
much larger than the gravitational acceleration (approximately
25 times), the gravitational acceleration in the above Grashof
number may be replaced by the centripetal acceleration to
determine whether the vortices grow. This yields

%ES.SX 1073

implying that the buoyancy term has little effect on the in-
stability. The main destabilizing effect of heating on the flow
is the increase in fluid viscosity near the wall, This is minimized
by using the minimal heat flux, dictated by requirements on
uncertainty.

Temperature profiles were normalized to wall coordinates,
T*versus y*, where

T,-T Ty

g/ Pcp o ’
which required local wall heat flux and temperature values.
Thermocouples were embedded ~ 1 mm (40 mil) into the wall
behind a lexan/liquid crystal composite, which tended to
smooth temporal and spatial variations in wall temperature.
Effects of this smoothing were significant only when the vortex
spacing was comparable to the composite thickness. The vortex
wavelength in the late laminar flow was ~4 mm, giving a
vortex wavelength to composite thickness ratio of ~4. Al-
though this was encouragingly large, some smoothing of the
temperature and wall heat flux variation was expected. The

+
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Table 2 Summary of boundary layer parameters for the higher turbu-
lence intensity case

Station X Upw Rey Cy ATy, Qw"
() | mss) | a0 ] 5103 | o) [(Wim?)

1 0.089 17.70 0.965 6.00 3.09 216.9

2 0.356 17.70 3.861 5.90 3.67 213.8

3 0.610 17.70 6.635 5.30 “4.11 211.4

4 0.876 17.70 9.543 5.30 4.04 211.8

5 1.13 17.70 12.34 5.00 4.21 210.8

vortex wavelength increased to 10-25 mm after transition; thus,
the problem essentially disappeared. Because of these prob-
lems, only post-transitional temperature profiles are presented.
At these locations, uncertainty values of about 10 percent on
T+ are estimated.

The Stanton number is a nondimensional form of the heat
transfer coefficient defined as

.

4w
pCono(Tw_ Too)

The wall heat flux was computed by measuring the current
through the heater along with the corresponding voltage drop.
The power factor was measured to be unity. Corrections were
made for back heat loss (through the fiberglass insulation),
streamwise conduction, and radiation. The conductivity of the
lexan/liquid crystal composite and the emissivity of the liquid
crystal surface were measured as described by Kim (1990). Wall
temperatures were computed from the thermocouple voltages
and the heat flux. Since the thermocouples were located behind
the lexan/liquid crystal composite, corrections were made for
the temperature drop within the composite.

The uncertainty in Stanton number is 6 percent. This number
was calculated using the uncertainty propagation methodology
of Kline and McClintock (1953) and a 95 percent confidence
level. Sensitivity coefficients for the analysis were evaluated
by slightly perturbing the values of the input parameters to
the data reduction program one by one and observing their
effects on St, as described by Moffat (1980).

The embedded thermocouples at the centerline of the test
wall lie directly beneath a downwash for the post-transitional
stations. To find the wall temperatures at the upwash, two
stick-on foil thermocouples 0.0127 mm (0.5 mils) thick (made
by Rdf Corporation), configured to give the temperature dif-
ference between the two junctions, were taped onto the wall
at the upwash and downwash locations.

Relevant parameters for the present study are shown on
Tables 1 and 2.

St

Results and Discussion

The Low TI Case—TI=0.6 percent. Shown on Fig. 4isa
schematic of the liquid crystal pattern on the test wall showing
transition to turbulence. The spanwise variation in heat flux
seen on the liquid crystal surface is believed to be caused by
Gortler vortices. Observations of the liquid crystal show that
the vortices change spacing at the point of transition. It is felt
that the flow undergoes transition through a vortex breakdown
process. A streaky pattern remains after transition, however,
indicating that the large-scale vorticity persists into the tur-
bulent flow. The unevenness of the streamwise position of the
color-sensitive zone from vortex to vortex across the span
implies that the vortices transition to turbulence independently
of one another. This is consistent with the observations of
Swearingen (1985), who used smoke to visualize the vortex
breakdown. The transition pattern is quite unlike that observed
on the flat wall, in which very little spanwise irregularity was
observed. The spanwise temperature variation in the laminar
flow was stable in time and space, indicating that the vortices
had preferred spanwise locations in the time-averaged flow.

Journal of Heat Transfer

PS | B 7 ? Slhasa E.'][i'.".'.'!.i
Fig.4 Schematic of liquid crystal pattern showing the post-transitional
vortex pattern on a heated, concave wall. Endwalls are straight; the
apparent curvature is due to perspective.
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Fig. 5 Spanwise variation in velocity at various normal distances from
the wall: (a) station 2, (b) station 3

If the vortices did move, they did so at a higher frequency
than the liquid crystal (~ 1 Hz) response frequency and with
an amplitude that was small relative to the vortex wavelength,
There also are spanwise variations in temperature downstream
of transition (stations 3 to 5), implying that some vortex struc-
ture may exist in the turbulent flow. Simonich and Moffatt
(1982) found no stable three-dimensional vortex structure on
the concave wall when a fully turbulent boundary layer was
introduced to concave curvature. Barlow and Johnston (1988a,
1988b), in a similar study, found that vortices appeared and
disappeared randomly across the span. When vortex generators
were used upstream of the curve, the Gortler pattern became
stationary. It appears that in the present study, the stable vortex
structure is established ‘‘naturally’’ using the laminar flow
structure to provide preferred spanwise locations for down-
stream evolution of the vortices. Figure 4 shows that the vortex
wavelength is somewhat irregular in the turbulent flow from
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Fig. 6 Velrocity profiles at the upwash and downwash normalized on
wall coordinates: (a) station 2, (b) station 3

vortex pair to vortex pair across the span. Similar observations
showed similar behavior in the laminar flow. The parameter
controlling this spacing may have been the geometry of the
last screen upstream of the nozzle, as observed by other re-
searchers (e.g., Swearingen, 1985; Bippes, 1978).

Mean and Fluctuating Velocity. Results of various span-
wise traverses of the hot wire at constant y distances from the
wall for stations 2 and 3 (pre-transition and post-transition
stations, respectively) are shown on Fig. 5. The spanwise var-
iation of the mean velocity (shown) and fluctuating velocity
(not shown) in the laminar flow (station 2) is especially pro-
nounced, with a peak in velocity corresponding to a dip in
fluctuating velocity, and vice versa, illustrating the unstable
nature of the velocity profile in the upwash location. It is
further seen that the vortex spacing from row to row in the
late Jaminar flow (station 2) is quite irregular, as observed in
the liquid crystal visualization, and that the upwash and down-
wash do not align, indicating a tilted vortex structure in the
time-averaged flow. Also, close inspection of the fluctuating
velocity revealed a double peak in #’ within the vortex, con-
sistent with the observations of Swearingen (1985). The dif-
ferences in the spanwise profiles between the upwash and
downwash positions (Fig. 5) become much less pronounced
after transition (station 3), possibly due to increased mixing
in the boundary layer. Movement of the vortices from side to
side may also have contributed to the reduction in differences
between the upwash and downwash profiles. The vortex wave-
length at station 3 became much larger than that at station 2,
and no double peak in u’, as seen in the laminar flow,
appeared.

The mean velocities normalized on wall coordinates at the
upwash and downwash locations near the tunnel centerline are
shown on Fig. 6. The upwash profile at station 2 is distinctly
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Table 3 Gortler numbers computed at each station using the appro-
priate viscosity (molecular or eddy)

Station G Gy

2 (upwash) 13,1 ] -

2 (downwash) 223 | -

3 (upwash) ----- 1.29

3 (downwash) [ = - 1.52

4 (upwash) | e 0.59

4 (downwash) | = ----- 1.53

S(upwash) | = ----- 1.35

S (downwash) [ = ----- 1.81
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Fig. 7 Skin-friction variation along the wali at upwash and downwash
locations
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Fig. 8 Turbulence intensity profiles along the wall at the upwash and
downwash locations: (a) station 2, (b) station 3 -

inflectional and a dramatic difference between the upwash and
downwash profiles is seen. Again, much of this difference
disappears after transition. Although it appears that the up-
wash profiles have a fuller shape than the downwash profiles,
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Fig.9 Shear stress profiles along the wall at the upwash and downwash
locations: (a) station 3, (b) station 5

this is an artifact of the normalization (skin friction values for
the upwash are smaller than for the downwash, resulting in
higher U* values in the upwash).

Plots of skin friction coefficients versus Re, are shown on
Fig. 7. Differences between the upwash and downwash values
are larger in the late-laminar region (station 2) and smaller in
the turbulent flow (stations 3, 4, and 5), consistent with the
trends seen in the streamwise velocity and rms velocity profiles.
This led to speculation that in the turbulent flow, the behavior
may be better described in terms of a ‘‘turbulent’’ Gortler
number (G,) (the Gortler number with the eddy viscosity re-
placing the molecular viscosity). Values of G, based upon meas-
ured eddy viscosity values are shown on Table 3. The eddy
viscosity value chosen for this computation is the average value
across the boundary layer. Values of G, decrease to ~1.3-1.5
immediately after transition. The differences in G, between the
upwash and downwash locations after transition become much
smaller than the difference before transition, supporting the
observation of smaller differences in » and u#” values between
the upwash and downwash in post-transitional flow.

Profiles of u’ are shown on Fig. 8. The large variations in
the late laminar flow (station 2) between profiles taken at the
upwash and downwash locations completely disappear after
transition (station 3). The near-wall peak in u’ is consistently
near 11 percent for all the post-transitional profiles, indicating
a near-wall, curved-asymptotic situation, i.e., a situation in
which the profiles do not change further with axial distance.

Shear Stress Profiles. Profiles of the shear stress (u'v’)
for two post-transitional stations are shown on Fig. 9. The
data in the laminar flow are not reliable since the spacing
between the wires of the X-wire probe is comparable to the
vortex wavelength; when the probe is traversed in the spanwise
direction in the boundary layer at that location, the wires were
not simultaneously in an upwash or downwash.

The shear stresses at the wall plotted on these figures were
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computed from skin friction values deduced from mean ve-
locity profiles. Generally good agreement between the wall
values and the profile values is seen. Turbulent shear stresses
away from the wall in the upwash locations are greater than
the shear stresses in the downwash locations in the turbulent
flow, a reversal from the wall shear values (Cy in the upwash
location is smaller than in the downwash location). A distinc-
tion must be made between the near-wall flow and the wake
flow, however. The wake flow is more affected by the large
vortical motion which convects turbulent fluid toward the up-
wash.

Stanton Number. The Stanton number variation along the
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concave wall is plotted on Fig. 10 along with [the correspond-
ing] flat-plate results taken with nominally the same free-stream
turbulence level (Kim et al., 1989). Concave curvature is highly
destabilizing, causing transition to occur earlier than on the
flat plate. The transition start, path, and length vary depending
on whether the centerline thermocouples are beneath a down-
wash or an upwash, however. Measurements at different lo-
cations relative to the vortices were made by changing the free-
stream velocity to change the boundary layer thickness and
thus the vortex wavelength, enabling the embedded thermo-
couples along the centerline, used to gather the Stanton number
data, to lie under an upwash for the 6.74 m/s case or under
a downwash for the 17.2 m/s case. Transition occurs over a
shorter length under an upwash than under a downwash. Stan-
ton number values for the upwash locations in the laminar
flow lie slightly below the laminar correlation while the down-
wash values lie slightly above the correlation. Both are influ-
enced by slight wall heating and unheated starting length effects,

Mean and Fluctuating Temperature Profiles. Mean tem-
perature profiles normalized on wall coordinates are shown
on Fig. 11. The striking feature of these profiles is their de-
viation from the thermal law-of-the-wall. While investigating
a single pair of vortices with the common flow toward the wall
in a turbulent boundary layer, Pauley and Eaton (1988) found
increases in T in general, but decreases in the upwash region.
The increase in T* values in both the present case and in the
Pauley and Eaton study may be due to enhanced mixing of
the heated boundary layer flow with the free stream, resulting
in an overall lowering of the temperature in the boundary layer.
The present results and those of Pauley and Eaton (1988)
indicate that the thermal law-of-the-wall is not valid in bound-
ary layers that have strong, streamwise vortices embedded
within them.
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ber. Profiles of cross-stream heat flux normalized on the wall
heat flux are shown on Fig. 12. The profiles approach unity
near the wall, as expected. The cross-stream diffusion of heat
is greater in the upwash than in the downwash, similar to the
behavior observed in the shear stress profiles. Again, this oc-
curs due to spanwise convection of heat to the upwash loca-

tions. Values of v”¢’ in the upwash are greater than those in
the downwash, even though Stanton numbers under the up-
wash regions are lower than those under the downwash regions,
similar to that seen for turbulent shear stress profiles and wall
shear stress values.

Profiles of the turbulent Prandtl number deduced from

u'v’, v't’, and the gradients in velocity and temperature (see
Kim, 1990 for a summary of the measurement technique) are
shown on Fig. 13. Near-wall values are near unity, indicating
no gross violation of Reynolds analogy. The data in the outer
part of the boundary layer are not reliable due to the small

values of #"v” and v'¢’ and the very shallow gradients in ve-
locity and temperature.

The High TI Case—TI=8.6 percent. This case deals with
the effects of concave curvature on transitional low Reynolds
number boundary layers under high free-stream turbulence
conditions. The free-stream turbulence at the test section en-
trance, generated using the biplane grid generator described
earlier, was 8.6 percent. The power spectral distribution was

-smooth, with no significant spikes over the range from 10 Hz

to 10 kHz. Velocity and turbulence intensity profiles just up-
stream of the test section entrance showed a mean velocity
variation across the span of 3 percent and a variation in tur-
bulence intensity of 6 percent of its nominal value. The free-
stream autocorrelation, given by

uw (Hu' (t+7)
p(T)=‘72(‘t')—““

measured at the beginning of the test region and the center of
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Fig. 14 Mean velocity profiles across the test section at various lo-
cations along the test wall: (a) station 2, (b) station 5; the test section
is approximately 115 mm wide

the channel, was used to find two turbulence scales. The area
under the autocorrelation curve, called the integral scale (3.3
cm), represents the average size of the turbulent eddies. The
Taylor microscale (0.61 cm), which is related to the turbulent
dissipation, was determined from the curvature of the auto-
correlation curve at the origin (7=0). A description of this
measurement is given by Kim (1990). Scale measurements were
not taken in the low-77 case,

Perhaps the most startling find of this case was the cross-
stream transport of momentum within that portion of flow
that was considered to be a potential core (the flow outside
the boundary layer that would be expected to behave according
to potential flow theory). Data to be presented indicate that
the combination of a high free-stream turbulence intensity
superimposed on a free-stream velocity gradient (due to the
curve) causes a transport of momentum within the ‘‘potential
core.” As a result, the velocity profile in the core is flatter
than predicted by potential theory (specifically,
U()r(y) =const) due to this transport. Mean velocity profiles,
measured across the flow normal to the test wall at each station
(Fig. 14) are seen to deviate increasingly from the potential
flow distribution with downstream distance. In contrast, sim-
ilar measurements made for the low free-stream turbulence
case (not shown) showed excellent agreement between the
measured and theoretical potential velocity profiles. The de-
viation is seen as early as station 2, where one would expect
the boundary layer to be thin. The disagreement of the data
with the potential flow theory may be due to a large momentum
transport in the “‘core’’ flow, This is supported by the shear
stress profiles (Fig. 15) where large values of shear stress are
seen even at the channel centerline (Y= 60 mm). It seems that
the high turbulence intensity in the core, when superimposed
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Fig. 16 Mean velocity profiles normalized on wali coordinates along
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on a velocity gradient, causes transport of momentum from
the flow near the convex wall (higher velocities) toward the
flow near the concave wall (lower velocities). The production
term in the shear stress budget equation, given by

P=y? Z—(]—— Qu't—v'?) —
y r

shows that the production of shear stress can be positive for
nonzero free-stream turbulence when streamline curvature is
present (note that for this equation, r<0 for concave cur-
vature). The parameters thought to govern this phenomenon
are the free-stream mean velocity gradient and turbulence level,
and the wall curvature. The channel width is also a parameter.
Consider two curved channels, one of which is wider than the
other, with the concave wall being the radius of curvature
shown on Fig. 2. Assume that the velocity at the concave wall
(the wall at radius R) has been set up to give the same potential
velocity, i.e., the same U,,, in both cases. Since the flow is
irrotational, the potential flow velocity profile must be given
by Ur=const. If the inlet turbulence intensity is high, cross-
stream transport of momentum occurs, resulting in an aver-
aging (flattening) of the velocity profile. Since the velocity at
the convex wall is higher in the wider channel, the average
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velocity and the velocities near the concave wall will be higher
across the wider channel. These higher velocities lead to higher
cross-stream transport.

A consequence of this is that the usual normalizing tech-
niques applied to boundary layers are not applicable since
neither a potential velocity at the wall nor a boundary layer
thickness exists. The quantity selected to normalize velocities
was a computed potential velocity at the wall determined by
the upstream total pressure, a local static pressure, and the
radius of curvature of the wall. Distances from the wall were
normalized on the wall curvature, R. Momentum balances were
not attempted in this case, due to the cross transport of mo-
mentum. Energy balances were successful, however.

No evidence of streamwise vortices was seen. The turbulent
Gortler number (G,) could not be calculated for this case as
no momentum thickness could be obtained. The values of the
eddy viscosity in this case were, however, from 10 to 100 times
the viscosity of the lower turbulence intensity case, suggesting
that if G, could have been calculated, they would have been
much lower than the values computed for the lower turbulence
intensity case. Thus, G, is reduced to the stable region on the
Gortler map and no vortices are expected. This is consistent
with the measurements and the liquid crystal surface temper-
ature visualization. Alternatively, it could have been that vor-
tices exist, but that they appear and disappear randomly in
time and space faster than the frequency response of the liquid
crystal. Clearly, the near-wall flow appeared to be two-di-
mensional.

Mean and Fluctuating Velocity. Measurements of the mean
velocity normalized on wall coordinates, Fig. 16, show no
wakes, and a very short log-linear region. Both concave cur-
vature and high free-stream turbulence reduce the size of the
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Fig. 21 Turbulent Prandtl number profiles along the test wall

wake. Skin friction (Cy) values deduced from the near-wall
velocity profiles show a monotonic decrease with Re,.
Turbulence intensity profiles, Fig. 17, show near-wall peaks
that decay slowly with streamwise distance. Turbulence inten-
sity in the outer part of the flow decays rapidly from station
1 to station 2, essentially stopping its decay beyond station 3.

" Baines and Peterson (1951) found that the decay of free-stream

turbulence behind a grid of square bars is expressed by the

equation
u ’ X -5/
—=1.12] =
Ug <b>

where x is the distance from the grid generator and b is the
bar width. The above equation was used with the station 1
data to find an effective bar width of 2.78 cm for the present
flow (note that cylinders of 4.45 cm diameter were used instead
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of square bars in the turbulence generator). The equation was
then used to obtain what the turbulence decay rate would have
been had the test section been straight, When compared to the
curved wall data, it was found that the turbulence decay rate
appropriate for a straight channel was significantly greater than
in the curved-wall flow. )

Stanton Numbers. Stanton numbers, Fig. 18, are com-
pared to the corresponding high turbulence intensity, flat-wall
case values (Kim et al., 1989). Concave curvature significantly
increases heat transfer from the wall, suggesting increased mix-
ing of the near-wall flow. Vortex activity may be responsible
for this increase, although the high eddy viscosity would imply
that there are no coherent vortices. Concave curvature is ex-
pected to lead to increased instability and more frequent tur-
bulent bursting, but did not lead to coherent cellular structures
in this case. Thus, this concave-wall flow appeared two di-
mensional. An energy balance for this flow showed excellent
closure.

Mean and Fluctuating Temperature Profiles. Mean tem-
perature profiles normalized on wall coordinates are shown
on Fig. 19. As in the lower turbulence intensity case, measured
values of T differ from the thermal law of the wall. The
discrepancy is much smaller in the present case, however, il-
lustrating the effect of increased turbulence intensity and two-
dimensional behavior.

Fluctuating temperature (¢') profiles, measured using the
triple-wire probe, approached zero in the isothermal outer
portion of the flow. This illustrates a fundamental difference
between the momentum and heat transfer processes. The
boundary conditions for the two processes are different. Due
to this nonsimilarity, the turbulent Prandtl number is expected
not to equal unity.

Turbulent Heat Flux and Turbulent Prandtl Num-
bers. Profiles of the cross-stream transport of heat, Fig. 20,
show near unity values near the wall, as expected. In contrast
to the shear stress profiles, which remain high across the test
section, the turbulent heat flux profiles approach zero in the
outer party of the flow. The difference in boundary conditions
between the heat and momentum transfer processes is again
illustrated.

Turbulent Prandtl numbers deduced from the triple-wire
measurements, Fig. 21, are slightly higher than unity. This
increase in Pr; in the outer flow is not surprising given the
difference in boundary conditions discussed above.

Conclusions

The main conclusions of this transitional flow study are:

1 Vortices with preferred spanwise locations exist in both
the laminar and turbulent boundary layers for the low free-
stream turbulence intensity case. No coherent vortices were
found for the higher turbulence intensity case.

2 Concave curvature destabilizes the flow, causing tran-
sition earlier than on the flat wall. This is a confirmation of
earlier findings.

3 No gross violation of Reynolds analogy occurs for the
post-transitional profiles in both the low and high turbulence
intensity cases, although small deviations from an exact anal-
ogy were noted.

4 High levels of free-stream turbulence superimposed on
a free-stream velocity gradient were found to cause a cross-
stream transport of momentum and a production of turbulent
kinetic energy within the ‘‘potential core’’ of the flow.

5 Under high levels of free-stream turbulence, the concave-
curved transitional and turbulent boundary layers become two
dimensional in the time-mean.
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Turbulent Heat Transfer
Augmentation Using Microscale

‘Disturbances Inside the Viscous

Sublayer

We report here on an experimental study of heat transfer augmentation in turbulent
Sflow. Enhancement strategies employed in this investigation are based on the near-
wall mixing processes induced in the sublayer through appropriate wall and near-
wall streamwise-periodic disturbances. Experiments are performed in a low-turbu-
lence wind-tunnel with a high-aspect-ratio rectangular channel having either (a)
two-dimensional periodic microgrooves on the wall, or (b) two-dimensional mi-
crocylinders placed in the immediate vicinity of the wall. It is found that micro-
disturbances placed inside the sublayer induce favorable heat-transport augmentation
with respect to the smooth-wall case, in that near-analogous momentum and heat
transfer behavior are preserved; a roughly commensurate increase in heat and mo-
mentum transport is termed favorable in that it leads to a reduction in the pumping
power penalty at fixed heat removal rate. The study shows that this favorable
performance of microcylinder-equipped channel flows is achieved for microcylinders
placed inside y* =20, implying a dependence of the optimal position and size on
Reynolds number. For microgrooved channel flows, favorable augmentation is ob-
tained for a wider range of Reynolds numbers; however, optimal enhancement still

requires a matching of geometric perturbation with the sublayer scale.

1 Introduction

Studies on heat transfer augmentation are motivated by sev-
eral important factors; in general terms, from the thermal-
hydraulic design point of view, transport enhancement leads
to a reduction in momentum-transport penalties at a fixed heat
removal rate; on a specific level, in certain applications such
as aerospace designs and high-power-density electronic equip-
ment, enhancement assures high heat removal rates that are
required for functionality and safety of these systems. For
these reasons a large number of augmentation techniques (e.g.,
augmentation hardware modifications, rough surfaces, and
flow oscillation) are employed as heat transfer intensification
strategies for laminar and turbulent flows (Bergles, 1986).

Animportant class of heat transfer augmentation techniques
is based on the enhancement of mixing processes by generation
of hydrodynamic instabilities in the region of highest resistance
to heat transport. This method has been successfully applied
to laminar and turbulent flows in recent studies (Karniadakis
et al., 1988; Kozlu et al., 1988; Mikic et al., 1988). Intensi-
fication of turbulent heat transfer plays a significant role in
technological applications since many engineering systems op-
erate under turbulent flow conditions. The most effective en-
hancement technique for turbulent flows is based on the
augmentation of near-wall mixing processes in the sublayer
through appropriate wall and near-wall streamwise-periodic
disturbances.

There are a large number of studies on heat transfer aug-
mentation employing this type of enhancement procedure. Al-
though they are geometrically different, in all systems the
common physical phenomenon is a change in the structure of

'Current address: Creare, Inc., Etna Road, Hanover, NH 03755.

Contributed by the Heat Transfer Division and presented at the National Heat
Transfer Conference and Exposition, Philadelphia, Pennsylvania, August 6-9,
1989. Manuscript received by the Heat Transfer Division November 8, 1989;
revision received July 11, 1991. Keywords: Augmentation and Enhancement,
Flow Instability.
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the viscous sublayer, which is the region extending about 50
wall units away from the wall (Coles, 1987).

e Brouillette et al. (1957) studied the thermal-hydraulic
behavior of the 60-deg V-shaped internally grooved tubes. The
measured values of heat transfer coefficients and friction fac-
tors were 10-100 percent and 15-400 percent higher than those
of smooth channels for a Prandtl number of about 7.0, re-
spectively., They found that the heat transfer coefficient was
greatly influenced by the groove depth rather than the groove
spacing.

e Fortescue and Hall (1957) conducted experiments on the
longitudinal-finned and transverse-finned fuel elements for the
design of the Calder Hall nuclear reactor. Their heat transfer
and pressure drop measurements for transverse-finned fuel
rods for a Prandtl number of 0.71 indicated that fins should
be closely placed to achieve a better reduction in momentum-
transport penalties.

e Dipprey and Sabersky (1963) experimentally investigated
the heat and momentum transfer in smooth and rough tubes
at several Prandtl numbers using water as the working fluid.
Their three-dimensional roughness was formed by sand grains.
They observed an increase in the heat transfer coefficient as
high as 270 percent. These increases were, in general, associated
with larger increases in the friction factor except that the in-
crease in the heat transfer coefficient was more than the in-
crease in the friction factor at the high Prandtl numbers. Their

" data mostly covered the ‘‘fully rough’’ flow regime.

e Han et al. (1978) investigated the heat transfer and fric-
tion characteristics of the rib-roughened surfaces in an air
channel. They studied the effects of rib shape, angle of attack,
and pitch-to-height ratio on friction factor and heat transfer.
A general correlation using the surface roughness parameters
was developed to predict the thermal hydraulic behavior of
these flows. Ribs at a 45-deg angle of attack were found to
have a favorable heat transfer and friction behavior compared
to ribs at 90-deg angle of attack and to sand grain roughness.
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e Sparrow and Tao (1983) performed a study in a smooth
channel having streamwise-periodic cylinders attached to the
wall. They obtained highly detailed axial distributions of the
local mass transfer coefficient using naphthalene sublimation.
They studied the effect of the pitch-to-height ratio of the dis-
turbance elements and the effect of the ratio of the disturbance
height to the duct height on thermal-hydraulic data. They also
investigated the effect of microdisturbances on the opposite
smooth wall.

o Kawaguchi et al. (1985) studied the heat transfer phe-
nomena in a turbulent boundary layer having a cylinder array.
They reported the optimum spacing between successive cyl-
inders, and distance of the cylinders from the wall required to
achieve the maximum heat transfer rate. They found that the
performance of the cylinders in improving heat transfer en-
hancement is better when they are placed closer to the wall.

Most of the work on turbulent heat transfer augmentation
has focused on the enhancement of heat transfer and the as-
sociated unavoidable increase in the friction factor with respect
to smooth channel flow. Increases in the heat transfer coef-
ficient as high as 400 percent were achieved with accompanying
changes in the friction factor rising as much as 58 times over
the smooth wall case at the same Reynolds number (Bergles,
1986). However, in these studies, the effect of microdisturb-
ances located near or on the wall on the thermal-hydraulic
behavior of these flows was not adequately explained in terms
of governing variables, such as the placement and spacing of
hardware modifications as a function of roughness Reynolds
number.

The aim of the present work is to investigate heat and mo-
mentum transfer in turbulent flows under the presence of con-
trolled wall and near-wall disturbances. To gain a better
understanding of scalar transport phenomena in turbulent
flows, two kinds of streamwise-periodic microdisturbances are
employed: (@) wall disturbances (microgrooves), and (b) near-
wall disturbances (microcylinders). A parametric study for mi-
crocylinders is conducted by changing the distance between
successive microcylinders, the diameter of the microcylinders,
and the distance of the microcylinders from the heated wall,
The purpose of the paper is to establish the underlying physical
basis for the turbulent transport phenomena, which permits
choice of the proper enhancement scheme for turbulent flows
at a given thermal load.

The outline of the paper is as follows: In Section 2 we present
the experimental setup and geometric characteristics of the

microdisturbances employed. In Section 3 we present and ana-
lyze the thermal-hydraulic data for the augmentation schemes
of interest. In Section 4 we compare microgroove and micro-
cylinder equipped turbulent channel flows with respect to min-
imum-dissipation heat removal. Lastly, in Section 5,
conclusions of the study are presented.

2 Experimental Apparatus

We shall consider two heat transfer augmentation schemes
of (a) streamwise-periodic microgrooves, and (b) streamwise-
periodic microcylinders in a smooth channel as shown
schematically in Figs. 1(a) and 1(d), respectively. The
base geometry, smooth channel flow is obtained using the
experimental setup of Fig. 1 (») with microcylinders removed.
We denote the base geometry as Z, and describe the two aug-
mentation geometries by sets Z,: Z,= {e/H, a/H, ¢/H} for
the microgrooved channels, and Z,= {d/H, b/H, I/H} for the
microcylindered channels. Here H is the channel height (see
Figs. la and 1b); e is the microgroove depth, a the streamwise
groove length, and c the distance between successive grooves;
d is the microcylinder diameter, b the distance between the
microcylinders and the wall, / the distance between successive
microcylinders in the array. Microcylinders are made of stain-
less steel. They are supported at both ends and at the center
to prevent vibration for the Reynolds number range of ex-
periments. Plexiglass side walls are used.

We consider one microgroove geometry (denoted by Z; =
{e/H=0.025, a/H=0.035, ¢c/H=0.015}). The ranges of the
wall variables e*, @, and ¢* for the microgroove geometry
were 9.5=e¢*=<89.1, 13.3=<a¢"=<124.7, and 5.7=<c*
=<53.4 for the Reynolds number range of experiments. We
define the wall variables using the friction velocity and kine-
matic viscosity: e* =u,e/», where u, is the friction velocity
(u,=~7,/p where 7, is the shear stress at the wall) and v is
the kinematic viscosity of the fluid. For the shear stress 7, we
use the value for smooth channel flow at the same Reynolds
number. Seven different microcylinder geometries are studied
(denoted by Z73, m=1,...,7) as given in Table 1. Experiments
for microcylinders were conducted using one heated wall. As
shown in Table 1, microcylinder disturbances were employed
at the heated and/or at the unheated wall depending on the
microcylinder geometry of interest. In this study, it is shown
that the opposite wall does not have a significant effect on the

Nomenclature
a = groove length (Fig. 1a) Pr = Prandtl number =»/«a p = density
b = distance of the microcylin- " = heat flux per unit area 7, = shear stress at the wall
ders from the wall (Fig. 1b) Re = Reynolds number = VDy/v ¥ = nondimensional pumping
¢ = distance between successive Re;, = roughness Reynolds num- power per unit width of the
grooves (Fig. 1a) ber=u,e(b)/v channel
d = diameter of the microcylin- T = temperature .
ders (Fig. 1b) 8T = total temperature Subscripts
Dy = channel hydraulic diam- difference = Twom-— Ty, in = inlet
eter=4WH/2(W+H) m = mixed mean
e = groove depth (Fig. 1a) u, = friction velocity=+/7,/p = channel geometry
f = friction factor V = channel-average velocity out = exit
h = heat transfer coefficient W = channel width (Figs. la and w = wall
H = channel height (Figs. 1a and 1) ' 0 = base geometry, smooth
1b) X, ¥, z = Cartesian coordinates channel
J = modified Colburn analoggf * = nondimensional y coordi- 1 = periodic microgrooved
factor = 1/2 f(Re/Nu)Pr"/ nate=yu, /v channel
k = thermal conductivity Z, = set of geometric parameters 2 = periodic microcylindered
! = distance between successive for channel geometry n channel
microcylinders (Fig. 1) A = nondimensional thermal .
L = channel length load=gq" L/k8T Superscripts
Nu = Nusselt number =hDy/k u = dynamic viscosity . m = microcylinder geometry (see
AP = pressure drop v = kinematic viscosity Table 1)
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Tabie 1 Characteristics of microcylinder geometries

Geometry | d/H | b/H | 1/H | Micro-cylinder equipped wall

Z; 0.015 | 0.025 | 0.140 heated wall

z3 0.015 | 0.025 | 0.280 heated wall

75 0.015 | 0.025 | 0.390 heated wall

73 0.032 | 0.060 | 0.132 heated wall

z3 0.015 [ 0.025 | 0.390 | heated and unheated wall
Z3 0.015 | 0.025 | 0.390 unheated wall

Z¥ 1 0.049]0.059 | 0.424 unheated wall

Table 2 Ranges of the wall variables d*, b*, and I* for microcylinder
geometries

Geometry dt bt I+
Z3 7.0-21.3 | 11.6-35.5 | 65.1- 198.8
Z2 8.0-15.6 | 13.3-26.0 [ 149.0- 291.5
VA 8.2-20.0 | 13.7-33.4 | 213.9 - 520.7
zZ3 16.1-71.3 | 30.2 - 133.7 | 66.6 - 294.6
VA 8.2-17.6 | 13.7-29.3 | 213.3 - 457.0
z8 12.4-20.1 | 20.7- 33.5 | 322.1-523.3
VA4 39.3-73.7| 47.3-88.8 | 339.8 - 637.7

heat transfer characteristics of the augmented wall of interest.
The ranges of the wall variables d*, ", and /* for micro-
cylinder geometries are presented in Table 2. The ratio of the
width of the channel W to the channel height His W/H=9.0.
The channel was fitted with electrical strip heaters on both
channel walls for microgrooves, and only one channel wall for
microcylinders, to deliver the necessary uniform heat flux ¢”.
The test sections shown in Figs. 1(¢) and 1(b) were connected
to an open-circuit double-contraction wind tunnel operated in
the blower mode. The mixed mean air temperature at the tunnel
inlet was maintained constant during the experiments using a
heat exchanger. This temperature was in the range of 19°C-
23°C depending on the test conditions.

For the augmentation studies of interest we require a set of
Nu, f for each Z,. Reynolds number, Nusselt number, and
friction factor are defined in the conventional way as Re
= VDpg/v, Nu=hDg/k, and f= (AP/L)(Du/4)2/0V?), te-
spectively. Here Dy is the hydraulic diameter for the channel,
AP/L the pressure gradient, p the fluid density, V the average
velocity; # is the heat transfer coefficient, & the fluid thermal
conductivity. Air properties were evaluated at local mixed mean
temperature. To avoid difficulties with the influence of tem-
perature-dependent air properties, local temperature differ-
ences were kept below 15°C. Flow rate is varied to achieve a
range of Reynolds numbers. The Mach number range for the
experiments was 0.01-0. 14 Natural convection was negligible
since the hlghest Gr/Re? for the experiments conducted was
about 2x 10~* (Eckert and Drake, 1979). For each Reynolds
number the pressure drops and wall temperatures at several x
locations (Figs. 1a and 1b) and fluid temperatures at inlet and
exit were measured, thus allowing the evaluation of Nu(Re,
Pr=0.71; Z,) and f(Re; Z,). The pressure drop was measured
with a MKS Baratron differential pressure transducer, and the
flow rate was calculated from traversed pitot-static velocity
measurements at inflow. Temperature measurements were
made using copper-constantan thermocouples. Due to the small
length scale of microdisturbances, thermocouples were posi-
tioned to measure the average heat transfer coefficients; there-
fore, periodic variations in the wall temperature were not
measured. The inner walls in the heated region were made of
high-conductivity aluminum, and thermocouples were placed
close to the surface to insure that the error between the ther-
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Fig. 1(a) Details of the test section for geometry Z,. The microgrooves
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Fig. 1(b) Details of the test section for geometry Z,. For geometry 2,
the same test section is used with the microcylinders removed. All units
are in meters.

mocouple and the surface temperature was less than 0.2 percent
of the difference between the wall temperature and the mixed
mean air temperature.

Lastly, we note that the flow is allowed to become hydrau-
lically and thermally fully developed in the streamwise direction
Xx before any measurements are taken. All measurements are
taken after a distance of roughly 65 H from the inlet of the

"channel, and roughly 35 H from the beginning of the heated

region. The resulting entrance regions are sufficient to obtain
hydraulically and thermally fully developed smooth channel
turbulent flows, and the entrance length for geometries Z; and
Z%is much shorter than the flat channel Z, as a result of
destabilization (Sparrow and Tao, 1983). In addition to these
theoretical considerations of entrance-length effects, it has also
been verified directly from measurements that both the time-
averaged wall temperature and pressure vary linearly (with the
proper slope) with x, consistent with fully developed flow.

Transactions of the ASME

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Usé.cfm



400 T

T A
200 -
100
Nu —:1
70 E
50 E
30 -T
20 L ! T S N B |
1 2 4 6 8 10 20
-4
Re x 10

Fig. 2 Heat transfer data for Pr=0.71. Z, (smooth channel): o, exper-
iment; , turbulent correlation (Kays and Crawford, 1980). Z; (mi-
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Fig. 3 Friction coefficient data. Z, (smooth channel): o, experiment;
, turbulent correlation (Hussain and Reynolds, 1975). Z; (micro-
grooves): a.Z7, m=1, 2, 3, 4 (micro-cylinders, see Table 1): ¢, Z ) v,
Z%4o0,2% m, 23

An uncertainty analysis using the uncertainty estimation
method of Kline and McClintock (1953) showed that the un-
certainties in the Nusselt number and in the average friction
factor were 8 percent and 6 percent, respectively.

3 Results and Discussion

We plot in Figs. 2 and 3 the Nu(Re, Pr=0.71; Z,) and f(Re;
Z,) curves for the smooth channel flow and augmentation
schemes of interest. First we compare our one-wall heated
smooth channel data with existing two-wall heated smooth
channel correlations. Note that the heat transfer data for two
heated smooth walls are about 5 percent higher than those for
one heated smooth wall for the Reynolds number range of
interest (Sparrow and Tao, 1983). As can be seen from Fig.
2, the heat transfer data agree well (the largest difference is
about 4 percent) with the equation given by Kays and Crawford
(1980)

_ 0.152 Re*’Pr

70.833 [2.25In(0.114Re**) + 13.2 Pr—5.8]
The present experimental data are also within the 46 percent
that is given for the Petukhov-Popov equation for Pr=0.71

(Petukhov, 1970). The friction factor data are compared with
the relationship (Hussain and Reynolds, 1975)

0.046
f =R2° 2

Nu )

and the experimental data all lie within 2 percent of the above
equation.
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As seen in Figs. 2 and 3, for microgroove-equipped channel
flows (Z;), microgrooves have negligible effect on transport
augmentation for a Reynolds number of about 11,500. The
roughness Reynolds number corresponding to this Reynolds
number microgroove data point is 9.5. We define the roughness
Reynolds number for the microgroove geometry as Rey=u,
e/v, where u, is the friction velocity (#x =+/7,/p, where 7,, is
the average shear stress at the wall) and » the kinematic viscosity
of the fluid. For the shear stress 7,,, we use the value for smooth
channel flow at the same Reynolds number; this is a lower
bound for the roughness Reynolds number and is a reasonable
assumption since we do not measure the wall shear stress di-
rectly. Therefore, the roughness numbers are calculated for
each data point in Figs. 2 and 3 utilizing Eq. (2). When we
increase the Reynolds number (or the roughness Reynolds
number above 10) the effect of microgrooves becomes signif-
icant on scalar transport as the length scale of microgrooves
geometrically scale with the sublayer. These observations are
consistent with past studies on the effect of roughness in the
transport processes (Tennekes and Lumley, 1972).

In Fig. 4 we plot the modified j factor (defined as j
= (f/2)(Re/Nu) Pr'®) for the augmentation schemes of in-
terest shown in Figs. 2 and 3 as a function of the roughness
Reynolds number. For flows in which analogous heat and
momentum transfer are preserved, the modified Colburn anal-
ogy (Colburn, 1933) factor has a value of one. Figure 4 shows
that for microgrooves a roughly equal relative increase in heat
and momentum transfer is obtained for Re, <80. As we con-
tinue to increase the Reynolds number (Re;=80), the micro-
grooves will cease to match the sublayer scale, and the
nonanalogous form drag will start dominating in the ensuing
fully rough regime. Thus, the relative increase in pressure drop
will be larger than the increase in heat transfer. The behavior
of thermal-hydraulic data for microgrooves reconfirms the fact
that the roughness Reynolds number is the critical parameter
governing the scalar transport, and that there is an optimal
placement of microdisturbances to increase the heat transfer
with a comparable increase in the friction factor. This optimal
placement of microdisturbances requires a matching of geo-
metric perturbation with sublayer scale.

For microcylinders, we obtain the following results from
comparisons of four different data sets (Z3-Z3%). First, as seen
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Fig. 6 Friction coefficient data. Z; (smooth channel): o, experiment;
, turbulent correlation (Hussain and Reynolds, 1975). Z5, m=3, 5,
6, 7 (microcylinders, see Table 1): 0,23 ,25, ®,25 ®, 21

in Figs. 2 and 3, //H has a small effect for the values b and
d studied until //H=0.280. It is observed that the results of
{/H =0.140 and //H=0.280 are almost the same, whereas for
I/H =0.390 we see a decrease in heat and momentum transfer
compared to the previous two cases. This is consistent with
the expected trend of diminished transport augmentation as
]—co. As we decrease the distance between the microcylinders
and increase the diameter of microcylinders (geometry Z3), an
increase in the transport rates is observed.

Referring again to our plot of the modified j factor as a
function of the roughness Reynolds number (for microcylin-
ders we define the roughness Reynolds number based on b,
Rey=u,b/v) in Fig. 4, the data show a similar behavior, and
the effectiveness of microcylinders (in enhancing heat transfer
without generating an unduly high friction loss) is increased
when they are placed inside y* =20 (i.e., Re; = 20). This is the
reason that Z3 is not favorable compared to other geometric
configurations, Z3 and Z3, since the microcylinders in the for-
mer case (i.e., b=2.5 times larger) were outside the y* =20
region for the whole range of Reynolds numbers tested, thereby
contributing to form drag and nonanalogous dissipation.

Achievement of favorable heat transfer augmentation by
matching the geometric scale of the augmentation hardware
modification to that of the sublayer is consistent with the theory
of scale matched destabilization for optimal scalar transport
enhancement described by Kozlu et al. (1988): Microdisturb-
ances placed inside the sublayer increase the heat transfer while
simultaneously controlling the increase of nonanalogous drag.
The increase in scalar transport rates is a result of the local
changes in the sublayer structure (Mikic, 1988). '

To show the effect of microdisturbances on the opposite
(from the heated) wall, we conducted three different sets of
experiments. Thermal-hydraulic data of these tests are pre-
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sented in Figs. 5 and 6. First for the geometry Z3 we use
microcylinders at both the heated wall and unheated wall (ge-
ometry Z3). Figure 5 illustrates that there is no change in the
heat transfer coefficient compared to the geometry Z3, indi-
cating that microdisturbances affect the flow locally; they have
no effect on the core flow, and hence no effect on the opposite
wall. To support this conjecture, we have also conducted an
experiment with the geometry Z$ in which only the unheated
wall was equipped with microcylinders, whereas the heated
wall was smooth. As can be seen from Fig. 5, the experimental
heat transfer data for Z§ agree very well with the smooth
channel heat transfer data, strengthening the above explana-
tion.

When we considerably increase the opposite-wall micro-
cylinder diameter (about three times compared to Z3) in ge-
ometry ZJ, we see no effect at higher Reynolds numbers (Figs.
5 and 6). However, for low Reynolds numbers an increase in
heat transfer up to 10 percent compared to the smooth channel
flow is observed. An explanation for this behavior might be
as follows: An increase in microcylinder diameter causes an
asymmetry in the flow (i.e., increases velocity near the smooth
wall), which is responsible for altering the transport charac-
teristics of smooth wall for low Reynolds numbers. If we con-
tinue to increase the cylinder diameter (about 20-30 percent
of the channel height), transport rates for both walls will be
affected by the existence of unsteady secondary flows as studied
by Karniadakis et al. (1988) for laminar flows, and Kozlu et
al. (1988), and Ichimiya and Yokohama (1987) for turbulent
flows. This again supports the scale-matched hypothesis for
optimal transport. The extent to which the microcylinder high-
Reynolds-number and macrocylinder low-Reynolds-number
flows are ‘‘self-similar’’ as regards transport remains to be

" determined.

4 Minimum Pumping Power Heat Removal

Considerations

Heat removal from a wall to a flowing fluid stream with
minimum pumping power is reported by Karniadakis et al.
(1988) and Kozlu et al. (1988). Here, as described in detail by
Kozlu et al. (1988), we consider the problem of incompressible
flow in a plane channel of length L and height H, with uniform
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heat flux ¢” imposed on the top wall, and an adiabatic bottom
surface. The flow is assumed to be hydraulically and thermally
fully developed in x. We also chose the maximum wall tem-
perature 87 relative to the inlet temperature as our thermal
constraint as this is the quantity that typically limits the per-
formance of devices (e.g., computer chips). In terms of these
given quantities, a solution of the minimum pumping power
heat removal problem is given by Kozlu et al. (1988). In Fig,
7 we plot the nondimensional minimum pumping power (we
define the nondimensional pumping power as follows: ¥
=L*/pv® APVH) versus thermal load (A=g " L/k6T where 6T
is the temperature difference between the maximum wall tem-
perature and the inlet mixed mean fluid temperature) for
smooth channel flows and the augmentation schemes of in-
terest. The procedure for the construction of Fig. 7 is presented
in detail by Kozlu et al. (1988).

Figure 7 illustrates the significant savings in dissipation com-
pared to smooth channel flows. It is important to note that
microgrooves perform efficiently for a wider range of thermal
load than microcylinders due to the fact that the matching of
geometric perturbation and sublayer scale is less sensitive to
Reynolds number. For microcylinders placed outside y* =20,
the relative savings tend to decrease strongly (see Fig. 4), im-
plying a significant Reynolds number dependence on position
and size of near-wall microdisturbances.

5 Conclusions

In this experimental study it is shown that turbulent heat
transfer augmentation can be effectively achieved by placing
wall and near-wall microdisturbances inside the sublayer. It
appears that the optimal placement of microdisturbances re-
quires a matching of geometric perturbation with the sublayer
scale. The relative performance of microgrooves greatly de-
creases in the fully rough regime due to the dominant role of
the nonanalogous form drag. Significant savings in dissipation
are possible through heat transfer augmentation; this is dem-
onstrated in a sample study of minimum pumping power heat-
transfer analysis in a channel.
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Local Heat Transfer in a Rotating
Serpentine Flow Passage

An experimental study is performed on the internal cooling of a rotating serpentine
flow passage of square cross section with throughflow. The test section is not
proceeded by a hydrodynamic calming.region, i.e., a leading arm, and is rotated at
low Rossby numbers. The local heat transfer coefficients along the flow passage,
including the leading wall, trailing wall, and sidewalls, are determined together with
the circumferentially averaged values. The Reynolds, Rossby, and rotating Rayleigh
numbers are varied to determine their effects on heat transfer performance. It is
disclosed that heat transfer augmentation is significant at all sharp turns due to the
presence of strong secondary flow. The rotational effect is very obvious and com-
plicated in the local heat transfer performance but it is very minor on the average
heat transfer performance. The throughflow rate plays an important role on the
heat transfer performance. The results may serve as a baseline for comparison with
the results from a model with a leading arm to determine the effects of a hydro-
dynamic calming section on the heat transfer performance of a rotating serpentine

flow passage.

Introduction

Gas turbines are presently responsible for generating the
majority of electric power. In current advanced gas turbine
power plants, increased speeds, pressures, and temperatures
are used to reduce specific fuel consumption. Hence, turbine
blades are subjected to increased heat loads, which, in turn,
escalate the amount of cooling required. The efficient use of
cooling air requires that the local geometry and flow conditions
be adequately modeled to predict the heat loads and their
corresponding heat transfer coefficients. Improved turbine
blade local temperature predictions (and hence, life predic-
tions) can be realized by accurately accounting for the effects
of rotation on internal cooling, which give rise to large Coriolis
and buoyancy forces. However, these effects are currently not
adequately considered in thermal design of blades. Experi-
mental data are particularly needed for the high Rayleigh and
Reynolds number conditions that are characteristic of turbine
blade cooling passages. These data are crucial for both the
development and the verification of design correlations and
computer codes. Accurate prediction of local heat transfer
coefficients enables a designer to minimize both metal tem-
peratures and thermal gradients by optimizing the cooling con-
figuration of the turbine blade, thus significantly improving
blade life and turbine efficiency. Results can also be applied
to the internal forced convective heat transfer of other rotating
systems.

It is not an easy task to study convective heat transfer in
rotating flow passages. Experimentally, slip rings are required
as bridges between the rotating and stationary systems in order
to transfer temperature data and power to heat the fluid. In
theoretical study, the Coriolis and centrifugal force terms in
the rotating coordinates substantially complicate the solution
of rotational problems. Hence, little effort has been directed
to heat transfer problems involving rotating channels. It is
only in recent years that literature (for example, [1~3]) pertinent
to this type of problem has begun to surface. However, while
this literature has provided a data base, the flow phenomena
are still not yet clearly understood. Heat transfer enhancement

Contributed by the Heat Transfer Division for publication in the JOURNAL oF
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was studied with the use of rib turbulators in the stationary
case but has not been treated in the rotating system.

The project is to conduct both experimental and theoretical
studies of the heat and fluid flows in the internal cooling of
rotating gas turbine blades. The flow passage in an actual blade
of a typical gas turbine engine (Fig. 1) is idealized as four-pass
serpentine-type channel, without a leading arm (Fig. 2). In the
first stage of the experimental study, attention was focused on
the effects of the Reynolds, Rossby, and Rayleigh numbers
on the local and circumferentially averaged heat transfer coef-
ficients. The effect of geometry on the heat transfer charac-
teristics is left for the next stage of study. The physical
limitations of the test device result in rotations at low Rossby
numbers. The absence of a leading arm provides test results
that will serve as a baseline to determine the effects of a hy-
drodynamic calming region on the heat transfer performance
in a rotating serpentine flow passage.

Experimental Apparatus and Procedure

Rotating Facility and Heat Transfer Model. The experi-
mental apparatus used in the study is shown schematically in
Fig. 3. It was comprised of a test section, a blower, a motor,
a heat source, two slip rings, and a data logger. The test section
consisted of a four-pass serpentine flow channel with a 2.54
cm square cross section mounted on a shaft supported by two
bearings.

Two methods involving heating are used to determine the
internal heat transfer performance of a rotating body. One
method is to use a thin film electrical resistance-type heater
instrumented with thermocouples (for example, [1, 4]). The
other is to pass a hot air steam through an internal flow passage
coated with liquid crystal. A no-heating method is to utilize
naphthalene sublimation to determine the heat transfer char-
acteristics in the coolant passage through the use of heat and
mass transfer analogy [3, 6]. The electrical resistance heating
method was employed in the present study. The test core (Fig.
2) was made from two pieces of Grade G-10 Garolite plate
held together by screws. The flow passage had a square cross
section, 25.4 mm by 25.4 mm, and was 913.5 mm long. The
serpentine passage was mounted on a metal shaft hollow on
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Fig. 1 Cooling concepts of a turbine blade

both ends to allow air flow. A counterweight and electrical
relay device were mounted on the shaft opposite the test core.

Squares 1-13 of Fig. 2 show the location of the thermo-
couples used to monitor the wall temperature of the flow pas-
sage. Four thermocouples were installed at each cross section,
one on each sidewall, to measure the wall temperature. Two
thermocouples were installed in the middle of the square cross

a=b=254mm
Du=25.4 mm

Heating section: x/Dn= 0 -36

Cross section
of temperatur
measuring

Left

£
7=
4

Air in

Air out

Fig. 2 Schematic diagram of test section
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Fig. 3 Schematic of experimental setup

sections at the beginning and end of the flow passage to de-
termine the inlet and outlet fluid temperatures.

Figure 4 illustrates: (@) the cross section of the test section
in the flow direction, (b) the position of the four stainless-steel

Nomenclature

trailing and leading walls of

C, = specific heat at constant pres- the first passage; Nuyy,, the V = voltage, V
sure of fluid, kJ(kg-°C) value of Nu, averaged over the W = result uncertainty interval
D, = hydraulic diameter of flow pas- trailing and leading walls of w = uncertainty interval of vari-
sage, m the first passage ables
G = air flow rate, kg/h Pr = Prandtl number x = distance along flow passage
h = local heat transfer coefficient, Q' = heat loss, W measured from flow entrance,
as defined by Eq. (1), W/ q” = wall heat flux, W/m? m
m?=°C) R = length of arm in rotation, m B = coefficient of thermal expan-
I = heating current, A Ra = Raleigh number, as defined by sion, 1/K
k = thermal conductivity of fluid, Egs. (9) and (11) v = kinematic viscosity, m?%/s
W/(m-°C) Re = Reynolds number, as defined {1 = rotational speed, 1/s
L = length of one of the four par- by Eq. (9) S .
allel ducts in the test section, m  Ro = Rossby number, as defined by ubscripts
Nu = local Nusselt number as de- Eq. (9) g = gas
fined by Eq. (2); Nuy, the T = temperature, °C in = inlet condition of gas to test
value of Nu for stationary AT = temperature difference, as de- section
case; Nu, circumferentially av- fined by Eq. (10) out = outlet condition of gas in test
eraged Nu value; Nurg, the u = mean flow velocity in flow pas- section
value of Nu averaged over the sage, m/s w = wall
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Fig. 4 Structure of test section

heating foils and the four thermocouple wells, one on each
sidewall, and (c) the detail of an individual thermocouple well,
illustrating the installation of the thermocouples.

Electrical power was supplied to the film heaters by a variable
current power source through a slip ring. The temperature
readings of the wall thermocouples were transmitted from the
test piece to the data logger via another slip ring. The cooling
air from the blower was supplied through one end of the hollow
shaft to the serpentine passage and then exhausted through
the other end of the shaft. A valve was installed for regulating
the air flow rate, which was measured by means of a flow
meter. A protective metal cover enclosed the rotating system.

The nearly constant heat flux experiment was conducted
instead of a constant wall temperature case because of its
simplicity of construction and ease of operation. The advan-
tage of the more uniform wall-to-air temperature difference
is more uniform uncertainty in the results. It should be noted
that real turbine blades operate under a condition in between
the constant heat flux and constant wall temperature cases.

Data Reduction. The local heat transfer performance is
determined as follows: Let g” be the heat flux of passage
walls. ¢” was calculated by subtracting conducted heat losses
from the total energy supplied and verified by an energy bal-
ance through measurement of the air temperatures at outlet
and inlet. The conductive heat losses were measured under
steady-state rotational conditions without throughflow in which
the temperature at a strategic position (the left wall at the first
turn, i.e., section 4 in Fig. 2) was maintained at the same
temperature as in the corresponding throughflow case. The
resulting calculated heat loss showed that both methods for
calculating the energy supplied to the air (total energy sup-
plied — heat loss, and measuring air inlet/outlet temperatures)
obtained the same results within a variation of 5 percent. The
local heat transfer coefficient 4 (x) is evaluated as follows:

h(x)=q"/AT(x) 1
where AT(x) = T, (x) — T,(x), and T,,(x) and T, (x) denote

356 / Vol. 114, MAY 1892

the local wall and air temperatures, respectively. The local
Nusselt number Nu(x) is defined as

Nu(x)=h(x)Dy/k 2)

in which Dy, is the hydraulic diameter, equal to one side of a
square flow cross section, and & is the fluid thermal conduc-
tivity. It should be noted that the value of Nu(x) at the same
cross section varies between the sidewalls of the flow passage.
The right, left, leading, and trailing sidewalls have different
heat transfer coefficients because of different flow conditions.
In order to assure the data reliability, all measurements were
made and continuously sampled after the stable condition had
been reached. The temperatures stabilized approximately 40
minutes after the heater power and motor were turned on.

Uncertainty Analysis. The method of single sample ex-
periments [10] was utilized to estimate the uncertainties in the
heat transfer coefficients. In the present study, the result func-
tion is Nu in Eq. (2). Substituting the expression given in Eq.
(1) for h(x),

Nu(x) =q" Dy/[KAT(x)] 3)
= ([V-Q")/[DpkAT(x)]
or
Nu(x) =(0.278 G C,AT,)/[DikAT(x)] @

Here, I is the heating current supplied to the film heaters; V,
the voltage applied across the heaters; Q’, the heat loss; G,
the air flow rate; C,, the specific heat of the air; AT, = T,
— Tini Toue and T, the air temperatures at the outlet and inlet
of the test section, respectively. All thermocouple measure-
ments were recorded using a model DFP 38 trend recorder/
data logger (by Wahl Instruments Inc.). The uncertainty in
these temperature measurements is estimated to be +1°C.
Typical values of AT(x) are 14°C and 18°C at the inlet and
outlet, respectively. The value of AT, is around 15°C. The
uncertainty in the heat transfer coefficient depends more
strongly on AT(x) than on AT,. The typical nondimensional
uncertainty intervals for the variables in Eq. (4) are estimated
as follows:

Specific heat of air C

»  +0.5 percent
Hydraulic diameter of flow passage D, =+0.5 percent
Air flow rate G +5.0 percent
Thermal conductivity of air k  +0.5 percent
Temperature T +5.5-8.3 percent

The dimensionless uncertainty interval for the Nusselt number
is found to be in the range of +£12.6 to +14.1 percent. It is
disclosed that heat transfer performance under constant heat
flux conditions is characterized by more uniform uncertainty
over the entire flow passage than the uniform wall temperature
case because of more uniform wall-to-air temperature differ-
ences. The uncertainty in the Nusselt number increases with a
decrease in heat flux, implying a reduction in AT,. Further-
more, the uncertainty along x/D, is different for different
values of AT(x). A maximum uncertainty of Nusselt number
up to 23 percent occurs at the lowest heat transfer coefficient
on the leading surface in the rotational case.

Results and Discussion

* The convective heat transfer performance inside of arotating
serpentine flow passage is governed by the flow velocity, wall
heat flux, and rotational speed. In other words,

Nu=f(Re, Ro, Ra) ©)

where

Re = Reynolds number = uD;/v

Ro = Rossby number = QD;,/u (6)
Ra=rotational Rayleigh number = ATR(Ro Re)? Pr/ (T Dy)
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Fig. 5 Local heat transfer performance in a stationary (Ro = 0) ser-
pentine flow passage, at (a) Re = 4.4 x 10" and (b) Re = 1.1 x 10°

u denotes the mean flow velocity in the flow passage; », kin-
ematic viscosity; Q, rotational speed; AT, difference between
the wall temperature and the bulk air temperature; R, mean
radius of rotation; and Pr, Prandtl number. 7 in the absolute
scale is equal to the reciprocal of 8, the coefficient of thermal
expansion. AT is defined as

AT=q" Dy/k 0
Therefore,
Ra=8q” R(Re Ro)*Pr/k @®)

The fluid flow rate, heating rate, and rotational speed of
the rotor were varied to produce various values of Re, Ro,
and Ra. Both stationary and rotating cases were investigated.
The former served as the basis to determine the effects of
rotation on the heat transfer performance. Representative re-
sults are presented in Figs. 5-10. The abscissa denotes the ratio
of the distance x to the hydraulic diameter D,, with x being
measured along the centerline from the flow entrance. In the
first straight pass (from the entrance to x/D; = 7.5), the fluid
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Fig. 6 Local heat transfer performance in a rotating (Ro = 0.017) ser-
pentine flow passage, at (@) Re = 4.4 x 10" and (b) Re = 1.1 x 10°

flows radially outward. It is followed by the first turn, in which
the flow makes a 180-deg turn. The succeeding flow is radially
inward until the second 180-deg turn, and so on. At the end
of the fourth straight pass, the fluid exits into a hollow portion
of the rotating axis, and is exhausted into the atmosphere.
Figure 5 shows the heat transfer characteristics in a non-
rotating four-pass serpentine square channel. It serves as the
reference case (no rotation) so that the effects of rotation may
be determined by comparison. In the first straight pass (with
radially outward flow), all four side walls exhibit the effects
of a thermal entrance region: decreasing Nu,y with increasing
nondimensional distance, x/Dj, from the entrance. Nugy on the
right wall drops continuously to a minimum in the first turn.
In contrast, Nug at the three other sidewalls increases and peaks
in the first turn, with greatest Nu, at the trailing surface. This
significant enhancement in heat transfer is due to the presence
of secondary flow in the bend. In the second straight pass
(radially inward flow), only the right sidewall shows an increase
in Nug due to the impingement of a secondary flow coming
from the outside corner of the bend. The other three sidewalls
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experience ‘‘quasi-entrance region effect’’ induced by the sec-
ond flow. The heat transfer performance in the second turn
is the same as that in the first turn, except that the performance
of the left and right walls are switched. The heat transfer
performance in the first turn and first and second straight
passes is repeated in the third turn and third and fourth straight
passes. In short, significant enhancement in heat transfer per-
formance is observed only in the sharp turns, due to the gen-
eration of secondary flows. The local Nusselt number Nu, of
each sidewall remains practically the same in all straight passes.

A comparison of Figs. 5(a) and 5(b) reveals the effect of
flow rate on local heat transfer performance: An increase in
Re raises but preserves the shape of the Nug versus x/D,, curve.

Figure 6 illustrates the local heat transfer performance for
the rotating case of Ro = 0.017. A comparison of Figs. 5(a)
and 6(a) for flow at Re = 4.4 x 10* indicates that rotation
fails to alter the nature of heat transfer phenomena in the
serpentine passage. The magnitude of the local Nusselt number
is changed only slightly by the rotation. This is also true at Re
= 1.1 x 10°, as seen by comparing Figs. 5(b) and 6(b).
However, a comparison of Figs. 6 (a) and 6(b) reveals that
an increase in Re causes a significant increase in Nu, although
the shape of the Nu-Re curve is practically unchanged. A
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similar situation is observed at a higher rotational speed, Ro
= (.042 (not shown).

The ratio of Nu for rotating cases to Nu for stationary cases,
Nu/Nuy, is shown in Fig. 7. The deviation of this ratio from
unity indicates the change in local heat transfer performance
due to rotation. A ratio of greater than unity signifies an
enhancement, while that of less than unity signifies a retar-
dation. Results are presented in Fig. 7 for three cases: (@) Re
= 4.4 x 10*, Ro = 0.017, (b) Re = 4.4 x 10*, Ro = 0.042,
and (¢) Re = 1.1 x 10°, Ro = 0.017. A comparison of cases
(a) and (b) reveals the effect of rotation, Ro, on Nu/Nuyg,
and a comparison of cases (a) and (¢) reveals the effect of
throughflow rate, Re, on Nu/Nu,. It is seen in Fig. 7(a) that
the heat transfer performances on the left and right walls are
enhanced at different levels. The maximum enhancement due
to rotation is about 12 percent (i.e., Nu/Nuy = 1.12) for the
left and right sidewalls located at the third straight pass and
at the second turn, respectively.! The local heat transfer coef-
ficient on the trailing wall is enhanced greatly in the first
straight pass, slightly at the first turn, and strongly at the

"Three repeated experiments were made and it was found that the variation
between them is within 3.7 percent.
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Fig. 7 Etfect of rotation on local heat transfer performance for (a) Re
4.4 x 10* Ro = 0.017, (b) Re = 4.4 x 10, Ro = 0.042, and (¢) Re
1.1 x 10% Ro = 0.017

second turn. At both the first straight pass and the second
turn, the enhancement reaches a maximum value of 10 percent.
The coefficient distribution on the leading wall follows a dif-
ferent pattern: It is gradually retarded in the first straight pass
but recovers at the first turn, followed by an increase until the
second turn. It then repeats the same cycle but with more
rigorous change. The minimum enhancement on the left and
right sidewalls as well as on the trailing surface (pressure side)
is zero. About 5 percent retardation in heat transfer perform-
ance due to rotation occurs on the leading surface (suction
side). As the rotational speed is increased to Ro = 0.042, Fig.
7(b), heat transfer retardation takes place on both the left
and right sidewalls. More than one half of the right sidewall
in the flow direction suffers severe retardation: almost 10 per-
cent at the worst section. The local heat transfer performance
is enhanced on the left wall in the first and third straight passes
(centrifugal channels) but retarded in the second straight pass
(centripetal channel). However, it undergoes a practically op-
posite cycle on the right wall. Meanwhile, the distribution
patterns of the local heat transfer coefficient on the trailing
and. the leading walls are the same as the patterns of Ro =
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Fig. g9 Effect of Ro on circumferentially averaged Nu at Re = 4.4 x
10% and 1.1 x 10°

0.017, but are of much larger amplitude (i.e., both enhance-
ment and retardation are greatly increased). The worst retar-
dation is experienced by the leading surface, with retardation
as high as 16 percent. Conversely, the trailing surface expe-
riences up to 27 percent heat transfer enhancement. It is ob-
vious that the Coriolis force plays an important role. Figure
7 (b) gives the best evidence of the effects of the Coriolis force.
In this case, the leading and trailing surfaces compensate for
each other, i.e., a significant loss on the leading surface is
made up for by an equally significant gain on the trailing
surface. The net effect of rotation on Nu/Nu, is almost nil.
Note that the curves of Nu/Nug versus x/Dj, for the leading
and trailing surfaces cross at every sharp turn, as seen in Fig.
7(c). The case of Re = 1.1 X 10° and Ro = 0.017 is even
less favorable to heat transfer performance than the stationary
case of Re = 1.1 x 10°. The benefits of higher Re (1.1 x 10°
versus 4.4 X 10% realized in the case of Fig. 5(b) has been
suppressed by the increase in Ro.

Although the local heat transfer performance on each wall
is very important, sometimes circumferentially averaged heat
transfer coefficients are more relevant. The distribution of the
circumferentially averaged Nusselt number, Nu, is plotted in
Fig. 8 for a constant Ro (= 0.017) and various values of Re.
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and Re = 8.85 x 10°

One observes that Nu decreases with x/Dj, in the first straight
pass due to the entrance region effect. After reaching a min-
imum value, it increases in the first turn due to secondary flow,
The pattern repeats at every straight pass-sharp turn cycle.
The value of Nu increases with an increase in Re, with the
distribution curve, i.e., Nu versus x/Dj, being parallel for the
different values of Re. -

The effect of rotation on the distribution of Nu is depicted
in Fig. 9 for two different values of Re, 4.4 x 10*and 1.1 x
10°. The effect of rotation on the Nu distribution is negligible
at both Reynolds numbers. The values of Nu for Re = 4.4 X
10* fluctuate about 200, while the value of Nu for Re = 1.1
% 10° fluctuate about 400. The variation of Nu along the flow
passage is small and nearly periodic. I

Figure 10 shows the effect of Ra on Nu and Nu/Nuy, at Ro
= 0.021 and Re = 8.85 x 10* Nu reflects the effects of
buoyancy gradients. One observes that the effect is most prom-
inent in the first straight pass and diminishes along the flow
passage. This trend holds for other combinations of Ro and
Re.
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A comparison between the results of the present study and
the results of the study performed by Guidez [3] (solid lines)
is shown in Fig. 11. The two results agree quite well. The
discrepancy is probably due to the difference in aspect ratios,
1 in the present study and 2 in the Guidez’s case. Figure 12
plots NuTL/NuTLO against Ro. Here, Nuyy, is the value of Nu
averaged over the trailing and leading walls of the first passage,
Nurp, is the value of Nug averaged over the trailing and leading
walls of the first passage, and Ro is the Rossby number. The
results of Guidez [3], Spalding [7], and Iacovides~Launder [8]
are superimposed on the figure for comparison. It should be
noted that the Coriolis force has opposite effects on the trailing
and leading sides. Hence, the enhancement in heat transfer
performance on the trailing side by the Coriolis force is partly
offset by a reduction in the heat transfer performance on the
leading side.

A comparison between the present study and the study by
Wagner et al. [2, 9] is not possible due to a lack of a common

‘reference basis. Nevertheless, it is noted that the two studies

have yielded a similar trend in the heat transfer performance
in rotation,

The effects of the ratio L/R (L is the length of each of the
four parallel ducts in the test section, and R is the length of
arm in rotation) on heat transfer performance is not investi-
gated in the present study due to the physical limitations of
the experimental setup. The construction of a new setup is
under way to determine the effects of various geometric and
operational parameters on heat transfer performance. Iacov-
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ides and Launder [8] theoretically predicted the distribution
of the local normalized Nusselt number (Nu/Nuy) around
square and rectangular cross sections and showed that the value
at the middle is higher than that at the corners. This result
needs further experimental verification, which is a very difficult
task because measurements must be made of both the wall and
air temperature distributions across the flow cross section at
each location in the duct. In the present work, the temperatures
on the centerline of each wall were used as the representative
local wall temperatures of each wall at the cross sections. This
may cause a little error, which cannot be accurately estimated.

Conclusions

The internal (i.e., convective) cooling of turbine blades is
idealized by the cooling of a four-pass serpentine passage. The
local heat transfer coefficients of the passage surface are de-
termined together with their circumferentially averaged values.
It is disclosed from the study that:

(i) A significant enhancement in heat transfer perform-
ance is achieved at all sharp turns due to strong secondary
flow.

(if) The variation of Nusselt numbers, both local and cir-
cumferentially averaged, along the flow passage is nearly pe-
riodic. This signifies the achievement of the thermally developed
condition at the first turn.

(iii) Although rotation has a great effect on the local heat
transfer performance, it has little effect on the circumferen-
tially averaged heat transfer coefficients for the rotational
speeds tested. This may imply that for a given flow rate, the
thermal condition has been fully developed by the complex
secondary flow at the sharp turns. Therefore, additional dis-
turbance by rotation can no longer augment the performance.

(iv) The throughflow rate can significantly enhance the
heat transfer performance, as it is known that the Nusselt

Journal of Heat Transfer

number is a function of the Reynolds number in convective
heat transfer.

(v) The enhancement of the local heat transfer perform-
ance due to an increase in the rotational Rayleigh number is
most prominent near the entrance but diminishes along the
flow passage.
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Splattering and Heat Transfer
During Impingement of a
Turbulent Liquid Jet

Splattering and heat transfer due to impingement of an unsubmerged, fully turbulent
liquid jet is investigated experimentally and analytically. Heat transfer measurements
were made along a uniformly heated surface onto which a jet impacted, and a Phase
Doppler Particle Analyzer was used to measure the size, velocity, and concentration
of the droplets splattered after impingement. Splattering is found to occur in pro-
portion to the magnitude of surface disturbances to the incoming jet, and it is
observed to occur only within a certain radial range, rather than along the entire
film surface. A nondimensional group developed from inviscid capillary disturbance
analysis of the circular jet successfully scales the splattering data, yielding predictive
results for the onset of splattering and for the mass splattered. A momentum integral
analysis incorporating the splattering results is used to formulate a prediction of
local Nusselt number. Both the prediction and the experimental data reveal that the
Nusselt number is enhanced for radial locations immediately following splattering,
but falls below the nonsplattering Nusselt number at larger radii. The turbulent heat

transfer enhancement upstream of splattering is also characterized.

1 Introduction

Liquid jets are often directed onto hot surfaces to provide
simple and efficient cooling. Such jets typically issue from a
nozzle at the terminus of a pipe, or similar manifolding system,
and may be encountered in a wide range of manufacturing,
laser-heated, or electronic systems. Quenching of steels during
rolling processes, or, conversely, cooling of the rollers them-
selves during hot rolling, are just two common examples. Cir-
cular liquid jets are of particular value in creating extremely
high heat transfer coefficients over relatively localized areas.
The corresponding piping systems have the added attraction
of being inexpensive and easy to install.

In our previous papers (Liu and Lienhard, 1989; Liu et al.,
1991), we discussed the heat transfer characteristics of an un-
submerged, impinging laminar liquid jet issuing from a sharp-
edged orifice. In the latter paper, disturbances to the experi-
mental liquid supply were carefully damped so as to create
uniform-velocity profile, laminar jets having very stable, un-
disturbed free surfaces. While that configuration is well suited
for examining the physical mechanisms of jet impingement
cooling, in applications such as those mentioned above, the
piping or manifolding systems are likely to generate turbulence
in the liquid supply. The resultant liquid jets are turbulent and
have heavily disturbed surfaces, which make them susceptible
to the highly undesirable effect of splattering after they strike
the target surface (Fig. 1).

When a jet splatters, much of the incoming liquid can be-
come airborne, as droplets, within a few jet diameters of the
point of impact. Airborne liquid no longer contributes to the
cooling of the liquid surface, and in consequence, cooling is
far less efficient than it could be if splattering were suppressed.
Understanding the causes and scaling of splattering is thus an
essential element in jet cooling system design.

The basic physical mechanism of splattering has been de-
scribed by Errico (1986). Disturbances to the surface of the
incoming jet are strongly amplified as the jet spreads into a

Contributed by the Heat Transfer Division and presented at the 27th National
Heat Transfer Conference, Minneapolis, Minnesota, July 27-29, 1991. Manu-
script received by the Heat Transfer Division April 1, 1991; revision received
July 31, 1991. Keywords: Forced Convection, Jets, Sprays/Droplets.
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liquid film along a wall normal to the axis of the jet (Fig. 15,
¢). The associated flow regimes along the surface can be char-
acterized in an average sense as follows (Fig. 2):

1 Stagnation Zone: A very thin wall boundary layer with a
turbulent free stream above it.

2 Region Before Splattering: Disturbances to the liquid sheet
are strongly amplified in this region. As in the stagnation
zone, the wall boundary layer is affected by turbulent and
capillary disturbances to the flow above it.

3 Region of Splattering: A portion of the liquid sheet breaks
free as droplets, owing to the instability of the disturbed
liquid sheet. The effective radial size of this zone is fairly
small.

4 Region After Splattering: Having lost both mass and mo-
mentum in the splattering process, the remaining liquid
sheet continues to flow outward. The liquid sheet is fully
turbulent.

Errico’s experiments on the splattering of impinging jets
demonstrated that jet splatter is directly tied to the surface
roughness or deformation of the incoming liquid jet, that jet
splatter is reduced by making the jet shorter (so that disturb-
ances to the liquid jet have less time to develop), and that jet
stability is related to the specific nozzle design. Errico also
found that onset of splattering in jets forced at their breakup
frequency varies with Re,;, We,, and the ratio of jet length to
jet diameter.

Splattering and turbulence both produce additional mixing
in the liquid sheet, which will tend to enhance heat transfer
relative to a laminar sheet. Conversely, the wall friction will
be generally lower for laminar flow, which should result in
larger velocities at a given downstream radius. The relative
cooling efficiency of these cases is not obvious @ priori, apart
from the expectation that turbulence enhances heat transfer
in the stagnation zone. Additionally, turbulence and splattering
are closely related, with splattering both being driven by tur-
bulence and adding fluctuating disturbances to the film, so
that these effects must be accounted for simultaneously in
attempting to model the heat removal. Presumably, the jet
Reynolds and Weber numbers will appear as controlling pa-
rameters. _

Since the initial condition of the jet and the subsequent flow
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(b)

behavior are strongly dependent on the specific nozzle con-
figuration, there arises the question of how best to explore the
heat transfer performance of different nozzles. Most nozzle
systems seek to minimize pressure drop by using a relatively
large diameter liquid supply line followed by a contracting
nozzle. The liquid supply may reasonably be assumed to have
reached fully developed turbulent flow, and this turbulence
will be partially damped by the nozzle. Actual nozzle conditions

Fig.1 (a) Laminar jet at Re,= 51,500 (depth of 9.2 mm beyond hydraulic
jump); (b) splattering jet at Re,= 28,400, w = 4550, and ¢ = 0.108; (c) splat-
tering turbulent jet at Re,= 48,300, « = 8560, £ =0.311 (no jump)

are thus bounded at one extreme by a stable laminar jet (as
achieved by a sharp-edged orifice nozzle by Liu et al., 1991)
and at the other extreme by a fully developed turbulent jet (as
achieved by a sufficiently long tube with no outlet contraction).
Other types of nozzles will generally fall between these two,
having a somewhat lower turbulence intensity than in fully
developed pipe flow, and their heat transfer behavior should
be bounded by the laminar and fully turbulent jets.

The mean velocity profile of the jet will also affect convective
heat removal, particularly in the stagnation zone. The sharp-
edged orifices used in our previous studies are known to pro-
duce a uniform velocity profile about one diameter down-
stream of the orifice. The turbulent pipe jets studied herein
have a relatively flat velocity profile as well. A recent study
of planar jets (Wolf et al., 1990) concluded that velocity profile
effects on stagnation zone heat transfer were pronounced for
laminar flows, but suggested that, for turbulent jets, the ve-
locity profile was relatively unimportant in comparison to the
stronger influence of turbulent mixing. In this light, we expect
that velocity-profile effects are less important in what follows
than are the effects of turbulence. However, measurements
independently varying turbulence intensity and velocity profile
are needed to resolve fully the role of mean velocity profile in

Nomenclature
h. = equivalent mean thickness Pr = liquid Prandtl number
a = liquid jet radius of liquid sheet containing q’ = rms magnitude of turbu-
Arms = mean jet-radius disturb- same momentum as actual lent velocity vector at noz-
ance amplitude when jet sheet after splattering zle outlet
strikes plate A, = mean liquid sheet thick- q, = wall heat flux, uniform
C = scaled nozzle-outlet turbu- ness at the position just Q = total volume flow rate of
lence intensity = before splattering occurs jet = w/Ad*u;
0.195x~/2(q" /uy)* h* = mean thickness of liquid Q” = volume flow rate of splat-
C, = const sheet at the position just tered liquid per unit height
C; = friction factor = after splattering occurs aboye the plate
70/ (172 pti2a) k = liquid thermal conductivity ro= ra@ms, measured from
¢, = specific heat capacity per ! = distance between nozzle point of jet impact
unit mass at constant pres- and target r, = radius of droplet profile
sure Nu, = local Nusselt number = measurement
d = liquid jet diameter qwd/k(T,—Tj) re = effective radius of splat-
D = temporal volumetric mean p’ = rms turbulent fluctuation tering region
diameter of splattered of liquid pressure R, R, = principal radii of curva-
droplets at a given height Phax = pressure disturbance am- ture for liquid surface
h(r) = local mean thickness of plitude at wavelength of Re; = Reynolds number of the

liquid sheet
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maximum instability

jet = ufd/u
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| o
(S
Stagnation Region Region of Region after splattering
zone before splattering  splattering
Fig.2 Regions for turbulent incoming jet: instantaneous liquid
surface; -~-- mean liquid surface

turbulent jets, particularly for those jets having a large non-
uniformity of mean velocity.

In this work, we investigate heat removal by fully turbulent
liquid jets both with and without splattering. Our method is
to combine relatively simple models of the mechanism of liquid
splattering with phase-Doppler measurements of the splattered
droplets’ size and velocity to create a predictive model for the
mass lost to splattering and the radial location of splatter. We
then use this information to model the consequences of splat-
tering for the efficiency of convective heat removal by the jet-
induced liquid sheet, and we compare the model’s results to
measurements of the local Nusselt number along the wall.

Our analysis employs the momentum integral procedure,
reflecting our attention to the average behavior of a physical
process that is far too complex for exact analytical solution.
Moreover, the momentum integral procedure has been found
to facilitate relatively clear and general descriptions of the
varying radial characteristics of the film flow (Liu and Lien-
hard, 1989); alternative, numerical procedures cannot provide
any useful generality for the whole range of radius, although
they show some promise for the stagnation zone (Liu et al.,
1992).

Nomenclature (cont.)

17

Fig. 3 Experimental apparatus: (1) PDPA laser transmitter; (2) PDPA
receiver; (3) vertical traversing table; (4) horizontal rail bearings; (5) PDPA
electronics; (6) water supply line; (7) pressure gage; (8) strike plate; (9)
honeycomb; (10) tube support plate; (11) plenum; (12) instrumented heater
sheet; (13) flowmeter; (14) insulating box; (15) electrical leads; (16) volt-
meter; (17) high-current, low-voltage electric generator, 25 kW

2 Experiments

Experiments were performed to measure the splattered mass
and heat transfer for a fully developed, turbulent liquid jet.
The experimental jets were produced using long tubes (50 to
100 dia long; 3.2-9.5 mm dia), which received liquid water
from a pressurized plenum and issued into still air (Fig. 3).
The outlet of each pipe was carefully smoothed and deburred
so that surface disturbances in the liquid jets were produced
solely by the turbulence of the jets. The initial conditions for
the jet should thus depend only on Reynolds number. Con-
traction of the turbulent jets causes less than a 1.5 percent
reduction in diameter, in contrast to the large contraction for
sharp-edged orifice jets. Jet velocity was determined using a
flow meter (primary calibration of the meter was performed).
The jets struck a thin, uniformly electrically heated plane tar-
get, which was instrumented for local temperature measure-
ment. The nozzle to plate separation was adjustable over the

us in boundary layer re-

S, Smax = growth rate of capillary
disturbances, maximum gion . o ‘
growth rate u*, u*,., = liquid velocity, liquid # = angle in cylindrical coordi-
St = local Stanton number = maximum velocity just nate system
G/ (pCplimax (T — Tr)) after splattering © = constant in momentum
t = time v mean radial velocity com- balance, Eq. (26)
T; = incoming jet temperature, ponent of splattered drop- A Apax = capillary-disturb_ance
before impingement lets at a given height wavelength for jet, most
Ty(r) = free surface temperature We, jet Weber number = upstable_ wa.veler}gth
distribution of liquid sheet puzd/o v = kinematic viscosity
T,(r) = wall temperature distribu- X fraction of liquid sheet ¢ = ratio of splattered-llguld
tion contained in boundary volume flow rate to in-
u(r, y) = mean radial velocity distri- layer at given radius coming jet volume flow
bution in liquid film y = distance normal to the rate
u; = velocity of impinging jet wall p = liquid density
(bulk VelOCity of flow exit- S viscous boundary layer o = surface tension
ing nozzle) thickness & = constant in momentum
Umax = local maximum film veloc- ¢, ey, = amplitude, mean ampli- balance, Eq. (18) or (28)
ity (liquid free surface ve- tude of initial surface of w = dimensionless group =

locity); mean value is near

364 ] Vol. 114, MAY 1992

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm

displacement

We,exp(0.971/~VWey-1/d)

Transactions of the ASME



range 1.2=//d=<28.7. The remainder of the experimental ap-
paratus consists of the water jet loop, a refrigerating system,
and an electrical heating system. Full details of this equipment,
the heater, the instrumentation, and the error analysis are given
by Liu et al. (1991).

The distribution of the splattered droplets’ velocities and
diameters above the target plate were measured using a Phase
Doppler Particle Analyzer (PDPA). The PDPA (Aerometrics,
Inc.) is an advanced laser-Doppler velocimeter that produces
concurrent measurements of an individual particle’s diameter
and velocity through an analysis of the measured amplitude
and phase of the Doppler burst. Since the splattered droplets
travel at only a small angle with respect to the target surface
(about 20 deg off horizontal), the PDPA was configured to
record the radial component of velocity; this component is
also that required in the momentum integral analysis below.
Owing to ambiguities in the instrument’s probe-area correction
for the number density calculation, the measured volume flux
was independently calibrated by direct measurement of the
splattered mass (following Errico, 1986), as shown in Fig, 4;
the incoming-jet volume flow and the volume flow remaining
in the liquid sheet after splattering were measured at radii
corresponding to those used in the PDPA measurements.

The wall temperature increases with radius, and the local
Nusselt number is based on the difference between the local
wall temperature and the temperature of the incoming jets.
The incoming jet temperature was measured using the stag-
nation point thermocouples with the heater power off (i.e.,
the adiabatic-wall temperature). As in our previous experi-
ments (Liu and Lienhard, 1989; Liu et al., 1991), evaporative
cooling was suppressed by limiting the maximum liquid tem-
perature along the test heater. At the stagnation point, the
temperature differences are the smallest and the uncertainty
in Nusselt number is the largest when the previously mentioned
heater is employed. Thus, a narrower heater strip (3.8 cm wide
rather than 15.2 cm wide) was used for separate stagnation
zone measurements. This enabled the use of higher heat fluxes
(up to 300 kW/m?) without concern for liquid surface tem-
perature or burning of the test heater; the temperature dif-
ferences were thus raised to accurately resolvable values for
the stagnation point, providing stagnation Nusselt numbers
with uncertainties of 10 percent or less. Downstream, the re-
ported Nusselt numbers have uncertainties of only 5 percent.
The estimated uncertainty for Re, is 5 percent and that for r
is 0.5 mm.,

“’
OES,O,ST, T OOE;EEEEEEEEETET

Fig. 4 Direct measurement of splatiered mass: (1) tube; (2) liquid jet;
(3) target disk; (4) capture tank for unsplattered liquid

Journal of Heat Transfer

Both the wide and narrow heaters were made from 0.1-mm-
thick 304SS sheet. Corrections were applied for the conductive
temperature difference across the Joule-heated sheet, as de-
scribed by Liu et al. (1991). These corrections are quite im-
portant when Nuy is large. Omitting them, as some authors
apparently have (Faggiani and Grassi, 1990), may cause large
€errors.

3 Splattering

The vertical distribution of the radial volume flux of splat-
tered droplets was measured for a variety of jet Reynolds
numbers, Reg, jet-to-plate separations, //d, and radial meas-
uring stations, r,,/d. Representative profiles are presented in
Fig. 5(a); the droplet volume flow rate in the radial direction
per unit height, Q” (m*/s m), is normalized with the total
volume flow rate of the incoming jet, O (m*/s), and plotted
as a function of the vertical distance from the plate surface at
given radius. Decreasing the Reynolds number shifts the whole
profile to the left. Decreasing the nozzle height has a similar
effect, reducing the splattering at all vertical positions. When
the profile is measured at larger radius, its basic shape changes;

12 ' 1 ¥ T ¥ T g
i o Reg=4gdx10®  1-188 L334
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° d d
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Fig. 5 Vertical distribution of splattered radial tiquid volume ﬂco_w rate
divided by total jet volume flow rate, Q”/Q (m~"): (a) linear coordinates;
(b) semilogarithmic coordinates
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near the wall (small y) the splattered volume flux decreases
with increasing radius, but farther from the wall (larger y),
the flux decreases less and may even increase. The shape dis-
tortion occurs because the droplets travel at an angle relative
to the plate, and at larger radius the droplets are spread over
a larger area than at small radius. '

In semilogarithmic coordinates (Fig. 5b), the volume flux
distribution is almost a straight line. A line fit may be applied
to these curves, corresponding to an exponentially decaying
vertical distribution of splattered mass, and the total volume
flow rate of splattered droplets may then be obtained by in-
tegration. The total volume flow is then used to calibrate the
volume flux measurements, as described above.

For the data shown in Fig. 5 (b), the ratio of total splattered
droplet volume flow to total incoming volume flow (which is
0.34) decreases by only about 2.6 percent when the measuring
radius is increased from r,,/d =15 to r,,/d =24, holding other
variables constant. This difference is within the uncertainty of
the measurements, although some decrease may occur as a few
large droplets fall back to the liquid sheet under gravity. How-
ever, both these measurements and stroboscopic observations
by Errico (1986) and by our group show that the actual splat-
tering occurs within a certain radial band around the point of
impact; beyond this band, splattering no longer occurs. Hence,
the total splattered mass flow, as observed beyond the radius
of splattering, will not depend on r/d, but only upon Reynolds
number, Weber number, and //d.

3.1 A Model for Splattering. The splattering of an im-
pinging jet depends strongly upon the disturbances present on
the incoming jet when it reaches the plate. These initial dis-
turbances are sharply amplified when the fluid flows into the
thin liquid film surrounding the point of impact, and their
magnitude determines both whether or not the jet splatters
and the magnitude of the actual splattering. The disturbances
undergo substantial distortion upon entering the liquid sheet,
with changes in amplitude, wavelength, and wavespeed; rig-
orous analysis of that development is beyond our present scope.
However, we may make substantial progress by considering
only the size of the disturbances that the jet delivers to the
liguid sheet. Here, we present a model that relates the initial
turbulence in the jet to the initial surface disturbances on the
jet and their subsequent growth by capillary instability. In this
way, we scale the disturbances reaching the liquid sheet that
drive actual splattering.

Surface shape is related to the difference between liquid and
gas phase pressure, Ap, via the Laplace relation:

1 1
Ap=o<E+E> (1)

We assume that the surface disturbances at the nozzle outlet
are due primarily to turbulent pressure fluctuations within the
jet, which have an rms value of

p'slp<q')2=1pu}<5’~')2 @
2 2 Ur

The turbulent pressure fluctuations will be distributed over a
broad spectrum of wavelengths. The corresponding surface
disturbances also show a range of wavelengths, some of which
are more unstable than others. Rayleigh’s normal mode anal-
ysis of circular jet capillary instability (Drazin and Reid, 1981)
showed that a disturbance of wavelength N\ evolves in time
from an initial amplitude ¢ to an amplitude A given by

A=cexp(i2my/N+ mb} +st) 3)

and that the disturbance of maximum growth rate has
Amax=4.51d and m=0. From Eq. (1), the associated initial
pressure disturbance amplitude is (Drazin and Reid, 1981)
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Dhoax = —0.514‘;’; )

and the corresponding growth rate may be shown to be

Sag = 0.3433 /% )
a’p

Thus, if we equate the rms turbulent pressure disturbance, p’,
to rms capillary pressure disturbance, Ip ;,,axi/\/i, we obtain
an rms initial surface displacement

2 A\ 2
EEE50.781\/§<”—“f—"> (q—> ©)
a g Us
The spectral distributions of the turbulent pressure fluctuations
and the surface disturbances have been lumped into a single
mean disturbance amplitude, so no direct significance should
be attached to the coefficient 0.781+/2. However, the physical
mechanism relating intensity of pressure fluctuations to the
surface displacement should scale as shown irrespective of this
approximation.
The liquid travels from the nozzle to the plate in a time r=
I/uy, during which the surface disturbance grows from the
initial €y to

[
Arms = €rms€XD(Smaxl ) = € €Xp <0.3433 — —-——03) )
UrN\ pa

Nondimensionalizing yields

Arms 0.9710 /
—=CWeyexp| —— — 8
d d p( We, d> ®
where the jet Weber number is
2
Wey= 244 ©
g
and
A2
C=o.195ﬁ<q—> (10)
U

Hence, the disturbance reaching the point of impact, which
drives subsequent splattering, should scale with the dimen-

sionless group
0.971 [
w=Wey exp (— >

v Wed 2

and the fraction of the total incoming liquid flow which is
splattered, £, is a function of w, which must be found exper-
imentally.

The total turbulence intensity, g’/uy, has an average value
of approximately 0.080 in turbulent pipe flow (at Rey= 5 x 10%)
and varies only weakly with Reynolds number (roughly as
RelY%; Laufer, 1954; Tennekes and Lumley, 1972). The Reyn-
olds number range of the present splattering experiments
(19,000 to 69,000) is narrow enough that a constant value of
C=0.0018 is an adequate initial condition for our jets. The
turbulence decays under viscous influence as the jet travels to
the plate; a homogeneous-turbulence decay estimate predicts
a 50 percent drop in turbulence intensity if the jet is 20 di-
ameters above the target. However, the capillary disturbances
that turbulence induces at the jet outlet have grown exponen-
tially during the journey to the target.

Figure 6 shows the » at which we observed onset of splat-
tering as a function of Reynolds number.! For all Reynolds
numbers, the data show w to be about 2120 at the onset of
splattering. Thus, the jet disturbance found from the above
analysis does control the stability of the liquid sheet, and w is

(11)

' Our observations were both visual and tactile; ‘““onset’’ is the point at which
we observed any droplets to leave the liquid sheet.
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Fig. 6 The critical » for onset of splattering as a function of Reynolds
number

a good measure of that stability. From the definition of w,
this shows that splattering occurs whenever We,;> 2120, irre-
spective of //d, although splattering may occur at lower values
of We,; when //d is nonzero. This graph ends at Re, of 30,000
because our higher Re, jets all exceeded We,=2120.

Figure 7 shows the total fraction of liquid splattered from
the sheet as a function of w. The ratio of the splattered flow
to the total flow increases monotonically with w. The amount
of splattering is very small in the range 2120 < »w=3000, with
£ <2.5 percent; in engineering applications, splattering may be
neglected in this range. For 2200 =<w=<8500, splattering in-
creases rapidly; the splattering ratio is well represented by the
curve fit

£=—0.0935+3.41 X 10 0 +2.25 X 10" 7w?
No data are available beyond w = 8500, but we can assume that
¢ will flatten, since it is necessarily less than one. For these
data, the uncertainty is 8 percent for w and 1 percent for £.

The onset of splattering is fairly flat in the sense of £ versus
w. Hence, the reported ‘‘onset’’ may vary among observers,
depending on how much mass must be splattered before splat-
tering is noticed. Few outside data are currently available for
comparison to the present criterion. Womac et al. (1990) cite
three observations of onset for tube nozzles 20-40 diameters
in length, which may be nondimensionalized using present
terminology. For water, onset was noted for a 0.978 mm nozzle
at w = 2600-~3800 with Re, = 13900; for FC-77, onset was noted
for a 0.978 mm nozzle at w=2900-4200 with Re,;= 5800 and
for a 0.4 mm at w=6600-8300 with Re;=5900. The first pair
of observations is consistent with the present results, given the
smallness of £ at those values of w and the low (marginally
turbulent) Reynolds numbers involved. The last observation
is well above present results; however, the volume of splattered
liquid at observed onset would have been roughly the same as
for the larger nozzles, making an issue of the operating def-
inition of ‘‘onset.”” From a practical viewpoint, the curve &(w)
itself is of greatest importance, and onset may be best defined
in terms of a threshold value of ¢ below which splattering can
be ignored.

Bhunia and Lienhard (1992) present more detailed results
for the onset of splattering and an improved version of Eq.
(12).

3.2 Droplet Departure Radius. The distribution of drop-
let diameter, D, typically ranges from a few microns to almost
amillimeter. However, most droplets passing a particular point
have essentially the same velocity irrespective of their size.
Very small droplets (less than about 20 um) suffer significant

(12)
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viscous drag and move slower, but these droplets contribute
little to the mass-averaged velocity. The mean droplet velocity,
v, near the plate is fairly represented by a linearly decreasing
velocity profile (Fig. 8a). The mean droplet diameter also de-
creases with increasing distance from the plate (Fig. 8b).

We may infer the radial position at which the droplets sep-
arated from the liquid surface, r,, by assuming that the large
droplets near the liquid surface maintain the radial velocity
they had at the point of departure from the liquid sheet (ne-
glecting air drag) and that the departure velocity is equal to
the mean surface velocity; the droplets’ velocity then deter-
mines the radial position where the liquid surface had that
velocity. This estimate sets the position of breakaway at about
ry=15.7d. Since the wavelength of maximum capillary insta-
bility for a circular jet is Apa/d=4.51, the estimated break-
away position is slightly more than one A\.«. In his experiments,
Errico (1986) observed that the radius where the disturbances
to the liquid sheet reach maximum height (droplet departure
point) was between 0.73 cm and 1.46 cm, which appeared to
be about 4 jet diameters.? The heat transfer data also verify
this estimate indirectly, as will be discussed later. The present
data do not clearly show a dependence of the breakaway radius
upon Rey, d, or w, but more detailed measurements are un-
questionably required to resolve such influences and to set a
more precise value for r,. For modeling purposes, we take
re™ Amax in what follows.

A few very fine droplets were observed around the incoming
jet when the Reynolds number was large. These droplets appear
to be generated at the jet nozzle, and are formed by a different
mechanism than considered here. They have a very small con-
tribution to the total liquid volume flow. In addition, aero-
dynamic drag on the jet will become increasingly important
for Reynolds numbers above 50,000 and will alter the capillary
growth as modeled here.

4 Mean Flow Field and Heat Transfer

For turbulent jets, and especially for those that splatter, the
flow field of the liquid sheet is highly unsteady and irregular.
However, for the purpose of modeling the jet heat convection,
we may focus on the mean flow field and consider separately
the region before splattering and the region after splattering.

Visual observation shows that the capillary disturbances cre-
ate very large, highly unsteady disturbances to the liquid film.
Stroboscopic observations show that the disturbances grow
larger up to the point of droplet separation, where tall, sharp
crests are observed; these crests break into a spray of droplets
(Brrico presents excellent photographs of the breakup). The
capillary disturbances greatly exceed in magnitude the free-
stream turbulence in the incoming jet and will promote the
rapid transition to a fully turbulent film downstream.

In the region upstream of droplet breakaway, we may sup-
pose the flow to be composed of a thin, laminar wall boundary
layer and a turbulent, fluctuating free stream above it. We
may further suppose that the capillary disturbances to the
liquid surface have essentially the same effect on the boundary
layer as does the free stream turbulence. This region extends
to only about 5 jet diameters from the point of impact.

To gain some idea of free stream turbulence effects on wall
boundary layer heat transfer, we can refer to previous studies
of the problem. A general survey of free stream turbulence
effects was given by Kestin (1966); the stagnation zone of a
submerged jet was investigated numerically by Traci and Wil-
cox (1975). Local measurements in the laminar stagnation zone
of a cylinder show an unexpectedly large effect of free stream

2Errico’s water jet diameter was not specified, since he observed the splattering
radius to be independent of jet size. From a Kelvin-Helmholtz instability analysis
of the liquid sheet, Errico estimated that this radial position was one to two
disturbance wavelengths.
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turbulence, reaching an enhancement of more than 80 percent
in Nu,/Re)/? at the stagnation point for a change of turbulence
intensity from 0 percent to only 2.7 percent. Laminar boundary
layer heat transfer can be substantially increased if the pressure
gradient is nonzero, but for zero pressure gradient (as in the
present flow, away from the stagnation point), free-stream
turbulence does not affect the local heat transfer coefficient
up to a turbulence intensity of at least 3.82 percent. The tur-
bulence intensities of these past experiments are similar to those
estimated for the present case, in the absence of capillary
contributions. The magnitudes of the present capillary dis-
turbances are not known precisely; however, we compare the
present measurements to the undisturbed, laminar predictions
(Liu et al., 1991) below, so as to gage the magnitude of the
combined turbulent and capillary augmentation.

The splattering region itself is relatively small and may be
modeled as if splattering occurs at a single radius. The large
disturbances associated with droplet departure may reasonably
be presumed to induce fully turbulent flow in the liquid sheet
after splattering. We may estimate the thickness and velocity
variation of the turbulent residual sheet by accounting for the
loss of mass and momentum associated with splattering. Hav-
ing the velocity and thickness of the turbulent liquid sheet, we
may then use the thermal law of the wall to estimate the local
Nusselt number.

We emphasize that the model that follows is directed at the
average behavior of the sheet, rather than a precise prediction
of velocity profile and film thickness.

4.1 Mass and Momentum Conservation. At the radial
location just before splattering (here taken as r;/d=4.51), the
ratio of mass in the boundary layer to total incoming mass in
the jet is

]
21rrS udy -
0
x=T—=13.34<§> Re;#=128.3Re; "2 (13)
Zdzuf
where, from Sharan (1984),
N EFIRYAAY
u(y)—uf{26 2<8> (14)
and -
5 r 1/2
—-=2.679
29 7c) a2

These expressions assume a laminar wall boundary layer be-
neath a turbulent free stream with mean velocity u;. Stevens
and Webb (1991) measured radial surface speeds for a non-
splattering turbulent jet and found surface speeds near us (as
would be expected from streamline momentum conservation);
speeds up to 20 percent larger were measured for small di-
ameter, low Reynolds number jets. As discussed below, this
acceleration may be associated with surface tension effects on
those small, slow jets.

If (1 - &) =x, the splattered liquid does not include fluid in
the boundary layer. In this case, the liquid sheet remaining
after splattering has an effective thickness, 4. (Fig. 9), of

2
he=h,— g

8r (16)

where A, is the mean film thickness prior to splattering and
the second term is the loss of (inviscid) fluid due to splattering.
The remaining mass flow, (1 — E)7r/4d2uf, carries momentum
5 he
27rsp [ S uldy + S u}dy] =2ars puidd amn
0 5

where

Transactions of the ASME

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



L e R RS
h 2 + =

l he . h* 3 h(r)

2 + y ¥
Region Region
after splatering

Region before splattering
' of splattering

Fig. 9 Mean flow field during splattering (schematic)

172
dRe )

These results do not account for the transition to turbulent
flow after splattering, which will change the velocity profile
and alter the film thickness from 4, to another value, A*.
Azuma and Hoshino (1984) measured the velocity distri-
butions in the sheet for both laminar and turbulent flow; they
showed that a 1/7th power law is a good approximation in the

turbulent sheet:
y 171
U(y) = tmax (;;)

for A the thickness of the turbulent sheet and u,, the free
surface speed. We assume the adjustment from the laminar
boundary layer to turbulent sheet velocity distrioutions occurs
within a small radial region at the zone of splattering. In terms
of the turbulent thickness just after splattering, 2*, the mass
flow in the sheet after splattering is

$=0.125(1 -E)——O 373< (18)

(19)

h * 7
27rp S udy = 2 Trsoh* Ul oy (20)
0
and the momentum flow in the sheet after splattering is
hx
14
27rrpg u*2dy=37rrsph*u§,§x (21)

0

for u* the mean velocity distribution in the sheet just after
splattering and u?*,, its maximum. Then, with Eqgs. (16)-(18),
mass and momentum balances on the region of adjustment (at
radius r;) give

r(-g’d

d_ 637
At larger radii, solution of the momentum integral equation
gives the variation of turbulent liquid sheet thickness as

(22

ho 002001 [P\ 4

o222 (L 2 23

a [(I—E)Redl”“<d) +Gy @)
where

ke 0.02091  (r )\ 24

& [(1-§HRe*\d

Note that the above mass and momentum balances across the
splattering region provided the initial conditions used in solving
the momentum integral equation for r>r;.

For the case (1 — £) < x, the mass in the sheet after splattering

is
2 (3 1{y\’
1-&8- duf 27rr§ o\s) "2\G dy 25)

_y
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so that

26

o | &

The momentum remaining within the liquid sheet is
h

‘ 3

uzdy=27rrspu}5< e° - 95+ e> @7

zmpg 40 "10° T28

0

We obtain the same results for #* and &, Eqs. (22) and (23),
except that ® is not given as Eq. (18), but is instead

&
3___ 5 e
o= (Go-Fos50')’

4.2 Heat Transfer. We may now apply the thermal law
of the wall to calculate the heat transfer in the film after
splattering, following Liu et al. (1991). According to the law
of the wall

(28)

St= 2 = 2 29)
PCotmaxc(Tw—Ty)  1.07+12.7(Pr** — I\ C;/2
The friction coefficient in the liquid sheet, from the Blasius

law, is
1/4
C;=0.045 - (30
= (huma) (30)
and for a turbulent sheet,
1 ud®(1-
e =3 2EC = )
If we define the local Nusselt number as
qwd
Nuy,;=—="=—— 32
k(T T @2

then, letting Ty= Ty at r=r; and taking the free surface to
essentially adiabatic (Liu et al.), a calculation yields

8Re,Pr St
49(hr/d?) +28(r/d)*St

This expression for Nu,; may be evaluated in conjunction with
Egs. (23), (29), (30), (31), and (12).

Figure 10 shows the Nusselt number predicted above. The
Nusselt number from the laminar prediction is also shown. As
shown below (Figs. 13a, b), the turbulent prediction agrees
reasonably well with our experimental results.

Splattering has a strong effect on heat transfer, especially
immediately after the breakaway radius. Increasing the amount
of mass splattered (raising £) deteriorates the heat transfer.
Splattering thins the film, and the resultant, increased skin
friction creates a rapid decay in the Nusselt number with radius.
Far downstream, the heat transfer is substantially worse than
for the laminar case. Similarly, as more mass is splattered (¢
increasing), the remaining film has less momentum, and slows
more quickly. At radii close to the radius of splattering, how-
ever, the heat transfer is larger than for laminar flow; this
results from the assumption that turbulent transition accom-
panies splattering. This enhancement is stronger when less mass
is splattered, leaving more momentum in the film.

For the case without splattering (¢ =0), the prediction and
data still show an enhancement from capillary disturbances,
which is caused by the turbulent transition, For w< 5000, the
prediction overestimates the Nusselt number relative to meas-
urements immediately after the ‘‘splattering’’ radius (19 per-
cent higher for w=2400), but farther downstream the
disagreement disappears (after about 5d for w=2400). The
overprediction may occur because turbulent transit#on is not
completed at the splattering radius; Liu et al. showed that
turbulent transition can occur over a significant radial band.
However, these estimates are still much closer to the data than
is the laminar prediction; even in the absence of actual splat-
tering, the liquid sheet is still highly disturbed by the capillary
fluctuations. )

Liu et al. (1991) showed that the stagnation zone of a uni-

Nuy= (33)
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form-velocity-profile, laminar incoming jet covers the region
r/d=0.787 and that the Nusselt number there may be estimated
from

0.715Rel/*Pr%* 0.15<Pr=<3
uy= (34)

0.797Rey?*Pr'?  Pr>3

For a turbulent incoming jet, both free stream turbulence and
capillary disturbances may affect the stagnation zone heat
transfer. Figure 11 az shows the ratio of measured Nusselt
number to 0.797 Rey*Pr'’? as a function of w. The stagnation
zone heat transfer appears to be essentially independent of w.
This is not surprising given that the stagnation zone is well
separated from the free surface and its capillary disturbances.
However, the turbulent stagnation zone heat transfer is still
much higher than for a laminar impinging jet; the data show
an augmentation factor of about 1.55. Turbulent disturbances
are not directly separated from capillary disturbances in this
presentation. However, as mentioned previously, variations in
outlet turbulence intensity show only a weak additional de-
pendence on Reynolds number beyond the u#, dependence of
w, and viscous damping of turbulence during travel to the plate
may well be offset by growth of the fluctuating capillary dis-
turbances to the fluid flow. Indeed, Fig. 11(b) shows the aug-
mentation factor to be essentially independent of jet Reynolds
number in this range of Re, and w.

The stagnation zone Nusselt number for the present exper-
iments is represented by the following expression to an accuracy
of about =10 percent:

Nu,=1.24Rel/?Pr!” 3%

This equation should apply for any Prandtl number greater
than 3, although the present experiments, for 7<Pr<11, do
not verify the Pr range.

Stevens and Webb (1989) and Jiji and Dagan (1988) present
results for the turbulent stagnation zone of an unsubmerged
jet. The parameter w is generally small for both studies, given
their low ranges of either Reynolds number or //d; neither
study appears to have used splattering jets. Jiji and Dagan’s
jets were confined to low Re, and were produced by very short
tubes, some six diameters in length. The turbulence intensity
in their jets should thus be lower than for the fully developed
turbulence of the present, long tubes, leading to a somewhat
lower stagnation point Nusselt number. Their results are shown
for comparison in Fig. 11(a); their data are in fact somewhat
below the present data. Stevens and Webb’s prediction is con-
sidered below.

For liquid jet impingement, the pressure gradient in the
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Fig. 11 Nusselt number in stagnation zone for turbulent, splattering

jets relative to Nusselt number for laminar jets from Eq. (34)

region between the stagnation zone and the splattering radius
is negligible, and, as noted above, previous studies (Kestin,
1966) suggest that no turbulent augmentation of the boundary
layer heat transfer should occur. However, the presence of
strong capillary disturbances before the radius of droplet sep-
aration provides an alternative mechanism for heat transfer
enhancement. To show the effect of capillary disturbances,
the Nusselt number between stagnation and splattering was
averaged, and the ratio between this average Nusselt number
and the averaged laminar prediction (Liu and Lienhard, 1989)
was calculated. Figure 12 shows this ratio as a function of .
The enhancement by capillary disturbances is apparent, in
contrast to the stagnation zone heat transfer, and enhancement
appears to be independent of Reynolds number. Capillary aug-
mentation reaches a factor of three at w=9000.

We may predict the Nusselt number over the entire range
of radius by using Eq. (33) for the region after splattering (»/
d>5.7), using Eq. (35) for the stagnation zone (r/d<0.787),
and applying the augmentation factor (Fig. 12) to the laminar
prediction between the stagnation zone and the splattering
radius. This composite prediction is compared to two sets of
datain Fig. 13(a,b), and the agreement is generally good. Many
other cases are shown by Gabour (1991). In Fig. 13(a), in the
region just after splattering, the data show a lower value than
the prediction. The reason, as mentioned above, is that for
this case w is about 4003 and the turbulent transition is not
completed in the splattering region; this disagreement disap-
pears downstream as the transition is completed. In the figure,
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the correlation of Stevens and Webb (1989) underestimates the
Nusselt number for r/d> 3, consistent with its expected range
of validity. Our data are somewhat higher than that correlation
at small r. Figure 13(b) shows similar results at a larger w.

5 Other Nozzles

Other nozzle configurations may have different outlet tur-
bulence intensities. A tentative suggestion for adapting the
present results to such nozzles is to rescale the present values
of w to values appropriate to such nozzles. Since the initial
disturbance to the sheet is proportional to Cw, the procedure
is to determine the values of C and w for the new nozzle and
then find an effective value of w as:

(Cenew

Weff =
Coresent

(36)

The value wes may be used in calculations based on the present
results.

Additional considerations for other nozzles include varia-
tions in the coefficient of contraction and nonuniform velocity
profiles. While velocity-profile influence on heat transfer has
been clearly established for laminar jets, Wolf et al. (1990)
suggested that for planar, fully developed turbulent jets, the
velocity profile itself has far less effect on turbulent heat trans-
fer than does turbulence. However, measurements that inde-
pendently vary turbulence intensity and mean velocity profile
are needed in order to quantify and settle this issue.

Likewise, the precise effect of a nonuniform velocity dis-
tribution on the evolution of surface disturbances has yet to
be clearly identified, although the present results work well
for the levels of nonuniformity found in turbulent pipe jets.
Until further data are obtained, a tentative recommendation
is to ignore velocity profile effects on splattering, unless the
nozzle produces a mean velocity profile markedly different
than that for normal pipe flow.

Nonunity contraction coefficients should be taken into ac-
count when calculating jet velocity and diameter, although they
seem unlikely to have a strong influence on capillary or tur-
bulent disturbances such as are considered here. For low Reyn-
olds number jets of small diameter, surface tension (and grav-
itational acceleration) can alter the flow field of the jet near
the plate. Liu et al. (1992) find some evidence of such effects
in the stagnation zone of laminar jets.

Journal of Heat Transfer

Rey=40400 Pr=9.25 (inlet)
©=4003 1=9.2
© Present data’
—— present correlation
—-~ correlation [Stevens & Webb]
—-— laminar prediction

400

Nud
200
0
0 20
r
d
(a)
750 — T T L
Reg=43285 Pr=8.33 (inlet)
w=7704 %28.7
© present data
— present correlation
500 —--~comrelation [Stevens & Webb]
—~—laminar prediction
1
Nud
250 T
0

30

o

(b)

Fig. 13 Comparison of measurements to the present model:
from Eq. (33) and Figs. (10) and (12); laminar theory from Liu et al.

6 Conclusions

Splattering and heat transfer have been investigated for un-
submerged, circular, fully turbulent impinging liquid jets. Pre-
dictive results have been developed for the local Nusselt number
along a uniform heat flux surface and for the onset of splat-
tering and the total mass splattered.

e The occurrence of splattering is well characterized by the
group w (Eq. (11)) when: (g) the initial disturbances to the jet
are produced by turbulence in the liquid exiting the nozzle;
and (b) the jet Reynolds number is low enough that capillary
instability guides the growth of these disturbances. The present
results validate w for 19,000 < Re;<69,000; breakdown of the
model is likely at higher Reynolds numbers due to aerodynamic
drag. Differences are also expected when the turbulence is less
than fully developed, as at lower Reynolds numbers. The data
cover jet-to-target separations of 7.6=//d=26.4 and
1000 < We,< 5000; the present model is likely to fail if the jet
is long enough to undergo breakup prior to impact.

e Splattering occurs within a narrow radial band, rather than
being distributed at all radii in the liquid sheet. The breakup
radius, ry, is about one A\, (roughly 4.51d), although further
study of the scaling of both r; and splattered droplet profiles
are needed. Splattering appears to be an inviscid phenomenon.

® Jets begin to splatter when w>2120 (or for We,>2120
for any //d). The fraction of incoming mass splattered, £, is
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given by Eq. (12) for w<8500. These results apply for 7.6
<1/d=<26.4 and 1000 < We, < 5000.

® Local Nusselt number depends on Re,, 7/d, and w for
turbulent, splattering jets. The present results facilitate pre-
diction of local wall temperature from the stagnation zone to
radii well past the splattering radius. '

e Both turbulent and capillary disturbances to the free-stream
flow strongly augment heat transfer in the laminar wall bound-
ary layers in the stagnation zone and film region upstream of
the splattering radius. Results are shown in Figs. 11 and 12.

o After droplet breakaway, Heat transfer is further enhanced
by complete turbulent transition of the viscous film. However,
heat transfer drops quickly thereafter as a result of the higher
skin friction in the film. Nusselt number may be estimated
with Eq. (33) for r>r, and is shown in Figs. 10 and 13.

¢ In the stagnation zone, capillary disturbances appear to
have no direct effect on the heat transfer. Augmentation by
the turbulence in the incoming jet appears to increase the heat
transfer by a factor of 1.55 over that for a laminar jet. Aug-
mentation is independent of w and Re, over the range of those
variables covered in these experiments (1.2<//d=<28.7). The
stagnation zone Nusselt number (r/d=0.787) is well repre-
sented by Eq. (35), Nug=1.24Re}*Pr'"3.
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Heat Transfer in Thin, Compact
Heat Exchangers With Circular,
Rectangular, or Pin-Fin Flow
Passages

We have measured heat transfer and pressure drop of three thin, compact heat
exchangers in helium gas at 3.5 MPa and higher, with Reynolds numbers of 450 to
36,000. The flow geomelries for the three heat exchanger specimens were: circular
tube, rectangular channel, and staggered pin fin with tapered pins. The specimens
were heated radiatively at heat fluxes up to 77 W/em?. Correlations were developed
for the isothermal friction factor as a function of Reynolds number, and for the
Nusselt number as a function of Reynolds number and the ratio of wall temperature
to fluid temperature. The specimen with the pin fin internal geometry had signifi-
cantly better heat transfer than the other specimens, but it also had higher pressure
drop. For certain conditions of helium flow and heating, the temperature more than
doubled from the inlet to the outlet of the specimens, producing large changes in
gas velocity, density, viscosity, and thermal conductivity. These changes in properties
did not affect the correlations for friction factor and Nusselt number in turbulent

flow.

Introduction

Compact heat exchangers are widely used in many appli-
cations, including gas turbines, the aerospace industry, and
cryogenics. The problem motivating this work is cooling the
engine struts of the National Aerospace Plane (NASP). The
engine struts are expected to receive a normal (perpendicular)
heat load of the order of 2000 W/cm? due to aerodynamic
heating and thermal radiation from the combustion of the
hydrogen gas fuel (Scotti et al., 1988). The present concept
for cooling the strut is to attach a heat exchanger to the surface
facing the high heat flux, through which hydrogen gas will
flow prior to entering the engine. Due to limitations of size
and weight, the heat exchanger must be thin and compact. The
pressure will be high (7 MPa or greater) to reduce the pressure
drop for a given gas flow rate. Temperatures will increase
substantially from the inlet to outlet (56 K to 890 K) to minimize
the gas flow rate for a given incident heat flux. The outlet
temperature is determined by temperature limits of the ma-
terials used in constructing the heat exchanger.

Thermal-fatigue studies of concepts for cooling the strut
(Shore, 1986) have shown that the life of the engine increases
as the temperature difference between the wall and fluid of
the heat exchanger decreases. This implies maximizing the
product of the heat transfer coefficient and the internal wall
area of the exchanger. For applications other than the NASP
strut, high heat transfer coefficients allow either reducing the
coolant flow or reducing the size of the heat exchanger to
achieve the same heat transfer.

In this work, three compact heat exchangers were tested in
a helium flow apparatus to measure their heat transfer and
pressure drop. All had approximately the same heated normal
area, were thin perpendicular to the flow direction (5 mm or
less), and were made of commercially pure nickel (UNS 02200).
Two specimens used conventional flow geometries, while the
third had a novel, “pin-fin’’> geometry for which there were
no performance data. The “‘tube’’ specimen consisted of 20
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Forced Convection, Heat Exchangers.
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tubes, 1.02 mm i.d., lying in parallel on a base plate. The
““channel’’ specimen contained 12 rectangular channels in par-
allel, 3.18 mm wide by 0.56 mm deep, milled in a base plate.
In the pin-fin specimen, tapered circular cylinders spanned the
height of the cooling passage. The centers of the pins were
located at the corners of equilateral triangles.

Pin-fin banks have been used in the gas turbine industry to
cool turbine blades or vanes (Armstrong and Winstanley, 1988).
In that application, the length-to-diameter ratio of the pins
varies from 1/2 to 4, and the pin diameter is constant across
the span of the channel. Long pin fins (length-to-diameter ratio
of 8 or greater) have been used by the heat exchanger industry
and were studied by Kays and London (1964). In all past
applications, the pin diameter has been constant across the
channel. For our work, the pins were tapered; the length-to-
diameter ratio varied from 1/4 to 1/2 on each pin. Pin banks
of past works are often ‘‘staggered’’ in the flow direction to
break up the flow path. The pins of our work were also stag-
gered, but the layout angle was different.

The tube and channel specimens were constructed to test
alternative fabrication techniques to those of the pin fin, be-
cause initial attempts to build a pin-fin specimen were unsuc-
cessful. Because the heat transfer in tube and channel geometries
has been measured before (albeit in a single tube at low heat
flux and easily measured wall and fluid temperatures), testing
these specimens allowed us to determine whether variable prop-
erties, axial flow acceleration, flow nonuniformities, or errors
in temperature measurement were significant. Neither the tube
nor channel specimens were optimized for heat transfer, a fact
that should be remembered when comparing their performance
to that of the pin-fin specimen.

Description of the Apparatus

We mounted the heat exchanger specimens in an apparatus
that provided steady flow of helium at constant inlet temper-
ature and pressure, and heated the specimens radiatively (Ol-
son, 1989, 1990). The apparatus was designed to test specimens
at heating rates of 0 to 80 W/ cm? and gas temperatures from
ambient to 810 K., In testing with helium we could match the

MAY 1992, Vol. 114/ 373
ME

r copyright; see http://www.asme.org/terms/Terms_Use.cfm



Wall

On-Git . P,T

2 )
on-off : Vaive 2:
Vaive 1 2

Heat Exchangar
Specimen

Hellum
Gas Supply
13.8 MPa (2000 psi)
1100 3 (39 000 sct)

(O
[Om
(&S
[
o8

Pressure
Regulator
Vatva 3

Speclmen Furnace
Sactlon

Fig. 1 Helium flow apparatus

Reynolds number, Prandtl number, and temperature rise from
the specimen inlet to outlet to those of hydrogen, because of
the similarities in specific heat, thermal conductivity, and dy-
namic viscosity between the two gases.

Flow Apparatus. The helium flow apparatus is shown in
Fig. 1, with the details of the specimen furnace section shown
in Fig. 2. Helium gas at 17 MPa (2500 psi) or less was supplied
from a tube trailer outside the laboratory. System pressure
was set by the dome-loaded pressure regulator (valve 3).

Within the furnace (Fig. 2), the gas flowed into an inlet
manifold, which distributed it to the heat exchanger specimen.
A similar manifold collected the gas exiting the specimen and
directed it to the outlet tubing. The specimen was located in
the target area of the furnace (7.8 cm wide by 15.2 cm long).
The x coordinate is aligned with the direction of gas flow in

Cooling Air Cooling Air
and Water and Water
|l 4B0VAC
75A
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Fig. 2 Specimen furnace, showing location of inlet gas temperature
(A), upstream pressure (0), outlet gas temperature (B), and downstream
pressure (1)

the specimen, with x/L = 0 at the (upstream) furnace wall where
the heating of the gas begins, and x/L =1 at the (downstream)
furnace wall where heating ends. The furnace consisted of a
high-intensity infrared radiant heater, surrounded by focusing
walls, which directed the heat to the specimen. For the tube
specimen, the walls were made of refractory insulation (Olson,
1989). For the channel and pin-fin specimens, the walls were
made of polished aluminum (Olson, 1990). The aluminum
walls were watered cooled. The heater contained six high-
temperature infrared lamps mounted in an aluminum housing.
The aluminum surface behind the lamps was polished to reflect
the light. Quartz windows placed in front of the lamps and

Nomenclature

k, = thermal conductivity of
A = location of inlet manifold nickel, W/(m-K) ro= recgvery factor= (T, o 75/
Ay = flow normal area= Vy/L, m? L heated length of specimen, (V*/2¢cp), taken as Pr’” for
A, = specimen normal area=_Lsw, m turbulent flow
m® m = mass flow rate, kg/s ref = reference conditions
A, = wetted wall area (total wall m, = mass flow rate per unit Re = Reynolds number=pVD,/u
area exposed to fluid), m® width of specimen, kg/ T = temperature, K
B = location of outlet manifold (sem)=m/w if the flow is T,» = adiabatic wall temperature
Bi = Biot number = A, D,/k,; uniform with y of cooling fluid, K
¢, = specific heat at constant N = number of rows of pins in Ty = temperature of local bulk
pressure, J/(kgK) flow direction in Metzger fluid, K ]
D, = specimen hydraulic diame- friction factor T,, = temperature of specimen
ter=4Vy/A,, m Nu = Nusselt number =#.D,/k wall, K
J = isothermal friction factor Nu,, = modified Nusselt num- V = velocity, m/s o _
(Eq. (2) ber= (heDy/k)*(T,,/T)"> Viax = maximum velocity in speci-
fu = friction factor used by Metz- Nu,, Nusselt number based on men, m/s _ .
ger et al. (1982) (Eq. (20)) temperature of wall-fluid in- Vo = orgen volume in specimen,
Sy = heat flux distribution func- terface= (Ao Dy/k)(T,/ m .
tion Tf)°‘55 w = width of specimen, m
G = mass flow rate per unit flow P = pressure, Pa x = position coordinate parallel
normal area =, w/A;, kg/ P,, = wall perimeter perpendicular to flow direction, m
(sem) to flow direction, m ¥y = position coordinate perpen-
h = heat transfer coefficient (Eq. Pr Prandtl number = pec,/k dicular to flow direction, m
(7)), W/(m?.K) n local normal heat flux, W/ B = coefficient of thermal expan-
h = enthalpy, J/kg m? sion
H = thickness of specimen, m Opx fraction of total heat flow AP, = normalized pressur% drozp
h, = normalized heat transfer on specimen added up to (Eq. (4))_, Pa«(sem)“/kg
coefficient (Eq. (16)), W/ position x=integration of n = pin eff%cwr.lcy _
(m?K) furnace calibration function ¢ = dynamic v1scozslty, kg/(ssm)
h,, = heat transfer coefficient JSg» from 0 to x p = density, kg/m '
based on temperature of Or total heat transfer to speci- ¢ = standard deviation )
wall-fluid interface (Eq. men, W 0 = location where heating be-
14)), W/(m?.X) g, = local wall heat flux based on gins (x/L=0) .
k = thermal conductivity, W/ total wetted-wall area of the 1 = location where heating ends

(m-K)
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specimen, W/m*

(x/L=1)
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Fig. 3 Tube specimen

mounted in the aluminum housing provided an enclosure for
air to flow around the lamps and prevent over heating. The
aluminum housing of the heater was water cooled.

Downstream of the furnace section, the hot gas flowed
through a cooling coil immersed in a water bath. The rate of
gas flow was manually adjusted at the bath outlet by valve 4.
Beyond the valve, we measured helium flow rate with a heated-
tube thermal mass flow meter with an uncertainty of =1 per-
cent. After exiting the flow meter the gas was vented outside
the laboratory.

Tube Specimen. The tube specimen consisted of 20 small-
diameter tubes lying in parallel in channels machined on a base
plate, as shown in Fig. 3. Both the tubes and the base plate
were made of commercially pure nickel. The outer diameters
of the tubes were 2.03 mm and the inner diameters were 1.02
mm. Adjacent tubes were 3.81 mm between centers, leaving
1.78 mm of flat between the tubes. The base plate was 7.82
cm wide, 16.5 cm long, and 3.18 mm thick. The overall thick-
ness of the specimen was 4.19 mm.

The tubes (1.2 cm longer than the base plate on each end)
were brazed into the channels in the base plate using a braze
alloy foil containing 70 percent gold, 8 percent palladium, and
22 percent nickel (AMS-4786, 1310 K liquidus). Header pieces
of commercially pure nickel, with holes drilled to match the
tube locations, were slipped onto the protruding tubes on each
end of the base plate. The header pieces were brazed to the
tubes and base plate using an alloy of 82 percent gold and 18
percent nickel (AMS-4787, 1223 K liquidus).

Channel Specimen. The channel specimen is shown in Fig.
4, It consisted of 12 parallel-flow channels of rectangular cross
section milled in a lower plate of commercially pure nickel,
with a cover plate of commercially pure nickel brazed to it.
The channel width and height were 3.18 mm and 0.56 mm,
respectively. The ridge between channels was 3.18 mm wide.
The lower plate was 3.12 mm thick, and the cover plate was
1.93 mm thick, for a total thickness of 5.05 mm. The specimen
was 7.86 cm wide and 19.1 cm long.

The cover plate was brazed to the base plate in a vacuum
oven using a 0.025-mm-thick braze alloy foil of 50 percent
gold, 25 percent palladium, and 25 percent nickel (AMS-4784,
1394 K liquidus). Prior to brazing, the inner facing surface of
each plate was lapped to a flatness of £0.01 mm. An X-ray
of the specimen after brazing showed that large braze fillets
formed in 4 of the 12 channels, which partially occluded the
flow passages. For the channel with maximum blockage, the
reduced width of the channel was about 30 percent of the
unblocked width, and the blockage extended over 20 percent
of the channel length.

Journal of Heat Transfer
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Fig. 5 18 deg pin-fin specimen

18 deg Pin-Fin Specimen. The pin-fin specimen was con-
structed at NASA Langley Research Center and is shown in
Fig. 5. The specimen consisted of an upper plate with integral
pins, and a lower plate to which the pins of the upper plate
were brazed. Both plates were made of commercially pure
nickel. The total thickness of the upper plate was 0.89 mm,
with 0.51-mm-high pins and 0.38 mm plate thickness above
the pins. The lower plate was 1.27 mm thick. The pins were
formed in the upper plate in a photochemical etching process.
The pin diameter varied from 2.03 mm at its base to 1.02 mm
at the point of braze to the bottom plate; the ratio of pin height
to diameter varied from 1/4 to 1/2. The centers of the pins
were located at the corners of equilateral triangles. The sep-
aration from pin center to pin center was 2.03 mm. The angle
of a line drawn through the pin centers, with respect to the
flow direction, was 18 deg. (Refer to Fig. 5: The angle for
maximum channeling of the flow would be 0 deg; the angle
for maximum stagger would be 30 deg.)

The top and bottom plates were brazed together in a vacuum
oven using a 0.025-mm-thick braze alloy foil of 50 percent
gold, 25 percent palladium, and 25 percent nickel (AMS-4784,
1394 K liquidus). Prior to brazing, the inner facing surface of
both plates was lapped to a flatness of +0.01 mm. After
brazing, the specimen was pressurized by NASA Langley to
10.3 MPa (1500 psi). This caused the top plate to deflect from
the bottom plate at six spots where the pins had not brazed
to the lower plate. The locations of the unbounded spots were
as shown in Fig. 5. The normal area occupied by the disbonds
was less than 1 percent of the total normal area of the specimen.
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All Specimens. After the specimens were built, they were
installed in slots in the inlet and outlet manifolds. The tube
specimen was welded to the manifolds. The channel and pin-
fin specimens were brazed to the manifolds using a braze alloy
of 82 percent gold and 18 percent nickel (AMS-4787, 1223 K
liquidus). For the channel and pin-fin specimens, the pressure
tap tubes (1.5 mm o.d., 1.0 mm i.d.,) weré brazed to the
specimen during this braze cycle. We pressurized the manifold
and specimen assemblies to a pressure about 3.5 MPa (500 psi)
above the maximum test pressure prior to installing them into
the flow apparatus, and there were no leaks. We painted the
top side of the specimens a very-high-temperature, flat black
paint over the 15.2 cm length to establish a uniform and highly
absorptive surface over the heated area. The manufacturer of
the paint listed the total, normal emissivity as 0.85 +0.05.

The geometry of the three specimens is summarized in Table
1. The hydraulic diameter and flow area were based on the
open volume in the specimen, which is the method used by
VanFossen (1982) for analyzing his pin-fin data. The definition
for Dy reduces to D, =4A;/P, when the open volume does
not change with length, which is the case for the tube and
channel specimens. The hydraulic diameters are all on the order
of Imm. The tube specimen has the smallest flow are, so for
similar pressure, density, and gas flow it had the highest ve-
locities. Because the Reynolds number scales as D, /Ay, the
pin-fin specimen will have the lowest Reynolds numbers for
the same gas flow. The wall area is much greater for the pin-
fin specimen; if the Nusselt numbers are about the same for
all specimens, the pin-fin specimen should have the smallest
wall-to-fluid temperature difference for a given heat flux and
gas flow.

Measurements and Instrumentation. We determined the
distribution of normal heat flux on the specimen by calibrating
the furnace prior to installing the specimen. Absolute heat
flow on the specimen was determined by using the distribution
function obtained from the calibration in conjunction with the
heat gain of the helium flowing through the specimen. Because
up to 75 percent of the calculated radiant energy, generated
by the lamps in the heater, was absorbed by the water and air
cooling the lamp and furnace walls, we did not perform an
energy balance between the radiation heat flow from the fur-
nace and the heat gain of the helium.

To calibrate the furnace, a heat flux gage, which measured
normal heat flux, was soldered to a water-cooled copper plate.
We painted the heat flux gage and copper plate with the same
paint applied to the three specimens. We placed the plate in
the target area of the furnace, prior to installing the specimen.
The heat flux gage was traversed across the target area of the
furnace, measuring the heat flux as a function of position. The
furnace was calibrated both with the refractory, insulating
walls and with the reflective, cooled walls. The heat flux was
constant in the direction perpendicular to flow, y, for both
sets of walls, In the direction parallel to the flow, x, the heat
flux varied by no more that +15 percent for the refractory
walls; for the reflective walls, the heat flux varied by no more
than =7 percent, except within 6 percent of the end walls. We
rechecked the calibration periodically, and there was no change
in calibration. The uncertainty of the measurement was =4
percent.

The temperature of the gas in the inlet and outlet manifolds
was measured with platinum resistance thermometers (PRTs),
4.8 mm diameter, inserted at locations A and B of Fig. 2. The
uncertainty in the measurement was +0.5 K. We measured
the upstream gas pressure (location 0 for the channel and pin-
fin specimens, location A in the tube specimen) with a variable-
reluctance pressure transducer. The uncertainty was =+0.25
percent. Difference in pressure between the upstream and
downstream (locations 0 and 1 in the channel and pin-fin
specimens, locations A and B in the tube specimen) was meas-
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Table 1 Summary of geometry for specimens
Specimen

Parameter Tube Channel 18° Pin-fin
L (cm) 15.24 15.24 15.24
w (cm) 7.82 7.86 7.85
H (mm) 4,19 5.05 2.16
D, (mm) 1.016 0.950 0.715
Ay (cm?) 0.162 . 0.213 0.253
A, (cm?) 97.3 136.6 215.8
A, (cm?) 119.2 119.8 119.6
A A, 0.816 1.140 1.804
Dy/A; (cm™) 0.627 0.446 0.283

ured with a differential pressure transducer, also a variable-
reluctance type. The uncertainty in the pressure measurement
was x0.5 percent of the reading or +£0.1 percent of full scale,
whichever was greater.

We measured temperatures of the unheated (insulated) sides
of the specimens with thermocouples made from type-N wire,
which had a wire diameter of 0.25 mm. We spotwelded at least
29 thermocouples to the surface. The uncertainty in the meas-
ured temperature was the greater of: (a) =1.1K,or (b) £0.4
percent of the difference between the measured temperature
and a reference temperature (=300 K). Temperatures meas-
ured with the insulated-side thermocouples were used to de-
termine the heat transfer coefficient, as the installation
technique did not disturb the specimen temperatures and con-
duction errors were insignificant.

Description of Experiments and Analysis Techniques

Experiments Conducted. A summary of the conditions for
the experiments conducted on the tube, channel, and 18 deg
pin-fin specimens is shown in Table 2. Complete tables for the
measured and calculated parameters at each data point for
each experiment are found in Olson and Glover (1990) (tube
specimen), Olson (1990) (channel specimen), and Olson (1991)
(pin-fin specimen). The tube and pin-fin specimens were tested
at system pressures of 3.5 MPa (500 psi), while the channel
specimen was tested at pressures of 3.5 MPa and 7.1 MPa.
We determined the friction factor from the experiments with
zero heat flux. Reynolds numbers were lower for the pin-fin
specimen because the hydraulic diameter was less, and because
the maximum helium flow rate was less (due to the higher
pressure drop). We allowed the specimens and manifolds to
reach thermal steady state before taking data. Gas inlet tem-
perature and pressure, furnace heating, and helium flow rate
remained sufficiently steady while taking data to ignore ther-
mal transients in the data analysis. Duplicate heat transfer
measurements on the pin-fin specimen two months apart
showed no shift in the data, indicating negligible change in the
emissivity of the surface.

Data Analysis. For the experiments conducted, we ana-
lyzed the measured data to determine the Nusselt number, Nu,
from the tests with heating, and the isothermal friction factor,
J, from the tests without heating. A modified Nusselt number,
Nu,,, was calculated to include the effects of variations in
thermophysical properties between the wall and the fluid. For
the pin-fin specimen, we calculated a wall Nusselt number,
Nu,, in which we extrapolated the temperature of the insulated
side to the temperature of the wall-fluid interface. Nu, Nu,,,
and Nu,, were calculated at each location of an insulated-side
thermocouple and were correlated with the Reynolds number,
Re.

Friction Factor. The isothermal friction factor, f, is de-
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Table 2 Summary of experimental conditions for specimens

Specimen

Parameter Tube Channel 18° Pin-fin
Inlet Pressure (kPa} 3500 3450, 7100 3500.
Normal Heat Flux 0-54 .0 -77 0-74
(W/em?)
Helium Flow Rate 2.6 - 40 2.4 - 40 1.1-31
(kg/h)
Reynolds Number 2200 - 36 000 1400 - 28 000 450 - 12 000
Prandt! Number 0.66 - 0.67 0.66 - 0.67 0.66 - 0,67
Range in Helium 277 - 647 291 - 710 284 - 742
Temperatures (K)
Maximum Specimen 743 784 761
Temperature (K}
Uncertainty in Flow 5 5 2
Distribution (%)
Uncertainty in Re (%) 11.6 11.3 10.7
Uncertainty in f (%) 14 - 16 17 - 18 22-23

for Re > 3000 for Re > 4000 for Re > 500

Uncertainty in Nu (%) 6.6-13.8 7.6 - 13.8 13.6 - 43.8

rived from integrating the one-dimensional momentum equa-
tion in the flow direction:

11 G (-
PO—P,=G2<— - ——) +2—~S Idx §))]
P1 Po D, 0P

In the tube specimen, the pressure was measured at points A
and B in the inlet manifold, and the pressure was estimated
for points 0 and 1 by subtracting inlet and outlet losses.

When the specimen is not heated, Re is constant from the
inlet to the outlet, so fis constant and can be removed from
the integral. For the tube and channel specimens, the change
in density was small compared to the absolute density and the
integral could be approximated as a constant. The resulting
expressing for fis

(Po—Po—Gz(i—l)

P1 Pg

f= ZL, 3 . 2
Dy (po+p1)

For the pin-fin specimen, even with no heating, at high helium
flow rate the pressure drop could be 40 percent of the inlet
pressure. By assuming a linear pressure drop and density drop
through the specimen, we can evaluate the integral, and the
resulting expression for f is

<Po-1°1)—Gz<l - i)
1 Lo

/= Po . ®
In—
. o
Dy (po~p1)

To compare the pressure drop between the various specimens
in a way that removes differences in absolute density, mac-
roscopic length and width, and the internal flow geometry, we
calculate a ““normalized’’ pressure drop, AP,, which is

AP”:‘_DQ:ﬁ,ﬂL.L_Wf_ @

m 2 £0,ref L
w

The measured pressure drop is divided by the square of the
mass flux because to first order the pressure drop varies with
the square of the mass flux. The (arbitrary) reference density
is the density at Py=3.5 MPa and T, =293.16 K; the reference
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length is 15.24 cm, and L is the length between the locations
Oand 1.

Heat Transfer. The heat transfer coefficient, h is defined
through the equation
QW=h'(Tw_Taw)» (5)

where g,, is the local heat flux (heat flow per unit area) into
the cooling fluid based on total wetted-wall area of the spec-
imen; T, is the specimen temperature of the insulated wall;
and T,, is the adiabatic wall temperature of the cooling fluid.
The adiabatic wall temperature was used since adiabatic heat-
ing was as much as 2 K at the high flow rates and heating
rates. The local heat flux was obtained by using the calibration
of the furnace in conjunction with the measured enthalpy rise
of the helium in the specimen. We express g, in terms of the
total heat transfer to the specimen Q, the furnace calibration
function f, and the wall area of the specimen:

_9r A
™=y, " a,

fq- ©®

The calibration function f; is on the order of 1, and if the heat
flux were constant then f, would be 1 everywhere, Measured
wall temperature indicate that heat conduction was negligible
both perpendicular to the flow direction (»), and in the flow
direction (x), except near the end manifolds.

Combining Egs. (5) and (6), and substituting for Ty, the
equation for the heat transfer coefficient, A, is

Or

ofy
Ay
h=——F——s, @)
T, - T+i
" 2,

where Tis the local bulk fluid temperature and 7 is the recovery
factor.

The total heat absorbed by the specimen, O, was calculated
from the first law of thermodynamics using the enthalpy, A,
of the gas at the inlet and outlet manifolds, and the helium
flow rate:

Qr=me(hp—hy). &

The enthalpy was evaluated from the functions given by
McCarty (1973), using the measured temperatures in the inlet
and outlet manifolds and the gas pressure drop:

h=h(T}, P). ©

For the channel and pin-fin specimens, the pressure at A and
B was estimated by assuming a linear pressure along the spec-
imen and extrapolating the pressure from 0 and 1. This as-
sumption introduces less than 0.1 percent error in Q. The
total uncertainty in Qr was less than =3 percent.

For the tube specimen in the refractory furnace, the meas-
ured heat flow was adjusted to account for heat conducted
from the furnace to the manifolds. This heat leak was insig-
nificant for the reflective furnace, so adjustment was not nec-
essary for the channel and pin-fin specimens. Kinetic energy
changes from A to B were insignificant compared to the un-
certainties in the enthalpy produced by uncertainties in the
measured gas temperatures.

The fluid temperature, T}, was calculated by integrating the
flow energy equation from the inlet manifold up to x, now
including kinetic energy:

*(1-BT,

S <————1 B f)dP

AN P _ Vi + Q‘m,in'
2¢p

Tp= T+ 2090,
m,Wwep, ¢p

e, (10

Q,x is the fraction of the total heat flow added from 0 to
position x, which is calculated by integrating the furnace cal-
ibration function f,, 0 to x. Qi is the heat leak through the
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furnace to the inlet manifold. For the channel and pin-fin
specimens in the reflective furnace, this term was negligible.
The pressure term was included for the slight deviation from
the ideal gas state. Over the range of temperatures and pres-
sures tested the specific heat changes by less than 0.1 percent.
The velocity at x, V,, is given by

W
Ajox

The density at x, p,, is given by the equation of state (McCarty,
1973) as

11

X

px=px(T/x9 P, . (12)

To evaluate the pressure term in Eq. (10) and the density in
Eq. (12), we assumed the pressure varied linearly between
locations 0 and 1. This assumption introduced a maximum
error in 7Ty of less than 0.15 K for the pin-fin specimen, and
less for the tube and channel specimens. The equations for
temperature, velocity, and density were solved through iter-
ation.

The gas flow, m,,, can vary in the y direction, which we did
not measure directly. If this variation is not accounted for, it
translates into an error in the fluid temperature, which prop-
agates as errors in A and Nu. An approximate method for
estimating how #,, varies in the y direction is described by
Olson (1990). This method uses the measured wall temperatures
across the specimen at constant x. Since the incident heat flux
does not vary in the y direction, the product of the local gas
flow and the temperature difference between the fluid at the
inlet and x does not vary with y (variations in the kinetic energy
term and the pressure term of Eq. (10) in the y direction are
negligible compared to uncertainties in the wall temperature).
We also assume that the product of the local mass flow rate
and the local wall-to-fluid temperature difference is constant;
this is equivalent to requiring that the exponent on the Nu-
versus-Re correlation is 1.0, which introduces less than a 1
percent error on the calculated Nu. We then require that the
gas flow integrated across the specimen width equals the meas-
ured total gas flow. For the channel and tube specimens the
calculation was performed at x/L =0.5. For the pin-fin spec-
imen, the variation in 7,, with y at constant x was of the same
order as the uncertainty in wall temperature, indicating the
flow was constant with y within experimental uncertainty. The
adjusted flow was used in calculating f and A.

After determining 7y and V at location x, the heat transfer
coefficient was calculated using Eq. (7). We evaluated trans-
port properties at T, using the functions given in McCarty
(1972). The Nusselt number was calculated from the heat trans-
fer coefficient of Eq. (7), based on the actual finite T, — T,,.
In correlating heat transfer results with high wall-to-fluid tem-
perature differences, we accounted for differences in viscosity
and thermal conductivity between the wall and the fluid, We
used the temperature ratio method of Rohsenow and Hartnett

(1973):
0.55
T,
Nu,,=Nue <—T;> .

We defined the heat transfer coefficient, 4, in terms of the
insulated wall temperature, which was the temperature we
measured. However, 4 is commonly defined in terms of a solid-
fluid interface temperature. Because the specimens were heated
from one side only, solid temperatures will vary between the
heated side, the insulated side, and the solid-fluid interface.
For the tube and channel specimens, a finite element analysis
with approximate heat transfer coefficients indicated that the
fluid convection compared to the solid conduction was low
enough that the temperature variations in the solid were small
compared to the temperature difference between the wall and
the fluid; that is, the ““fin>’ efficiency was 1. In the pin-fin

(13)
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specimen, the convection heat transfer was higher, and tem-
perature variations in the solid were not insignificant (the fin
efficiency was less than 1). .

To calculate a heat transfer coefficient that accounted for
temperature variations in the pin, we analyzed the heat con-
duction in the pin using the finite element method. The bound-
ary conditions to the analysis were the anticipated values of
the wall heat transfer coefficient, A,, anticipated normal heat
fluxes, and the adiabatic wall temperature. Because there are
no detailed measurements of the local A,,, we assumed #,, was
uniform around a pin and on top and bottom plates. From
the heat conduction analysis, we calculated a pin efficiency,
7, defined by

or
A,

T e (Ty=Ta) (4

The temperature of the insulated wall, T, was calculated in
the analysis. The analysis was repeated for the range of A,
expected experimentally. # was then correlated as a function
of the Biot number, where Bi= h,D,/k,;. h, was calculated
for the experimental data by using Eq. (14) with the measured
values of Q7/A4,, T, T, and the function » versus Bi. 4,
was normalized as a wall Nusselt number:

YTk \Ty

(15)

To compare heat transfer between specimens in a way that
directly indicates the magnitude of T, — 7T for a given normal
heat flux and gas flow, we define a ‘‘normalized’’ heat transfer
coefficient as

QOr

— A"
T T,-Ty

h, (16)
This parameter ignores the details of the internal geometry of
the specimens.

Uncertainty Analysis. Uncertainties for the calculated
quantities were obtained by Taylor series error propagation as
described by ASME (1986). This technique generally produces
the same level of confidence in a calculated result as the level
of confidence in the measurements that contribute to the result
(Kline and McClintock, 1953). A summary of the uncertainties
for the flow distribution, Nu, Re, and f is listed in Table 2.
The uncertainty in flow distribution was based on the wall
temperatures measured along a line perpendicular to the flow
direction. The largest contributor to the uncertainty in Nu was
the uncertainty in flow distribution, and the uncertainty in Nu
was greatest near the exit of the specimen. Even though we
estimate that the uncertainty in the flow distribution was small-
est for the pin-fin specimen, because the wall-to-fluid tem-
perature difference was at least 5 times smaller for the pin-fin
specimen, the uncertainty in Nu was much higher.

Results of Experiments

Friction Factor and Pressure Drop. The variation of the
isothermal friction factor with Reynolds number is shown for
the three specimens in Fig. 6. The isothermal friction of the
pin-fin specimen is much higher than either the channel or
tube specimens. Shown also is the von Karman-Nikuradse
correlation (Rohsenow and Hartnett, 1973) for flow in a smooth
tube. The correlations for the three specimens, the Reynolds
number range, and the standard deviations, o, between the
data and the correlation are

Tube (Re>5000): f=0.07532+Re™ "% g=2.78 percent,
o))
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Fig. 6 Isothermal friction factor (f) as a function of Reynolds number

(Re) for all specimens, no heating

Channel (Re>5000): f=0.05058+Re %% 5=1.26 percent,
(18)

18 deg pin fin(Re > 2500):

f=0.8561Re™ "% 5-0,92 percent, 19)

The tube and channel specimen data lie 18 to 20 percent and
27 to 30 percent, respectively, below the smooth tube corre-
lation. Although the uncertainties in f are nearly as high as
the deviation from the smooth tube correlation, we believe the
cause of the difference between our measurements and the
accepted values is that the specimens are too “‘short’’ to make
an accurate measurement of friction factor. For both speci-
mens, 4fL/D,=3, and the dynamic head, p¥?%/2, is about 30
percent of the total pressure drop. The pressure taps were
located near regions of rapid flow area changes, making an
accurate static pressure measurement difficult. Losses of 1 or
more times the dynamic head would account for the discrep-
ancy between our data and the smooth tube correlation.

For the pin-fin specimen, the uncertainty in our measured
values of fis believed to be 22-23 percent for Re>450. The
largest source of uncertainty for f was the uncertainty in the
height of the pins, which we estimated as 0.025 mm. This could
not be confirmed without sectioning the specimen, which would
render it unusable for future tests. If the uncertainty in height
of the pins were half as much, or 0.013 mm, then the uncer-
tainty in f would be 12-13 percent. Because the dynamic head
was 1 percent or less of the total pressure drop, it is not likely
that installation errors were significant for the pin-fin.

Metzger et al. (1982) measured friction factors of staggered
pin fins with constant diameter, which had length-to-diameter
ratios of 1, using air. They correlated the data in the same
format as for long cylinders, where the hydraulic diameter is
the pin diameter, the characteristic velocity is the maximum
velocity in the channel (which occurs at the minimum area),
and the pressure drop scales with the number of rows of pins
the flow passes between the pressure taps. Or,

(PO—PI)—GZ<l - i)
o1 [

Ju= (20)

20V2 N
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Fig. 7 Normalized pressure drop (AP,) as a function of gas flow per
unit width (ri'w) for all pin-fin experiments, and for tube and channel
experiments at no heating and high heating
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Metzger et al. found, for 10°<Re< 10%,

fu=0.317-Re™ 1%, (21)
We can compare our measurements of friction factor to their
results, making some assumptions about minimum flow area
and number of rows. If the angle of the pins to the flow for
our specimen were 30 deg instead of 18 deg, then there would
be 87 rows in the flow direction. If we use as the minimum
flow area the open area along a row of pins, at Re = 8000, we
calculate a pressure drop that is 23 percent lower using the
Metzger correlation than what we measure. This agreement is
probably reasonable because both N and Vy,, are approxi-
mations, due to the differences in geometry between our spec-
imen and that of Metzger et al. Metzger et al. indicate that
the exponent of the Re term changes to —0.318 for
10* < Re < 10°, which makes our exponent approximately mid-
way between what they report.

Figure 7 shows the measured, normalized pressure drop,
AP, for all heating levels in our pin-fin specimens, along with
the tube and channel specimens at conditions of no heating
and high heating. AP, was plotted against the flow rate per
unit width; in the NASP application, the mass flow will be the
same regardless of the heat exchanger chosen due to constraints
on the gas outlet temperature. The pressure drop in the 18 deg
pin-fin specimen was much greater than in either the tube or
channel specimens. For example, interpolating from the meas-
ured data to /w =0.1kg/(s»m), at the reference density, ref-
erence length, and no heating, the pressure drop for the various
specimens would be: pin-fin specimen, 1000 kPa (145 psi);

tube specimen, 62 kPa; and channel specimen, 45 kPa.

The pressure drop for all specimens increased as the heat
flux increased. As the heat flux increased, the gas temperature
increased and the density decreased. This produced higher
velocities and the higher pressure drop. The friction factor
does not, however, appear to depend on the heating rate. Using
the correlation of f versus Re developed for the tests without
heating, we integrated Eq. (1) along the specimen for the tests
with heating, and evaluated p, Re, and fat each location where
T,, was measured. The predicted pressure drop agreed to within
experimental uncertainty of the measured pressure drop.
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Fig. 8 Wal{-lo-ﬂuid temperature difference (T,,— T)) as a function of gas
fiow per unit width (si/w) for a single heat flux for the tube, channel,
and pin-fin specimens

Heat Transfer. When the specimens were heated, the gas
temperature increased almost linearly from the inlet to the
outlet. The maximum outlet temperature was 2.6 times the
inlet temperature. Higher flow rate for the same heating rate
reduced this temperature increase. The density decreased and
the velocity increased along the specimen due to the temper-
ature rise and pressure drop. Gas thermal conductivity and
viscosity increased from the inlet to the outlet due to the tem-
perature increase. Re and Nu decreased from the inlet to the
outlet. The maximum Mach number was 0.14, which occurred
in the tube specimen at the highest heat flux and flow rate.

The relative performance of the three specimens can be seen
in Fig. 8, which shows the measure wall-to-fluid temperature
difference (7, — 7;) as a function of gas flow rate per unit
width; a single heat flux setting is shown for each specimen.
T, — Ty is smallest for the pin-fin specimen, showing that it
has better heat transfer performance than the tube or channel
specimens. Because 7, — T is linear with heat flux, if the tube
specimen had been tested around a heat flux of 63 W/cm?,
T, — Ty would be 30 percent higher than it is for the channel
specimen. Uncertainties in Nu are much higher for the pin-fin
specimen than for the tube or channel specimen because the
temperature differences are so small. For example, at m/w
=0.1 kg/(sem), T,,— T;=15 K. Uncertainties in T, and T,
can easily be 1 K and 4 K, respectively.

In Fig. 9 we have plotted the normalized heat transfer coef-
ficient, h,, as a function of the gas flow per unit width,
m/w. This figure contains data for all the heat fluxes tested.
For the pin-fin specimen, 4, is 5 to 6 times higher than it is
for the tube or channel specimens, for a given m/w, reflecting
a T, — Ty that is 5 to 6 times lower for the pin-fin specimen
when compared to the tube or channel specimen. The scatter
in A, for the pin-fin specimen represents Re effects that are
ignored in the definition of A,. h, was slightly higher for the
channel specimen because the channel specimen had more wall
surface area.

Results of experiments with heat transfer on the tube and
channel specimens are shown in Fig. 10, where we plot both
the measured Nu,, and the correlations of the data against Re.
Also plotted are several correlations from the literature for
turbulent flow in single tubes in which the heat transfer coef-
ficient is based on the wall-fluid interface temperature. Tem-
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Fig. 10 Modified Nusselt number (Nu,,) as a function of Reynolds num-
ber (Re) for tube and channel specimens

peratures of the wall measured transverse to the flow direction
indicated that the velocities were highest in the center channels
or tubes. Heat conduction from the specimen to the inlet and
outlet manifold was found to be significant from x/L =0 to
0.2, and from x/L=0.8 to 1.0. The data plotted and used in
the correlation are at y/w=0 and 0.2<x/L<0.8. The tube
and channel correlations, along with the standard deviations
hetween the data and correlation, are

Tube (Re>10,000):

Nu,, = 0.0442Re®7' «Pr%% g= 1.8 percent, (22)
Channel (Re>10,000):
Nit,, =0.0298:Re?78.Pr®¢ ¢=2.6 percent. 23)

In terms of Nu, the correlations are

Tube (Re>10,000): Nu=0.0442.Re"!«Pr*¢(T,/T)) ~*%,
(24)
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Channel (Re > 10,000):

Nu=0.0298+Re®"®«pPr(T,,/T)) ~*%. (25)
The correlations from the literature for single tubes are:
Dittus-Boelter: Nu=0.023+Re’%Pr’4, 26)
(in Rohsenow and Choi, 1961)
Rohsenow and Hartnett (1973):
Nu=0.022+Re*?:Pr’%, @7
Kays and Leung (1962): Nu=0.0422+Re"™.Pr®%, (28)

Equation (28) is a curve-fit of the theoretical analysis of Kays
and Leung over the range 0.5 <Pr<0.7 and 10*<Re<3x 10*.
The boundary conditions of Egs. (27) and (28) are constant
heat flux along the direction of flow. Rohsenow and Hartnett
(1973) indicate that the Dittus-Boelter correlation overpredicts
Nu for 0.5<Pr< 1.0, which can be seen in Fig. 10.

We have assumed a 0.6 power variation on Pr, and the
leading coefficient and exponent on Re were calculated from
a least-squares fit. The uncertainty on Nu,, was 6.6 to 13.8
percent for the tube specimen, and 7.6 to 13.8 percent for the
channel specimen. For both sets of data, the temperature ratio
varied from 1.06 to 1.41, making Nu,, 3 to 21 percent higher
than Nu. To within experimental uncertainty, the tube and
channel specimen correlations and data agree with one another
and with the correlations for single tubes. This indicates that
the temperature of the wall on the insulated surface is repre-
sentative of the wall-fluid interface temperature (fin efficiency
of 1), that the effects of variable thermophysical properties
are accounted for adequately in this method of correlation,
and that flow acceleration (produced by the high heat flux)
does not measurably affect the heat transfer.

Heat transfer for the pin-fin specimen is shown in Fig. 11.
Plotted are the data and correlation for Nu,,, along with the
correlations of the tube and channel specimens. For the pin-
fin specimen, the region where conduction to the end manifolds
was insignificant was 0.07 <x/L <0.93. As is the convention
for the pin-fin literature, we include the Prandtl number effect
in the leading coefficient of the correlation:

Pin-fin (Re>5000): Nu,,=0.0198-Re***® ¢=3.7 percent,
(29

Nu=0.0198+Re**% (T',/T) =% (30)

Journal of Heat Transfer

1000 7T T T T T T T T T T T T T T T T
C - ]
o 7 1
» 18° Pin~fin Specimen }
E Q/A, ]
- (W/cm?) ]
801 o 704 B
I O— 442 7
o A~ B3.1 3
r 60— 738 ]
L These Data: 1
601 Nu,=0.0357Re>™7
=z [ VanFossen: . 3
. F Nu=0.153Re™* 1
! r ]
40 ’ =
[ VAR 1
C & B
N / E
o / ]
20 ¥, 3
o [e} 3
0 VR0 TN T SN Y W NN YOV Y Y Y WY NN A0 S Y YO Y R B Y O | .
0 5000 10000 15000

Re

Fig. 12 Wall Nusselt number (Nu,,) as a function of Reynolds number
(Re) for pin-fin specimen

The uncertainty in our experimental data was 13.6 to 43.8
percent, with the highest uncertainty occurring near the spec-
imen outlet for low heat flux and high helium flow (conditions
of the smallest T,,— Ty).

Heat transfer for the pin fin was much higher than heat
transfer in the tube or channel specimens. The improvement
in Nu,, beyond the tube or channel specimen correlations rep-
resents the enhancement due to the pins breaking up the flow
path and increasing the turbulence.

When we extrapolated our data using Eq. (14) to calculate
h,,, which includes the effect of fin efficiency, we got the results
shown in Fig. 12. Plotted for comparison is the correlation of
VanFossen (1982) from data on staggered circular pins with
length-to-diameter ratios of 1/2 and 2; his data also include
the effect of fin efficiency. The correlation for Nu,, is:

Nu,,=0.0357Re%%’ ¢=4.0 percent, (31
VanFossen (1982): Nu,,=0.153+Re?, (32)

The correlation of our data agrees with that of VanFossen to
within 15 percent at low Re and to within 3 percent at high
Re, which is within the estimated uncertainty of our data. The
good agreement suggests that at least to first order the tapered
pin fins of our study are dynamically similar to straight pin
fins of approximately the same length-to-diameter ratio.

For the NASP application, the amount of coolant available
is limited, so a ‘“‘good’’ heat exchanger is one with high heat
transfer for a given flow rate. In other applications we might
want to minimize pumping power. A comparison of the relative
performance of the three specimens for constant pumping
power is shown in Fig. 13. We have plotted Nu,, against f* Re’;
pumping power is proportional to foRe? if flow acceleration
is small compared to frictional losses and the gas temperature
rise is small. This comparison also requires that the flow area
be the same, and the heat transfer area be the same, for the
specimens; hence we are considering hypothetical designs that
are slightly different than these. The correlations from our
data are used to calculate f and Nu,, for the pin fin; Nu,, is
used for Nu,, for the tube and channel since the efficiency is
1. The Karman-Nikuradse correlation is used for f for the
tube and channel since f for our data was systematically low.
Figure 13 shows that the pin-fin specimen also is the best
surface for high heat transfer at constant pumping power.
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Summary and Conclusions

We have measured the pressure drop and heat transfer in
three compact heat exchangers, all of which have the same
length and width, and which are radiatively heated on one side.
The pin-fin specimen has a novel internal geometry that has
never before been tested. For constant mass flow rate, this
geometry transfers heat 5 to 6 times better than the tube spec-
imen or the channel specimen geometries (which, however,
were not optimized for heat transfer). The reasons for the
improvement are the increased heat transfer area per unit sur-
face area, and the higher levels of turbulence in the pin-fin
passages. The pin-fin specimen also has a much higher pressure
drop than either the tube or channel specimens, both when the
specimens are heated and when they are isothermal.

The measured Nusselt numbers for the tube and channel
specimen agree within experimental uncertainty with each other
and to literature correlations for turbulent flow in a single
tube. We accounted for variations in thermophysical properties
between the wall and fluid due to the temperature difference
between the wall and fluid. The heat transfer coefficient, A,
was defined using the temperature of the insulated wall, since
that temperature was the easiest and most accurate to measure.
This did not introduce significant error between our data and
past correlations in which # was based on the wall-fluid in-
terface temperature.

For the pin-fin specimen, we report the heat transfer as a
modified Nusselt number, which should be used for design
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purposes to predict the temperature on the insulated side of
the specimen. We also report the heat transfer as a wall Nusselt
number, which includes the fin efficiency and which we com-
pared to the performance of past work on pin-fin configu-
rations. Our measured wall Nusselt number agrees with the
correlation of VanFossen to within experimental uncertainty
for Re> 5000. For conditions of constant pumping power, the
pin-fin design transfers heat better than the tube or channel
geometry.
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Numerical Simulation of the Fluid
Flow and Heat Transfer Processes
During Scavenging in a Two-
Stroke Engine Under Steady-State
Conditions

A numerical simulation of the scavenging process in a two-stroke flat-piston model
engine has been developed. Air enters the cylinder circumferentially, inducing a
three-dimensional turbulent swirling flow. The problem was modeled as a steady-
state axisymmetric flow through a cylinder with uniform wall temperature. The
steady-state regime was simulated by assuming the piston head fixed at the bottom
dead center. The calculation was performed employing the k—e model of turbulence.
A comparison of the results obtained for the flow field with available experimental
data showed very good agreement, and a comparison with an available numerical
solution revealed superior results. The effects of the Reynolds number, inlet port
angles, and engine geomeltry on the flow and in-cylinder heat transfer characteristics
were investigated. The Nusselt number substantially increases with larger Reynolds
numbers and a smaller bore-to-stroke ratio. It is shown that the positioning of the
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exhaust valve(s) is the main parameter to control the scavenging process.

Introduction

Scavenging is a critical area in the development of two-stroke
diesel engines. In a very short period of time the air stream,
coming from intake ports near the bottom dead center, must
displace all the remaining products of combustion from the
cylinder. Premature opening of the exhaust valves helps di-
minish the mass of combustion gases left in the cylinder, even
though the bulk of the process is actually left to the air charge.
In reality the scavenging process is, as illustrated by Meintjes
(1987), an air/combustion product mixing process where the
objective is to reduce the exhaust residual concentration.

The process requires a minimum of losses and is, of course,
greatly affected by flow conditions. Swirl and recirculation
flows can either improve or impart scavenging, depending on
their intensity and location inside the cylinder.

Concerning in-cylinder flow conditions, a number of studies
can be found in the literature. One could mention recent re-
views, by Heywood (1987), Arcoumanis and Whitelaw (1987),
Kamimoto and Kobayashi (1988), as well as conferences and
symposia entirely devoted to the subject (Morel et al., 1987;
Uzkan and Bailey, 1988; Uzkan, 1989).

Recent research involves the development of multidimen-
sional computer codes to model the flow conditions inside
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reciprocating machinery. One early example is the CONCHAS
(Butler et al., 1979) and the CONCHAS-SPRAY (Cloutman
et al., 1982) computer codes, from Los Alamos National Lab-
oratory, USA. Having the application to internal combustion
engines specifically in mind, both codes were developed to
generate numerical solutions to multicomponent reactive fluid
flow problems in two space dimensions. CONCHAS-SPRAY
is a descendant of CONCHAS, presenting new features such
as the capability of modeling fuel spray and improved nu-
merical algorithms.

Diwakar (1984, 1985) utilized the CONCHAS-SPRAY code
to analyze the turbulent flow field inside some typical internal
combustion engine chambers under motoring conditions. The
study showed that the scavenging efficiency could be improved
with minor alterations to the intake port swirl angle. The same
model was utilized by Kuo and Duggal (1984) to assess the
effect of engine design parameters, such as piston bowl shape,
on air motion inside the cylinder. Two-dimensional models,
in spite of the many assumptions that have to be made re-
garding the geometry of the engine, in order to make it axi-
symmetric, have been used extensively by several authors. These
include Gosman et al. (1980), Zhang (1985), Chiu et al. (1986,
1987), and Chiu and Wu (1990).

Other examples of multidimensional models are provided
by Kondoh et al. (1985), Ikegami et al. (1986), Inoge and
Kobayashi (1987), Carapanayotis and Salcudean (1988), and
Uzkan (1988).

Undoubtedly, a major progress in the prediction of in-cyl-
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inder gas flow was achieved with the use of three-dimensional
models. Reports on such models are provided in the literature
by Gosman et al. (1984) and Diwakar (1987). Both codes made
use of the k- turbulence model and the latter specifically aimed
at the study of the gas exchange process in a uniflow-scavenged
two-stroke engine. One important conclusion from Diwakar
(1987) was that two-dimensional models, although providing
less realistic results than three-dimensional codes, could still
be useful in predicting trends regarding the influence of intake
port angle on scavenging.

Measurements involving steady-state flow in model engines
have also been carried out by Das (1974), Sung and Patterson
(1982), Itoh et al. (1985), Vafidis et al. (1987), Doan et al.
(1988), Basters et al. (1988), Borée et al. (1989), and Sher et
al. (1988). These works provide a useful data base for vali-
dation of the models.

Another important aspect of flow and heat transfer studies
for in-cylinder geometry is that they can be readily applied to
other piston machines, such as the reciprocating compressor
and the Stirling engine. In particular, there have been studies
reported by West (1986) and Martini (1986) on the application
of so-called ‘‘isothermalized”’ Stirling engines, whose main
feature is that their heat exchangers are removed. It means
that the energy conversion efficiency of such engines will rely
entirely upon heat transfer conditions between the working
gas and the cylinder walls.

The scavenge process in the two-stroke internal combustion
engine and the isothermalization of the Stirling engine are two
examples where the use of a computer code, capable of sim-
ulating in detail the flow and heat transfer characteristics for
different geometries and operating conditions, can become a
powerful and cost-effective tool in the design and development
stages of the equipment.

The purpose of this paper is to present a numerical study
of turbulent flow and heat transfer during the scavenging proc-
ess in a two-stroke engine in which the piston head and cylinder
walls are maintained at constant temperature. The model adopts

The idea was to present, with a simple and less costly computer
code, a first assessment of the effects that some controlling
parameters (geometry and flow conditions) have on the proc-
ess.

Analysis

A cross section of the two-stroke engine under consideration
isshownin Fig. 1. During the scavenging process, simultaneous
inflow and outflow streams.pass through the open ports. Fresh
air is admitted with an axial and tangential component (given
by the a and # angles), and scavenges the products of com-
bustion through the exhaust valve. During the process the
piston is near the bottom dead center and, although the crank
angle varies by about 40 deg, the volume of the cylinder can
be considered as being approximately constant. With this ap-
proximation and assuming that only air flows through the
cylinder, it is possible to study the flow and heat transfer
characteristics of the process in a steady-state regime.

Alr enters the cylinder circumferentially (Fig. 1¢), inducing
a three-dimensional turbulent swirling flow where «, v, and w
are the velocity components in the x, r, and 6 coordinates, and
leaves the domain through the exhaust port, which can be one
of the three types shown in Fig. 1(a). Due to symmetry con-
siderations of the cylinder and port assembly, the flow can be
considered axisymmetric. With respect to the thermal bound-
ary conditions, the piston head and the cylinder liner are as-
sumed to be at constant temperature, since the variations of
the gas temperature during the scavenge process are usually
small when compared with the gas to wall temperature dif-
ference. It is further assumed that the flow is incompressible.

Governing Equations. The numerical calculation of the
flow field and heat transfer are based on the time-averaged
Navier-Stokes and energy equations. The x~e model of tur-
bulence was selected to represent the turbulence behavior of
the fluid. Appropriate dimensionless variables for this problem
can be defined as

simplifying assumptions (steady state, air flow only, axisym- X r u v w
metric geometry), which make it less accurate than the most X D R Y U=Tf;’ V= v, =—V—m
up-to-date codes now available, such as that of Diwakar (1987). .
Results and conclusions were, therefore, limited to those that K=t E:EQ- P= p = (I'=Th) 60
should not be very much affected by the model limitations. Vi Vi CVay (T—Ti)
Nomenclature
A = cross-sectional area y = distance to the wall
€1, €, €, = constants in x-e turbu- R, = gas constant of the air y* = dimensionless distance to
lepce model R, R, = internal and external the wall
Cyq = discharge coefficient radius of exhaust o = axial inlet angle
D = cylinder diameter Re = Reynolds number B8 = inlet swirl angle
E = dimensionless dissipation T = temperature v = ratio of the heat capaci-
rate of turbulent kinetic T,, = inlet temperature ties at constant pressure
energy T, = exit bulk temperature and constant volume
G = production term T, = wall temperature ¢ = dissipation rate of turbu-
K = dimensionless turbulent T+ = dimensionless temperature lent kinetic energy
kinetic energy u, v, w = axial, radial, and tangen- k¥ = turbulent kinetic energy
k = thermal conductivity tial velocity components p = dynamic viscosity
L = cylinder height U, V, W = dimensionless axial, p = turbulent viscosity
L, = inlet aperture radial, and tangential ve- p = density
m = mass ﬂovx./ rate locity components ¢ = Prandtl number
m; = isoentropic mass flow rate V,, = mean velocity through the ¢, 0., 0, = constants in x—e turbu-
Nu = local Nusselt number cross section lence model
Nu = overall Nusselt number x, r = axial and radial coordi- 7w = wall shear stress
p" = modified pressure nates ¢ = dimensionless temperature
P = dimensionless modified X, R = dimensionless axial and Y = dimensionless stream
pressure - radial coordinates function
g, ¢ = local and average rate of X, = dimensionless inlet port _ 2 = constant in ‘“‘wall
heat transfer per unit area size function”’
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Fig. 1 Cylinder geometry: (a) exhaust port type, (b} cylinder cross sec-

tion, (c) inlet port

where D is the cylinder diameter and V,, is the mean velocity
through the cross section of the cylinder given by V,, = m/
(owD?/4) where 1 is the mass flow rate of air into the cylinder.
« is the turbulent kinetic energy and e its dissipation rate. 7,
and T, are the inflow air temperature and surface temperature
(piston head and cylinder walls), respectively. p* is the mod-
ified pressure defined as

2

P =p+3 px @
where p is the thermodynamic pressure, and p is the density.
For steady, incompressible flow in the axisymmetric situa-
tion, the flow field inside the cylinder can be determined by
the simultaneous solution of the following equations expressing
conservation of mass and momentum and transport of tur-
bulent kinetic energy and its dissipation rate. The energy equa-

tion can be solved once the flow field is known.

Conservation of mass
U 13(RV)_
X R 3R

Conservation of momentum (axial, radial, and angular di-
rections)

3
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a(UU) , 1 3(RVU) _ oP
X R 4R X

b [ d A e

' u 0X R oR u OR

1 (3 [poUl 1 0 w oV
LRkl .

6(UV)+_1_ (')(R‘VV)=
X R 4R

aP _L{a l:y,aV]+_l_
“OR Re [0X | nox| R
+L{_a_ [y_ra_cf]+1_6_ o
Re {8X | u dR 3R
AUW) 1 3(RVW)

3X 'R OR

119
" Re |6X

9
OR
a2 |4 WZ
R AR ] o RZ} ®)

LW (]| wW) YW
*Re {R dR [u_ w Ry R ©)
Conservation of turbulent kinetic energy
dUK) 18(RVK) 1 (9 [ p K]
" Re (98X | po, X |

X R 4R
1 6 M K V't
R 3R [R } Gi—E (1)

uo, OR
Conservation of dissipation rate

MUE) 19(RVE) 1 (8 [ w O

X 'R AR  Re (30X | po. 60X
1o wmdEN 1 mE E
YRR [R o, aRD " Re {C‘ Lo ex @

Conservation of energy

0UP) 1 3(RVS) 1 {_@_ [ﬂa_qs]

dX R OR Re (90X | po, 0X

14 e 99
+—=— | R—— 9
R OR [ WOy 6R}} ©)
where G is the production of turbulent kinetic energy given
by

o={[] <[5+ [3]]

oV U aw? a wl?
* [GX 6R} * [aX] * [R ﬁf} (10
and Re is the Reynolds number defined by

D
Re=2YrP 1
i
The dimensionless turbulent viscosity given by the x-¢ model
is
2
b Gk oo
v E
The constants in the turbulence model are taken directly from
Launder and Spalding (1974). These are:

¢,=0.09, ¢ =144, =192,
c,.=1.00,

(12)

g.=1.30, =0.9 (13)
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Boundary Conditions

Inlet Conditions. It can be assumed that air enters the
domain with a known mass flow rate and constant temperature.
The dimensionless inlet velocities will depend only on the inlet
port size X| = L/D, and angles « and 8. The x-¢ turbulence
model requires the numerical values of « and e at the inlet cross
section. The value of x was taken as 2 percent of the mean
kinetic energy and the corresponding e value was specified by
assuming the mixing length to be 4.5 percent of the inlet port
size, as suggested by Gosman in Zhang (1985). Computational
trials indicated that the results were insensitive to the inlet

values of x and e. The inlet conditions (R = 0.5, X < X))
were:
U= cos a, V=L, _ tan.ﬁ
4.X; 4X, 4X, sin «
0.01 3/4K3/2
= - 5 $=0
(4X, cos f sin o) T0.045%, 1
(14)
Symmetry Line. Along the symmetry line, for R = 0, we
have
oU 04K JE
V=w=0, _=__=a_=a_¢=0 (15)

dR O0R 3R 4R

Exit Conditions. At the exhaust opening, the usual con-
dition of neglecting the diffusion flux of all variables was
adopted. Thus, for X = L/D and R;/D < R =< R,/D:

oU oV oW 0K 0JE 9d¢

aX " ax aX “ax ox ax "

(16)

The Wall Regions. The k~e model is used everywhere except
in the narrow regions near the walls, where the ‘‘wall function’’
method is used, as suggested by Launder and Spalding (1974).
In this method the region between the node P, closest to the
wall, and the wall is linked by the logarithmic velocity profile

Up
N Tw/p

where up is the velocity component parallel to the wall at node
P, 7, is the wall shear stress and y# is the dimensionless distance
of the node P to the wall given by
NTwo
yp="—"=y (18)
u
Assuming that the generation and dissipation are in balance
in the narrow layer between node P and the wall and using
the log relation, the constant shear stress can be written as

(19)

where «p is the near-wall kinetic energy of turbulence, which
is found from its transport equation with diffusion set equal
to zero at the wall, in accordance with the above expression.
The value of the d1s51pat10n of kinetic energy epis determined
by substituting the log velocity profile into the turbulence ki-
netic energy balance near the wall, resulting in
Y
€ =—L
"7 (0.4y) 0)
The “‘wall function”’ can also be applied for the energy equa-
tion, as described by Patankar and Spalding (1970), where the
following dimensionless temperature profile can be used to
link the boundary to the near-wall temperature:

Up
T}Jg =UI|:

2l

=2.5In 9y} 17

1/
Tw=pC, 2K

@1
where
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)

T =(Tp—T,) o a1\ |
[ <ay>w}
0 —1/4
(7] Oy

and ¢ is the Prandtl number.

22)

Computational Details. The set of equations (3)-(10) was
solved numerically by the method described by Patankar (1980).
The coupling between the axial and radial momentum equa-
tions and continuity was handled by the SIMPLER algorithm.
Furthermore, the turbulent viscosity was underrelaxed since
all equations are connect through its value.

Exploratory calculations on a finer grid were employed to
provide guidance for the selection of the appropriate grid for
the several cases studied. A typical grid test result is presented
in the appendix. A 22 x 12 uniform grid in the axial and
radial direction was selected for the calculation domain. Since
it is known that the log law is valid for values of y* greater
than about 11.5, the wall adjacent nodes in the finite difference
grid were positioned so that their y values satisfied this con-
straint.

Results and Discussion

Comparison With Available Solutions. Initially numerical
solutions were obtained for the three exhaust opening types
shown in Fig. 1(a), as used by Sung and Patterson (1982) in
their experimental simulation of a two-stroke engine under
steady-state condition. As mentioned before, the working fluid
selected was air (¢ = 0.69). The Reynolds number was main-
tained at 43,113 and the aspect ratio L/D = 1.057. The inlet
port angle o was set equal to 90 deg, implying no axial velocity
component at the inlet port. The inlet size X; was set equal to
0.114 in order to furnish the same entrance area as the 18
uniformly spaced windows of the experimental apparatus.

The inlet angle 3, which causes the swirl, was obtained ex-
perimentally by drilling the windows with the desired incli-
nation. However, the effective 8 angle is smaller than the
geometric inclination of the windows, especially if the thickness
of the cylinder wall is smaller than 80 percent of the width of
the windows, in accordance with Annand and Roe (1974). In
the experimental apparatus of Sung and Patterson (1982), the
inlet 8 angle was specified as 25 deg; but since the thickness
of the cylinder wall was only 31.25 percent of the width of the
windows, the effective 8 angle is much smaller. Zhang (1985)
has solved this problem numerically, using an effective 8 angle
of 20 deg. In the present work, the effective angle 5 was
determined by solving the problem for different 8 angles and
comparing the resulting velocity profiles with the experimental
results. The effective B angle was then selected as the one that
presented the best agreement.

The comparison of tangential and axial velocity component
profiles along the radius at the cross section X = 0.73 with
the experimental results of Sung and Patterson (1982) and with
the numerical results of Zhang (1985) are presented in Figs.
2-4.,

The velocity profile comparison for the Type 1 exhaust open-
ing can be seen in Fig. 2. For this case R;/D = 0 and R,/D
= 0.30. The velocity profile was obtained for three different
swirl angles 8 (8 = 10, 15, and 18 deg). It can be observed in
Fig. 2(a) that the effect of the 8 angle on the axial velocity
component is quite small. The profiles are nearly coincident
close to the cylinder wall, presenting a small deviation near
the symmetry line. This is not true for the tangential velocity
component shown in Fig. 2(b). Note that the level of the ve-
locity is significantly affected by the swirl angle 8. It can also
be observed that the numerical solution of Zhang (1985) for
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Fig. 2 Velocity profiles at section X = 0.73 for Type 1 exhaust port:
(a) axial velocity, (b) tangential velocity; [1] Zhang (1985); [2] Sung and
Patterson (1982)

B8 = 20 deg is quite similar to the present solution for 8 = 18
deg. However, the best agreement between the numerical and
experimental results for both velocities components occurs for
B8 = 10 deg, which was selected as the correct effective swirl
angle 8.

Figure 3 presents velocity profiles for the Type 2 exhaust
opening (R,/D = 0.36 and R,/D = 0.47) for (8 equal to 10
and 13 deg. In this case the effect of the swirl angle 8 on the
velocities profiles is smaller. Once again the numerical results
of Zhang (1985) are closer to the present solution for the higher
8 value, and 8 = 10 deg can be selected as the effective swirl
angle 8, since it gives the best agreement with the experimental
results.

Finally, the velocities profiles for the Type 3 exhaust opening
(R/D = 0, R,/D = 0.5) can be seen in Fig. 4. The following
B angles were tested: 8 equal to 10, 13, and 15 deg. For this
type of exhaust geometry, the effective swirl angle 8 = 10 deg
is also recommended. The numerical results of Zhang (1985)
for this case presented poor agreement; he had some conver-
gence problems and failed to obtain a reasonable solution.
Note that the velocity profile distribution for a totally open
exhaust port is similar to the profiles for Type 1, indicating
that an increase in the exhaust port area has little effect on
the flow pattern inside the cylinder, as also observed by Sher
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Fig. 3 Velocity profiles at section X = 0.73 for Type 2 exhaust port:
(a) axiafl velocity, (b) tangential velocity; {1] Zhang (1985) [2] Sung and
Patterson (1982)

et al. (1988), who investigated different combinations of R,/
D of Type 1 exhaust opening.

Observing the present numerical results in Figs. 2-4 for the
tangential velocity profile, a peak on the velocity near the
cylinder wall can be noted. Although there are no experimental
data on this region, it seems unlikely that this peak really exists.
Thus, one is led to believe that this velocity profile distortion
is due to the ‘“‘wall function’ and grid distribution near the
wall.

Local Results

Axial and Tangential Velocities. In order to have a better
understanding of the flow field, the tangential and axial ve-
locity profiles for the exhaust port of Type 1 are also examined
for a cross section at X = 0.20 (near the piston head) on Fig.
5.

It can be observed in Fig. 5(a) that the axial velocity profile
i$ almost independent of the swirl angle 8 for radius 2R greater
than 0.20 near the piston head and 0.30 for a section closer
to the exhaust (Fig. 24). The depression on the axial velocity
near the symmetry line increases as § increases at both sections.
Note the existence of a recirculating zone by the negative values
of the axial velocity. Further, note that the axial velocity in-
creases as one moves away from the inlet port region.

The tangential velocity profile can be seen in Fig. 5(b). As
mentioned before the level of velocity increases with an increase
in the swirl angle 8. There is a strong peak in the tangential

MAY 1992, Vol. 114 | 387

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



(a) 30.

= 25.
E
S 20.
2
15.
{0.
560 —--
Present
0. e —~ Numerical | 1
OO Experimental [2]
- 5. [ NN TN RN TN N MR R
00 Q2 04 06 r 08 10
D/2
(b 30.F T T 177 =
' —— Present 3
25.~ _.__._ Numerical [1 -
:‘5 F OO Experimental [27] .
= 20.— =
s F R=t15° :
15— -
10.5- -
5.F :

.
D/2
Fig. 4 Velocity profiles at section X = 0.73 for Type 3 exhaust port:

(a) axial velocity, (b) tangential velocity; [1] Zhang (1985); [2] Sung and
Patterson (1982)

velocity near the symmetry line close to the piston head due
to the encounter of the inlet circular jet. As one moves down-
stream (Fig. 2b) this peak is reduced. Note that, as the tan-
gential velocity decreases, the axial velocity increases as one
moves downstream inside the cylinder, indicating that there is
a transfer of tangential momentum to axial momentum.

Streamlines. Figures 6 and 7 show the streamlines inside
the cylinder for the Type 1 and Type 2 exhaust opening, re-
spectively. The following parameters were maintained constant
for both cases: Re = 5 x 10°, L/D = = 90 deg, § =
10 deg, X; = 0.10. The exhaust port parameters were: Type
1—R,/D = 0.00, R,/D = 0.30; Type 2—R,/D = 0.36,
R,/D = 0.47.

The dimensionless stream function y was calculated from

R
Y= S URdR (23)
0

Figure 6 shows the flow pattern for a Type 1 exhaust opening.
The inlet circular swirling jet, normal to the cylinder liner, is
deviated to the axial direction near the symmetry line, due to
the encounter of the jet inducing a weak secondary flow along
the cylinder wall. This recirculating zone is undesirable for the
scavenging process, since the combustion products can be
trapped in this region. The streamlines for Type 2 exhaust can
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be seen in Fig. 7. Since the-inlet angles are the same for these
two cases, the flow pattern near the entrance is similar, but
as one moves downstream the main stream is deviated to the
direction of the exhaust port, causing a reduction on the re-
circulating region and inducing a new secondary flow near the
symmetry line close to the exhaust port. Note, however, that
the overall volume of trapped fluid will be smaller for Type
2 exhaust geometry, since the volume is proportional to the
radius squared, and near the symmetry line the radius is very
small.

Local Heat Transfer Coefficient. Due to the patterns of
velocity and temperature inside the chamber, local heat transfer
is not constant along the piston head, cylinder liner, and cyl-
inder head end. The local and average Nusselt number are
defined as

4D
N =TT
Noo_ 4D
T, @9

where g and ¢ are the local and average heat flux at the solid
walls, and T} is the bulk temperature of the air at the exhaust
port. T} is calculated from

_§ Turdr
~ | urdr

where the integral is evaluated at the exhaust port area.
Figures 8 and 9 show the variation of Nu with the position
around the cylinder chamber for the same exhaust port Type
1 and Type 2 used for the streamline presentation. For Type
1 exhaust port, different Reynolds numbers and 3 angles were
investigated. By examining Figs. 8 and 9, one can observe a
peak on the Nusselt number at the piston head near the sym-
metry line when the swirl angle 8 is different from zero. This
peak is caused by the high intensity of the tangential velocity
at this region due to the encounter of the inlet jet. Note that

Ty (25)
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for the same inlet conditions, the Nusselt number along the
piston head is not affected by the different exhaust port types.

The local Nusselt number distribution along the cylinder
liner is affected by the type of exhaust port, since the recir-
culating zone is quite different for the two cases. Nu is higher
outside the recirculating zones, as can be noted by observing
Figs. 8 and 9 with the flow pattern distribution in Figs. 6 and
7.

Note that an increase in the Reynolds number maintains the
same distribution of the local Nusselt number, but increases
its level, as can be seen in Fig. 8 for the Type 1 exhaust port.

It should be mentioned that even when Nu decreases with
the radial position along the piston head and exit surface, heat
transfer increases since heat transfer area increases with the
radius.

Overall Results. The effect of the inlet angles « and 8, the
Reynolds number, and the aspect ratio L/D on the overall
characteristics of the flow and heat transfer inside the cylinder
are examined next. These parameters were varied from the
following configuration: X, = 0.1, R;/D = 0, R,/D = 0.3,
Re = 5 x 10, L/D = 1, @ = 90 deg and 8 = 10 deg.

Discharge Coefficient. To assess the effectiveness of the
scavenging process, the discharge coefficient can be a useful
parameter. It can be defined as the ratio between the actual
mass flow rate m through the cylinder and an isoentropic mass
ﬂow rate of a perfect gas between two sections of the cylinder,
mi,

Ci=D2 26)
m;
where
2/y (y+ 1)y 172
i) ()76
2 1 1
m;=A, 27

Rar(y—1) . %)”’(ﬂ)z
1 Ay

and the subscripts 1 and 2 indicate the two sections.

To analyze the results better a global and an exhaust dis-
charge coefficient were defined. The global coefficient can be
a measure of the overall friction loss inside the chamber be-
tween the inlet port (section 1) and the exhaust valve (section
2). The exhaust coefficient gives an indication of the losses
due to the expulsion of the gases. For the exhaust coefficient,
section 1 was selected as a generic section inside the cylinder
and section 2 the exhaust port.

MAY 1992, Vol. 114/ 389

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



L@ L L L B LN B B B
oL — EXHAUST
Cd [ S ]
06— -
04— -
- GLOBAL
02— CONSTANT -
C DISPLACEMENT i
(oYo] NFTARTNN 1 NN AT S W O AN MRV RN B B A
0. O [ } f
6 8 10 L/D 12 14
Fig. 11 Discharge coefficient versus aspect ratio
1.0_ T rrooe L N N R B R R
opl. mmmemicicmemio
b -
L EXHAUST -
06 -
Cd GLOBAL ]
o4~  LIITITTIIO L S
. — 0(=90°, B =10° _'
0.2_ ———L=00° : B =0° ’
N (X=45° , B=0° -
(oTo] N ENITEEETY L1 1 aaral
2x103 04 ¢ Re 10°

Fig. 12 Discharge coefficient versus Reynoids number

Properties at the exhaust were evaluated as mean values
along the area, while properties at a generic section of the
cylinder were taken as mean values inside the whole calculation
domain.

Figure 10 shows the small influence of the inlet angles o« and
B on the discharge coefficients. It can be seen that C, decreases
as the swirl angle 8 increases, indicating that the losses are
higher when the swirl is stronger. It can also be observed that
the global C,; decreases when the axial angle « increases, while
the exit C, increases. It can then be concluded that when the
inlet jet is directed to the piston (o greater than 90 deg) the
losses near the entrance region are higher due to the encounter
of the inlet jet near the symmetry line of the cylinder.

The effect of the bore-to-stroke ratio (here represented by
aspect ratio D/L) on the flow pattern was investigated main-
taining the displaced volume of the cylinder constant. The ratio
between the inlet port size and exhaust port size in relation to
the volume were also maintained constant. Therefore, three
dimensionless parameters of the problem were altered simul-
taneously: L/D, L,/D, and R,/D. The last two parameters are
proportional to (L/D)"? for the present situation.

The effect of the aspect ratio on the discharge coefficient
can be seen in Fig. 11. Note that the global C; decreases when
L/D increases, since for smaller diameters the encounter of
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the inlet jet near the symmetry line will be stronger, causing
higher losses. On the other hand, the exhaust C, is approxi-
mately constant with L/D once the exhaust area also increases
when L/D increases, thus reducing losses on this region.

Figure 12 shows that the discharge coefficients are inde-
pendent of the Reynolds number. It can also be seen the effect
of the inlet angles on C, as already discussed.

QOverall Heat Transfer Coefficient. The variation of Nu
with the inlet angles « and @ is shown in Fig. 13. Note that
when the swirl angle 8 increases, the Nusselt number also
increases, due to the peak on the local Nusselt number at the
piston head, as seen in Fig. 8. The effect of & on Nu is very
small, showing an increase on Nu when the inlet jet is directed
to the piston head (« greater than 90 deg). -

Figure 14 shows the effect of the aspect ratio L/D on Nu
while maintaining constant the displaced volume, as explained
before. It can be seen that there is an increase in the Nusselt
number when the aspect ratio decreases, since for a larger
diameter the inlet jet induces a stronger secondary flow near
the cylinder liner, enhancing the heat transfer coefficient at
that region.

The Reynolds number significantly affects the Nusselt num-
ber as can be seen in Fig. 15. It can also be seen that the
variation of the Nu as a function of the inlet angles is less
significant in comparison with the effect of Re. The following
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equation was found best to fit the Nu x Re curve in Fig. 15:
Nu =0.030 Re™* 28)

Conclusion

The present numerical study of the scavenging process on a
two-stroke engine under steady-state condition showed good
agreement with available experimental results. The effective
value of the swirl angle 8 differs from the geometric one for
reasons given by Annand and Roe (1974), so that special care
should be taken on its specification for numerical simulation.
The use of an effective value for 8 emphasizes the influence
that flow conditions of the inlet plenun have on the cylinder
boundary conditions. On the other hand, it is believed that
Zhang (1985) and Sher et al. (1988) could achieve better agree-
ment with experimental data should they explore the effects
of the swirl angle 8 in more depth, even using the same x-e¢
model.

The inlet angles o and 3 showed a small influence on the
flow pattern and heat transfer characteristics for the situation
where only air flows through the cylinder. It has been shown
that exhaust port location controls the size of the recirculat-
ing zones where the combustion products will eventually be
trapped. The Reynolds number is the principal parameter to
control the heat transfer characteristics of the process.

It should be stressed that simplifying assumptions, notably
steady-state and single component flow, were introduced in
order to make the model simple and easy to handle. This
restricted the production of results of realistic value. Scav-
enging efficiency is, for example, one parameter that the model,
in its present form, would be unable to quantify.

Yet, other relevant results were produced. For example, the
discharge coefficient and the overall Nusselt number will find
application in lumped-parameter models, for performance pre-
diction. These models, although in use for nearly two decades
(Benson and Galloway, 1969), are quite accurate in predicting
the pressure history inside the cylinder. Balance equations in
their time-derivative form are applied to prescribed control
volumes with uniform gas properties. These control volumes
can take the form of the entire cylinder, regions within the
fuel jet (Chiu et al., 1976) or zones comprising fresh air, com-
bustion products and a mixture of the two, during scavenging
(Kyrtatos and Koumbarelis, 1988). No spatial variations are
considered, so velocity or gas property distributions are un-
important, except for the evaluation of overall parameters such
as discharge coefficients across ports and valve passages and

Journal of Heat Transfer

gas to wall heat transfer coefficients. The resulting ordinary
differential equations are then integrated to give the variation
of in-cylinder gas properties with time, or crank angle degree.
Equations for instantaneous mass flow rate, Eq. (27), or heat
transfer rate, are taken, in those lumped parameter models,
as those for steady-state conditions, for each time step. Since
the time interval for integration is rather small (0.2 deg), this
“‘quasi-steady”’ approach does not represent any error of sig-
nificance. This shows that values for C, and Nu, produced by
the present model, even with the steady-state limitation, are
quite adequate for use in lumped-parameter models.
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APPENDIX

To assess the numerical accuracy of the present work quan-
titatively, an exploratory computation on different mesh sizes
was performed. A typical grid test case was selected for pres-
entation. The governing parameters were: 8 = 3 deg, a = 90
deg, X; = 0.1, Ry/D = 0, Ry/D = 0.3,Re = 5 x 10*, L/D
= 1, and 0 = 0.69.

Table 1 presents the average Nusselt number and the dis-
charge coefficient for three different mesh sizes. The percent
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Fig. A2 Grid test for Type 1 exhaust port; velocity profiles at section
X = 0.20: (a) axial velocity, (b) tangentlal velocity
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Table A.1 Grid test

Grid 42 x 22 32 x 17 A percent 22 X 12 A percent
Nu 3047  314.0 3.1 329.2 8.0
C,(global)  0.341  0.349 2.2 0.362 7.5
C, (exhaust)  0.841 0.858 1.9 0.899 6.8

differences shown were calculated in relation to the finer mesh
results. A significant reduction on the variation of the results
when the mesh size is madé finer can be observed. Note also
that for a 22 x 12 there is a maximum of 8 percent variation
on the results.

Figures Al and A2 show the axial and tangential velocity
profiles at two different sections, for the mesh size 42 X 22
and 22 X 12. It can be seen in both figures that the agreement

Journal of Heat Transfer

between the results is very good. The main difference on the
tangential velocity results is on its maximum value. Note, how-
ever, that the position of the peak is correctly predicted on the
coarser grid. The axial velocity results also compared well. The
recirculation flow region, which can be identified by the neg-
ative velocities, was also reasonably well predicted with the
coarser mesh.

It should be mentioned here, that a uniform mesh was se-
lected, since each velocity component presents steep gradient
in different regions of the calculation domain.

Since experimental results of turbulent situations, such as
the ones studied, involve uncertainties of approximately 10
percent (Sher et al., 1988), and it is much faster and cheaper
to obtain the numerical solution in a coarser mesh, the mesh
size of 22 X 12 was selected to investigate the flow and heat
transfer characteristics in a two-stroke engine.
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An Experimental Study of Free
Convection Heat Transfer From an
Array of Horizontal Cylinders
Parallel to a Vertical Wall

An experimental investigation of heat transfer from an array of three horizontal
cylinders aligned vertically parallel to a single wall is presented. Three different
cylinder center-to-center spacings for the array cylinders were examined, CC=1.5D,
2D, and 4D. The wall-array spacings were varied from 0.081D to infinity. The
cylinders were placed in a still air medium at atmospheric pressure and maintained
at constant heat flux. Modified Rayleigh number, based on the diameter of the
cylinders, ranged from 6.2x 10 to 1.2x 10°. Results indicate that heat transfer is
generally enhanced, but for some wall spacing to cylinder configurations the heat
transfer can be minimally decreased. For cases where the heat transfer was enhanced
the top cylinder in the array was observed to have the highest enhancement (22
percent) and the lowest cylinder was enhanced the least (5 percent). Flow visual-
ization studies showed that the wall generated a chimney effect between the wall

and the cylinders.

1 Introduction

Array of horizontal cylinders confined by a single wall occur
in numerous heat exchangers and storage devices. Heat transfer
engineering designers prefer the natural convection mode be-
cause it is more reliable due to the elimination of the cooling/
heating fluid circulation parts [1]. The characteristics of natural
convection heat transfer from a heated isothermal horizontal
cylinder parallel to an adiabatic wall(s) were examined by Spar-
row and Ansari [2]. Their results showed a degradation in the
heat transfer from the cylinder at S/D<0.25, where S and D
are defined in the nomenclature section. McCoy [3] studied
the convection heat transfer behavior from an isothermal heated
horizontal cylinder parallel to an isothermal vertical wall in
water. It was found that the ratio of the Nusselt number of
the cylinder to the Nusselt number of a free single cylinder at
the same Rayleigh number, Nu/Nu;,, increased slowly as the
wall-cylinder distance was decreased. This enhancement
reached its maximum at approximately S/D=0.2. Then Nu/
Nu, dropped off sharply for closer spacings.

The objective of the present study is to investigate heat
transfer by natural convection from three horizontal cylinders,
at constant heat flux, aligned vertically parallel to a vertical
wall, as shown in Fig. 1. During the course of the experiment,
the effect of the wall spacing, S, on natural convection from
the cylinders was studied. The effect of cylinder-to-cylinder
spacing, CC, on natural convection was also investigated. In-
creased understanding of the fluid flow around the cylinders
was obtained by videotaping and taking photographs of the
flow field. Laser sheets were used to illuminate smoke particles
in the test section.

2 Experimental Apparatus and Procedure

2.1 Heat Transfer Experimental Apparatus and Procedure.
Three cylinders comprised the main experimental apparatus.
These cylinders were fabricated to be identical in all respects
(i.e., dimensions and surface radiation conditions). The test
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section assembly for the cylinders is shown in Fig. 2. The
cylinders were fabricated from aluminum tubing with a 2.54
cm (1.0 in.) o.d. and a 2.36 cm (0.93 in.) i.d. Aluminum was
chosen as the heat transfer surface because, when polished to
a mirrorlike finish, it reduces the radiation heat loss, which
competes with natural convection {4]. The high thermal con-
ductivity of aluminum is another important factor as aluminum
provides a more uniform heat flux surface.

Cylinder #3

V—-—Cylinder #2

Side wall
CcC

~

Insutation

Fig. 1 Schematic of array-wall setting

(.125" Dia.
Steel Rod

1
Y
Fiber Glass
Copper Cylinder
Foil Heater

Aluminum Cylinder

-
|

2 /L
Thermao-

couple Disk
Thermocouples

Fig. 2 Test section assembly for the cylinders
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Each cylinder had a length-to-diameter ratio equal to 10,
allowing for suppression of the axial heat transfer effect. The
ends of the cylinders were insulated by solid disks of low
thermal conductivity material. These disks will be referred to
as end-caps in the text. Eight thermocouples were used for
each cylinder. Two were used to measure the axial temperature
gradient in the end-cap. The other six thermocouples were used
to measure the temperature of the cylinder surface, Fig. 2,
Two thermocouples were cemented to the interior surface of
the cylinder by using thermocouple epoxy and placed 2.54 cm
(1.0 in.) from each cylinder’s end, below the top stagnation
point of the cylinder. The other four thermocouples were ra-
dially positioned at the midlength of the cylinder at 90-deg
intervals from the top stagnation point around the inner cir-
cumference of each cylinder. These thermocouples were po-
sitioned in a thermocouple disk.

The thermocouple disks were placed at the midlength point
of each cylinder. Then, two foil heaters were inserted from
each end of the cylinder. These heaters were backed up by 2.23
mm (0.875 in.) diameter copper cylinders with a length of
12.065 cm (4.75 in.). The copper cylinders were used to support
the heaters against the aluminum cylinders and to prevent hot
spots on the heating foils due to loss of contact between the
heaters and the cylinders. In order to prevent internal natural
convection in the cores of the cylinders, the cores were filled
with pressed fiber glass insulation. Then, the ends were sealed
with end-caps.

Two types of walls were used in the experiment: side wall,
which was parallel to the cylinders’ axes, and the end walls
(the baffles), which were perpendicular to the cylinders’ axes.
The side wall was made from 1.27 cm (0.5 in.) thick acrylic
and was constructed at a height of 63.5 cm (25 in.) and a width
of 25.4 cm (10 in.). It was backed with 2.54 cm (1 in.) thick
styrofoam insulation, which was glued on the back surface of
the wall. The surfaces of all the walls facing the cylinders were
painted with a flat black paint in order to achieve a uniform
radiation condition [5].

In order to approximate the experimental conditions of two-
dimensional cases [2], baffles made of 3.175 mm (1/8 in.) thick
acrylic were used to eliminate the transverse fluid motions
associated with the finite length of the cylinders. Three sets of
baffles were fabricated to accommodate the three settings
(CC=4D, 2D, and 1.5D). The positions of the top cylinder
(cylinder #3) from the top end of the baffles were the same
for all sets. This left the positions of the lower (#2 and #1)

dependent on the cylinder-to-cylinder spacings. There was no
direct contact between the cylinders’ surfaces and the baffles,
since the baffles supported the end-caps of the cylinders. For
each set, two baffles were placed 25.4 cm (10 in.) apart on the
main frame to form a C-shaped channel with the side wall.

To reduce the air movement around the testing section, the
main frame was placed in a 1.1 mx0.765 mx2.134 m (3.5
ft X 2.5 ft X 7 ft) enclosure. The enclosure was made of 1.27
cm (0.5 in.) plywood sheets. The top and bottom ends of the
enclosure were open. To prevent air stratification in the en-
closure, a 2.54 ¢cm (1 in.) gap between the floor and the bottom
end of the enclosure was left open.

There were two systems used in this experiment, each having
different functions. The purpose of the first system was to
supply power to the heaters in the cylinders and to measure
the power supply for each heater. The second system was used
to monitor the output of the thermocouples. A regulated power
supply was used to supply direct current to heat the heaters.
The temperature measurements were accomplished by using a
data acquisition system with appropriate computer software.
The aim of each experimental run was to establish a thermal
equilibrium. The computer program coupled with a data ac-
quisition program was used to display the temperature readings
and the percentage of the average temperature difference for
each cylinder, {AT percent = (Tpew — Toid) 100/ Thew }, €very 20
seconds. When the average temperature difference was less
than 0.25 percent for 10 minutes, steady-state conditions were
considered to be established. The data was recorded one hour
after the establishment of the steady-state conditions in order
to accommodate the slow thermal response of the side wall.

Once the average temperature of the cylinder(s) and the
ambient temperature were recorded and the power supply was
determined, the total heat transfer by convection, Q.,, could
be calculated from:

Qew=0Q- 0~ Qu 1)

where Q.4 is the conduction heat loss from the cylinders’ end
caps, {Q.y= — AK(dT/dX), where dTis the temperature drop
across the end-cap thickness dX}. The maximum heat loss by
conduction was about 0.02 percent of the total input power,
{(conduction heat loss) percent = (Q.;/Q) 100}. This occurred
when the total input power, Q, was equal to 30 W at center-
to-center spacing, CC=1.5D, and wall spacing ratio, S/D
=0.081. Theradiation heat loss, Q,, ranged from 6 to 8 percent
of the total input power for no wall cases and from 4 to 7

Nomenclature
Nu,,,s = Nusselt number ratio for for cylinder i for free array
A = surface area of the cylinder single wall cases, Eq. (11) cases
= (x DL), m? Nu; = average Nusselt number for S = spacing between the array
CC = cylinder center-to-center cylinder i and the wall, m
spacing, m Nu;; = average Nusselt number for T = temperature, °C
C, = specific heat, W h/(kg K) cylinder i in a free array T, = surface temperature of the
D = cylinder diameter, m Nu; = average Nusselt number for cylinder, °C
Gr* = modified Grashof number a free single cylinder T, = surface temperature of cylin-
g = acceleration of gravity, m/s> Pr = Prandtl number der i, °C
h = average heat transfer coeffi- Q = total power input, W Tin¢ = ambient temperature, °C
cient, W/m? K Q. = heat flux by convection, W Y; = distance from the center of
K = thermal conductivity, W/m Qcs = heat flux by conduction, W the lowest cylinder to the
K Q, = heat flux by radiation, W center of cylinder / (¥, =0.0)
L = cylinder length q = heat flux per unit area, W/ o = thermal diffusivity, m*/h
Nu = average Nusselt number of m? B8 = coefficient of thermal expan-
the cylinder = ((h D)/K) Ra* = modified Rayleigh number, sion, K™}

Nu,, = average Nusselt number of Eq. 4 ¢ = dynamic viscosity, kg/m h
the whole array for single Ra} = modified Rayleigh number v = kinematic viscosity, m*/h
wall cases, Eq. (9) for cylinder / for single wall p = density, kg/m’

Nu,,s = Nusselt number ratio for cases ¢ = normalized temperature, Eq.
single wall cases, Eq. (10) Ra%; = modified Rayleigh number )
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Fig. 4 Nusselt number, Nu,, versus Ra* for a free single cylinder

percent of the total input power for single wall cases. A detailed
radiation heat transfer calculation is presented in [6]. Since
the cylinders were polished to mirrorlike surfaces, the emis-
sivity was considered equal to 0.05 [7-10].

Once the convection heat transfer, Q,,, was determined, the
average heat transfer coefficient was obtained from:

QCU
h=—"""——— 2
A ( Tw - Tinf) )
The average Nusselt number, Nu, was determined from:
hD D
Nu=—= _QC"—____ 3)

K AK(T,— Ty
For correlating the data, the modified Rayleigh number was

calculated from:
GBp*Cr (%) Dt

K%y
All the air properties were calculated at the film temperature,
Ty= (T, + Tip)/2. The uncertainty (based on Kline’s approach
[11]) in the calculated Nusselt number from the experimental
results was 5.0%.

Ra*=Gr*Pr= 4)

2.2 Flow Visualization Experimental Apparatus and Pro-
cedure. Flow visualization was accomplished by illuminating
smoke particles with laser sheets perpendicular to the cylinders’
axes, as shown in Fig. 3. A 3-W argon and krypton ion laser
was used. A beam splitter, two beam reflectors, and two cy-
lindrical lenses were used to generate two laser sheets: These
sheets illuminated one vertical plane at the midwidth of the
array. The vertical plane, except those sections blocked out by

396 / Vol. 114, MAY 1992

the cylinders themselves, was illuminated by the horizontal
sheet. The horizontal sheet was created from the horizontal
laser beam. Therefore, a vertical laser sheet created from the
vertical laser beam was used to illuminate an opaque area and
to enhance the illumination of the other parts of the illuminated
plane. Smoke was introduced to the bottom of the main en-
closure at very low velocity and at room temperature. The
patterns of the flow fields were recorded on video tape and
slides.

3 Experimental Results and Discussion

The three cylinders that were used in the array were tested
separately as isolated single cylinders in an infinite expanded
medium (the surrounding air) and the results are shown in Fig.
4. There are two primary reasons to study the free single cyl-
inder case. First, it was necessary to verify the data-taking
process and to check the related equipment setup. This was
accomplished by comparing the Nusselt number from this ex-
periment with the available data in the literature. The second
reason was to find a correlation equation to represent the
average Nusselt number for a single free cylinder, Nu,, as a
function of the modified Rayleigh number, Ra*. This equation
would serve as the datum from which the heat transfer in the
other cases would be considered enhanced or degraded. The
functional relationship between Nu; and Ra* for these data is
shown in Eq. (5):

Nu,=0.571 Ra*%20% 3% 10*<Ra* < 10° %)

This equation lies about 1.6 percent below the following equa-
tion, which was obtained experimentally and theoretically by
Dyer [12]:

Nu,=0.6 Ra**? for 10*<Ra* < 10¢ )

Equations (5) and (6) are superimposed on the experimental
data as shown in Fig. 4. -

3.1 Temperature Distribution Along the Array With Var-
ions Wall Spacings. The effect of array-wall spacing, S, and
the effect of cylinder center-to-center spacing, CC, on the
temperature distribution along the array will be discussed in
this section.

The data are presented as the normalized temperature, ¢,
which is defined as the ratio of the excess temperature for each
cylinder from the ambient temperature to the excess temper-
ature for the lowest cylinder from the ambient temperature,
as shown in Eq. (7).

Tyi— Tin
Tw,l - Tinf

From Eq. (7), the normalized temperature for the lowest
cylinder is equal to one in all cases. The normalized tempera-
ture, ¢, for CC=1.5D and CC=2D have a fixed pattern where
the highest cylinder always has a higher normalized temperature
than the second cylinder (Figs. 5 and 6). The increase in cylinder
temperature for cylinders higher in the array is attributed to
the balance between the temperature rise of the surrounding
air of the upper cylinders and the increase of the plume velocity
due to the density change from adding heat from the lower
cylinders to the plume [5, 13, 14]. The normalized temperature
data for CC=1.5D and CC=2D decrease sharply as the S/D
ratio increases from 0.081 to S/D=0.5. Then the normalized
temperature, ¢, increase as S/D increases from 0.5 to 2.0. Also,
at S/D=0.5, the normalized excess temperature difference be-
tween cylinders 2 and 3 is very small and sometimes reaches
zero. This indicates that the behavior of these cylinders is the
same at wall spacing ratio, S/D=0.5; as the wall spacing ratio
diverts from S/D=0.5, in either direction, the normalized
temperature difference between the upper cylinders, (¢1— ¢,),
increases.

For CC=4D (Figs. 5 and 6), the normalized excess tem-

¢= 9
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perature, ¢, is less than one for both cylinders (2 and 3). The
behavior of these cylinders was not consistent. The change in
the normalized temperature is minimal for S/D< 1.0, but ¢
decreases as S/D increases above 1.0. In all the cases
(CC=1.5D, CC=2D, and CC=4D), the upper cylinders be-
have more like the lowest cylinder at S/D~0.5.

3.2 Heat Transfer Characteristics of the Cylinders in the
Array. The effect of the wall-array spacing and the cylinders’
center-to-center spacing on the heat transfer capability of each
cylinder will be examined by studying the Nusselt number ratio
of Nu;/Nu, s, which is the ratio of the Nusselt number value
of each cylinder in the array with a single wall, Nu;, to the
Nusselt number value of the same cylinder in a free array (no
wall condition), Nu;, at the same input heat flux. The ratios
Nu;/Nu; sat various S/D at the same input heat flux are plotted
in Figs. 7-9. For small center-to-center spacings, CC=1.5D
and CC=2D, all the cylinders experience the same percentage
of degradation, which is about 20 percent at S/D of 0.081.
This degradation decreases as the S/D increases and the values
of Nu,/Nu;; reach unity at S/D~0.155. At §/D>0.25, the
effect of the wall spacing on the cylinder depends on the po-
sition of the cylinder in the array. The upper cylinders have
the highest enhancement at S/D equal to 0.5. At the peak, the
highest cylinder in the array has an enhancement between 15
and 22 percent above the no wall case, while the second cylinder
has an enhancement between 9 and 15 percent. The lowest
cylinder in the array reaches the peak with an enhancement of
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about 5 percent maximum at S/D=0.25 at all the heat flux
values except the lowest value.

Figure 9 shows the effect of wall spacing on the array at
CC=4D. The lowest cylinder shows a 10 percent maximum
degradation at S/D=0.081. The maximum enhancement in
the lowest cylinder was 5 percent at S/D values between 0.25
and 0.5. For the upper cylinders (cylinders 2 and 3), the Nu;/
Nu, svalues were less than one. These degradations are between
12 and 24 percent at S/D=0.081 and they decrease as S/D
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Table 1 Coefficients of Eq. (8), Nu/Rai’2 = A, + Aexp [~ A(y{CO)]
S/D CC = 15D CC = 2D CC = 4D
Ay Ay Ay Ay Ay Ay Ay Ay Ay
0.081 0.38816 0.12099 1.68782 0.44023 0.08724 1.23577 0.53390 0.00448 -0.86297
0.155 0.42637 0.15017 1.15017 0.46097 0.14512 0.62651 0.49841 0.10969 -0.02341
V 0.250 0.47994 0.12880 1.08535 0.48866 0.13475 0.46858 0.49055 0.12841 -0.05972
0.500 0.53707 0.07132 1.97020 0.57548 0.04468 0.84132 0.52552 0.08878 -0.11651
0.750 0.52015 0.08865 1.43274 0.86924 -0.25232 -0.06193 0.59267 0.02977 -0.16812
1.000 0.50866 0.10537 1.28668 0.56256 0.05466 0.83912 0.49579 0.12126 -0.10031
1.500 0.47515 0.12910 1.056709 0.36239 0.24567 0.17936 0.39546 0.21512 -0.09113
2.000 0.45226 0.14330 0.89824 0.36551 0.24209 0.19971 0.26659 0.33887 -0.07347
Infinity 0.44692 0.14101 1.13765 0.46811 0.12704 0.51142 0.09139 0.50926 -0.08129
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Fig. 10 Effect of wall spacing on the average Nusselt number of the  Fig. 11 Effect of wall spacing on the average Nusselt number of the

whole array at CC=1.5D

increases. The reduction of Nuy/Nus ; from unity is twice the
reduction of Nu,/Nu,, from unity. These values, Nu;/Nu; s
(i=2 and 3), increase to unity as S/D increases to infinity.
The Nusselt number for each cylinder can be predicted from
Eq. (8) with less than 5 percent error for ¢>49.338 W/m? and
with 10 percent or less error for g =49.338 W/m?,

N; Y;
'ﬁa—;n=A1+AzeXp|: —A2<C_C‘:')] (8)
]

The values of A, A,, and A; are shown in Table 1 and Y; is
defined in the nomenclature section.

The effect of wall spacings, S, and center-to-center spacing,
CC, on the average Nusselt number of the whole array, Nu,,,
will be discussed by examining the Nusselt number ratio Nu,,,
s This ratio, Nu,,,, is the ratio of the average Nusselt number
of the whole array with presence of the side wall to the average
Nusselt number of the whole array without the wall (free array)
as shown in Eq. (10). The average Nusselt number of the whole
array, Nu,,, was compared to the Nusselt number of a free
single cylinder, Nuy, at the same heat flux. The average Nusselt
number ratio for the whole array, Nu,,,, is superimposed on
Figs. 7-9, where Nu,,ris shown by the dotted line, as calculated
from:

398 / Vol. 114, MAY 1992

whole array at CC=2D

1.2F7 ! ' ' v ]
1.4 - A
8 i ]
2 |
> 1} ]
O J

% [ 49,338 W/m22
0.9 - 149.014 W/ny 1

v Clong= 493380 W/m?2
R G=  986.762 Wim? E
e q= 1480.143 W/m? ]

0.8 |- L ' f L T ,
0 0.5 1 1.5 2 2.5
S/D

Fig. 12 Effect of wall spacing on the average Nusselt number of the
whole array at CC=4D

3
Z Nu,-

Nu,,,,:%- ©

Transactions of the ASME

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Fig. 13 Flow visualization for CC=20D with a single wall at $/0=0.5
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Although Nu,,is plotted as a line, the plot is a point-to-point
curve., For CC=1.5D and CC=2D, the Nu,,, values have
peaks, with 8-12 percent enhancement, at 0.5 <S5/D<0.75. The
Nuy, s ratio decreases sharply as S/D decreases from 0.5 and
reaches its lowest values, about 0.82 at CC=1.5at S/D=0.081,
and about 0.84 at CC=2D at S/D=0.081. At S/D>0.75, the
Nu,,s values decrease slowly and asymptote to a value corre-
sponding to S/D of infinity as shown in Figs. 7 and 8.

The Nu,,,, values for CC=4D are always less than one,
as shown in Fig. 9. Those values increase sharply as S/D
increases from 0.081 to 0.5. Then the increments in these values
of Nu,,,r become smaller as Nu,,,r asymptotes to a value cor-
responding to S/D of infinity.

Figures 10-12 show the Nusselt number ratios, Nug,, of
the Nu,, values to the Nusselt numbers of a single cylinder,
Nuy, as calculated from Eq. (5) at Ra* of the lowest cylinder
of the array. The Nu,,/ is defined in the following equation:

3
ZNU,’
i=1

Nug, 3.0
Nu, [0.571 Raj}%%%%]

(10)

Nuygy/s= a 1)
The enhancements of Nu,, from Nu; were insignificant and
Nu,,, is mostly equal to or less than one at CC=1.5D and
CC=2D. In both cases, there were peak values at 0.5<5/
D<0.75, except at the lowest heat flux, where the peaks were
at 0.75<8/D<1.0. For CC=4D, there was a maximum 8

Journal of Heat Transfer

Table 2 Correlation coefficient B, for Eq. (12), Nu,, = B, Ra;%?

S§/D | CC=15D | CC=2D | CC = 4D
B1 B1 B1
0.081 0.43243 0.47916 | 0.55287
0.155 | 0.49607 0.53926 | 0.60844
0.250 0.54069 0.56980 | 0.62368
0.500 0.56403 059535 | 0.62452
0.750 0.55490 059425 | 0.62771
1.000 0.55014 058631 | 0.63009
1.500 0.53139 0.56906 | 0.63291
2.000 0.52108 056284 | 0.63612
Infinity |  0.50840 055027 | 0.64887

percent enhancement at Nu,, values at 0.25<S/D=<0.5 in all
the input heat flux values, except the lowest heat flux where
the maximum enhancement was 10 percent at 1.0<S/D<1.5.
The average Nusselt number for the whole array, Nu,,, can
be predicted from Eq. (12) with an error less than 4 percent.
Table 2 shows the coefficient B;.

3
Z Nu,-
Nua,,=———i=; 5—=BiRa*’

(12)

3.3 Flow Visualization. The results of the flow visual-
ization are shown in Fig. 13 for cylinder center-to-center spac-
ing equal to 2D. Figure 13 shows that the space between the
cylinders and the wall acts as a chimney where the air particles
are at a higher temperature than the ambient. The high tem-
perature zone creates a low density region between the wall
and the cylinders of the array. This results in a low-pressure
region between the wall and the array. Due to buoyancy forces,
this low pressure drives the air particles horizontally toward
the wall through the cylinder-to-cylinder spacing and vertically
through the lower cylinder-wall space. The flow visualization
showed that the presence of a single wall induces more air
circulation from the ambient around the highest cylinder in
the array. This enhances the heat transfer from the highest
cylinder in the array. As the center-to-center spacing increases,
the plume from one cylinder to the next higher cylinder has
more time to mix with the ambient air particles that were
directed toward the wall. Also, as the CC spacing increases,
the plume from the lower cylinder(s) has fewer flow restrictions
given the geometry of the setup and has more time to be
accelerated by the buoyancy forces while it rises. This explains
why the highest cylinder in the array at CC =4D has the highest
Nusselt number in the array.

Furthermore, the flow visualization shows that the weak
regions above the cylinders were shifted toward the wall. The
streamlines of the flow show that the air particles approach
the upper cylinders horizontally. For the lowest cylinder, the
air particles approach the cylinders in a plane rotating toward
the vertical wall. In other words, if there is a single wall at the
left side of the array, the upper and lower stagnation points
of each cylinder were rotated counterclockwise from the ver-
tical plane (the plane that passes through the axis of each
cylinder). This rotation of the stagnation points was at its

MAY 1992, Vol. 114 / 399

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



maximum at 8/D=0.5 and the rotation decrease as the wall-
array spacing decreases or increases from S/D=0.5. There-
fore, there was more ambient air at room temperature mixed
with raised plume from the lower cylinder at S/D~0.5. This
explains why the array has the highest heat transfer rate at
S/D~0.5. '

4 Conclusions

The experiments have shown that the lowest cylinder in the
array behaves as a free single cylinder for all cases in which
the ratio of wall-array spacing to the cylinder diameter S/
D=0.155. The heat transfer from the upper cylinders of the
array was affected by the wall-array spacing and the cylinder
center-to-center spacing. The presence of the wall enhanced
the heat transfer from the upper cylinders of the array with
cylinder center-to-center spacing equal to 1.5D and 2D relative
to the no wall cases, while there was degradation in the cyl-
inders’ heat transfer capability with cylinder center-to-center
spacing equal to 4D. At the two small cylinders’ center-to-
center spacing values, the maximum enhancement for the free
array occurred at S/D~0.5. The top cylinder had the maxi-
mum enhancement, the middle cylinder had the next highest
enhancement, and the lowest cylinder had the lowest enhance-
ment. The space between the array and the wall acts like a
chimney and creates a wall jet flow.
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Natural Convection Liquid Cooling
of @ Substrate-Mounted Protrusion

in a Square Enclosure: A

Parametric Study

The coupled conduction and natural convection transport from a substrate-mounted
heat generating protrusion in a liquid-filled square enclosure is numerically examined.
The governing steady two-dimensional equations are solved using a finite-difference
method for a wide range of Rayleigh numbers, protrusion thermal conductivities
and widths, substrate heights, and enclosure boundary conditions. The results pre-
sented apply to liquids with 10< Pr=< 1000. It was established that in many situations
it may be inappropriate to specify simple boundary conditions on the solid surface
and decouple the conduction within the substrate or the protrusion. Higher Rayleigh
numbers, protrusion thermal conductivities, and widths enhanced cooling. A var-
iation in the substrate height did not affect the maximum protrusion temperature;
however, the flow behavior was considerably altered. An empirical correlation for
the maximum protrusion temperature was developed for a wide range of parametric
values. The enclosure thermal boundary conditions changed the heat transfer in the
solid region to only a small extent. Immersion cooling in common dielectric liquids
was shown to be advantageous over air cooling only if the thermal conductivity of

the protrusion was larger than that of the liquid.

1 Introduction

The increasing interest in the study of thermal control of
micro-electronic equipment can perhaps be attributed to the
rapid advances in semi-conductor devices fabrication tech-
nology. With the incorporation of each generation of new
devices into electronic systems, the available cooling technol-
ogies are re-examined, often leading to the development of
innovative heat removal methods (Chu, 1986). Current designs
typically specify device temperatures below 85°C in order to
meet overall system reliability goals. A number of thermal
management strategies for modern mainframe computers are
discussed by Chu (1986) and Nakayama (1988).

Single-phase convection heat transfer is frequently employed
in the cooling of electronic systems. Such applications are
characterized by geometric complexity, discrete heating, and
a multitude of heat transfer paths, which often preclude the
use of available heat transfer correlations. A number of studies
on single-phase convective cooling applicable to the thermal
control of electronic equipment were reviewed by Incropera
(1988). Many of these examine natural, mixed, or forced con-
vection air cooling. Due to several desirable features such as
low cost, design simplicity, and high reliability, passive air
cooling employing natural convection continues to be of in-
terest as discussed by Jaluria (1985a).

Several investigations of natural convection from discrete
heat sources in air have been reported. Jaluria (1985b) com-
putationally examined the transport resulting from discrete,
uniform flux strips mounted on an adiabatic vertical surface.
The effect of component spacing on the surface temperatures
was discussed. Afrid and Zebib (1989) considered protruding
heat sources on an adiabatic vertical surface. The heat con-
duction within the protrusion and the coupled convection in
air were examined. Lee and Yovanovich (1989) also considered
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the transport from flush uniform flux heat source on a vertical
surface. Conduction within the thin substrate was computed
using a one-dimensional model. Radiation from the surface
was also accounted for.

Compared to air, natural convection in liquids is known to
result in significantly larger heat transfer coefficients, making
it an attractive cooling option for enclosed electronic systems
such as some high dissipation power supplies. Use of liquids
both in single-phase and phase-change systems has recently
been reviewed by Bergles and Bar-Cohen (1990). A few ex-
perimental investigations have examined liquid immersion nat-
ural convection in geometries of interest in electronic equipment
cooling. These studies have considered discrete heat sources
on vertical surfaces (Park and Bergles, 1987), within enclosures
(Keyhani et al., 1988), and in vertical channels (Joshi et al.,
1989).

Limited numerical simulations of the natural convection
transport in liquid-filled enclosures with discrete heating have
also been made. Liu et al, (1987) carried out three-dimensional
computations of natural convection due to a three by three
array of rectangular protrusions in a dielectric liquid filled
enclosure. Lee et al. (1987) numerically examined two-dimen-
sional natural convection from a single protrusion in a liquid-
filled enclosure. Both of these studies prescribed uniform flux
conditions on the protrusion faces. In most applications only
the volumetric energy generation rates within the protruding
components are avaiable and explicit thermal boundary con-
ditions on their surfaces are therefore unknown.

For a substrate-mounted protrusion in a liquid-filled square
enclosure Sathe and Joshi (1990) computed both the conduc-
tion in the protrusion and substrate, and the natural convection
in the liquid. Results were reported for a single set of Pr,
protrusion dimensions and thermophysical properties, and en-
closure boundary conditions. The effect of the thermal con-
ductivity of the substrate on the maximum protrusion
temperature was also examined., Comparisons with existing
experimental data showed favorable agreement. In electronic
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component cooling applications, a wide variation in the geo-
metric parameters, thermophysical properties, and enclosure
boundary conditions is possible; this area was not addressed.

The present investigation is a detailed numerical parametric
study of the coupled conduction and natural convection proc-
esses in the cooling configuration considered in our préevious
study. Two-dimensional computations of flow and heat trans-
fer are carried out for specified rates of volumetric energy
generation within the protrusion. The transport characteristics
are examined for different thermophysical properties of the
protrusion, and protrusion and substrate dimensions. These
data are used to obtain an empirical correlation for the max-
imum protrusion temperature over a wide range of operating
parameters. The influence of the enclosure thermal boundary
conditions on the temperature levels within the protrusion is
also studied.

2 Analysis

A substrate-mounted, uniformly heat-generating protrusion
enclosed in a liquid-filled square cavity is considered. A sche-
matic sketch of the configuration is provided in Fig. 1. The
protrusion, substrate, and fluid have constant but different

Substrate

rotrusion

o e ple T —ple L )

Liquid L

e

<
—
«

H/2 ——®

thermophysical properties. The fluid is assumed to be New- Fig. 1 Schematic diagram of the liquid cooled protruding heat source
tonian. For specified rates of volumetric energy generation assembly
within the protrusion, the natural convection in the liquid and
the coupled conduction processes within the substrate and the 2 2
protrusion are described by the following set of equations. M+M=/_c[ <a—2+-a-t§> @)
ox ay cp\dx~ 3y
2.1 Governing Equations. Assuming a steady-state, lam-
inar flow with negligible viscous dissipation and pressure stress Protrusion
terms and invoking the Boussinesq approximations, the gov- ) 5
erning equations are: k at " a7 =2 )
Nax? " ax?/ ~wh
Fluid Region
du N dv -0 ) Substrate , ,
ox 3y AN KA ©
aou?) douv) [u du ap ax”  dy
ax T ay 5)}3“"55 +ogB(1—1c) Tox ) The boundary conditions include isothermal cavity walls at
2 3 s temperature ¢, and the no-slip and impermeable wall conditions
é(_p"_”)g"ﬁlz” ﬂ+§_v _@ 3 for the velocity components; i.e., u = v = O and ¢t = ¢, at
ax dy ax? ) ay the cavity boundaries. Heat fluxes and temperatures are to be
Nomenclature
Q = nondimensional heat flux v = horizontal velocity compo-
¢, = specific heat at constant crossing the solid surface, nent, m/s
pressure, J/kg-K Eq. (D) V = nondimensional horizontal
d = dimension in Fig. 1, m R, protrusion to fluid thermal velocity component = v/U,
d, = substrate thickness, m conductivity ratio = k./k; w = protrusion width, m
F\-F,; = enerry fractions leaving the R, substrate to fluid thermal x = vertical coordinate, m
bottom, right, top, and left conductivity ratio = k;/ks X = nondimensional vertical co-
faces of the protrusion, re- Ra Rayleigh number = gBQA*/ ordinate = x/h
spectively akp y = horizontal coordinate, m
g = gravitational acceleration, s nondimensional clockwise Y = nondimensional horizontal
m/s* contour distance along the coordinate = y/h
h = protrusion height, m solid-fluid interface in Ta- o = fluid thermal diffusivity,
H = enclosure height, m bles 2 and 3 m?/s
k = thermal conductivity, W/m- Sps S dimensions in Fig. 1, m B = coefficient of thermal expan-
K t enclosure wall temperature, sion, 1/K
L, = dimension in Fig. 1, m K o = fluid density, kg/m?
n = outward unit normal vector T nondimensional temperature ¢ = dynamic viscosity, kg/m-s
at the solid surface = (t—1)/(Q/ky) » = kinematic viscosity, m*/s
p = pressure, N/m? u vertical velocity component, .
P = nondimensional pressure m/s Subscripts
= p/pU? U nondimensional vertical ve- ¢ = protrusion (chip)
Pr = Prandtl number = pc,/ks locity component = u/U, = fluid/liquid
Q = linear heat generation rate, A reference velocity = (g8QA/ = max = maximum
W/m kp)'?, m/s s = substrate
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matched at the interfaces of dissimilar materials. The following
scheme is used to nondimensionalize the governing equations
and boundary conditions: X = x/h, Y = y/h, U = u/U,, V
=v/U, T = (£~1)/(Q/ks), and P = p/pU% where U, =
(gBQh/ks)'* is a reference velocity. As a result of the non-
dimensionalization, the governing parameters are: Pr = uc,
/ks;, Ra = gBQh3/akfv, R. = k./ky, Ry = ky/ky, Sp/h, d/h,
L/h, 8/h, d,/h, and w/h. The various symbols have been
defined in the Nomenclature.

2.2 Numerical Procedure. The governing Egs. (1)-(6)
were discretized using a finite difference technique wherein the
control volumes for the temperature were staggered from those
for the velocities. The faces of the temperature control volumes
coincide with the interfaces of dissimilar materials. Power law
variation was used for the interpolation of the dependent vari-
ables. Abrupt changes in the diffusivities, such as those en-
countered in the present problem, were handled effectively by
using the harmonic-mean formulation. The details of the nu-
merical procedure can be found from Patankar (1980). The
discretized equations were solved iteratively using the line-by-
line TDMA (Tri-Diagonal Matrix Algorithm) and the SIM-
PLER procedure (Patankar, 1980).

Even though separate equations are written in the fluid and
solid regions, the solid region was numerically simulated by
letting its viscosity be very large. Thus the same momentum
equation was solved throughout the computational domain.
Similarly, heat sources and property values were appropriately
specified in each region and only one energy equation was
solved in the entire computational domain. The flux matching
conditions were satisfied implicitly in the present formulation.

Test computations were performed on a series of grids rang-
ing from 10 X 10to 60 X 60 control volumes. The grid points
were densely packed above the protrusion after preliminary
runs on coarser grids showed that the flow was thermally
stratified below the protrusion. It was determined that in-
creasing the grid points from a 45 x 50to 60 X 60 nonuniform
mesh resulted in less than 2 percent changes in the maximum
temperature, protrusion heat fluxes, and the maximum fluid
velocities. A 45 X 50 nonuniform grid was then used in the
rest of the computations. Convergence was assumed when the
change in the dependent variables in successive iterations was
no more than 0.005 percent. An overall energy balance was
computed as the difference between the total heat generation
rate and the net rate of energy loss through the cavity bound-
aries. In most cases, a balance of better than 0.1 percent was
achieved, with the energy balance in the worst case being no
more than 1 percent.

The computational times on an IBM-370/3033 computer
ranged from 200-400 CPU minutes for computations started
with 4 = v = 0 and ¢t = ¢, throughout the cavity. The run
times could be reduced in a few cases when computations were
commenced with earlier solutions as initial guesses.

The numerical code was validated by solving the problem
of natural convection in an air-filled cavity with vertical iso-
thermal hot and cold walls and horizontal adiabatic surfaces.
A comparison of the overall Nusselt numbers with the nu-
merical results of Raithby and Wong (1981) for a cavity aspect
ratio 5 and Rayleigh numbers 10* and 10° yielded agreements
better than 0.8 percent.

3 Computational Results

Numerical computations were performed for a range of gov-
erning parameters that may be encountered in actual appli-
cations. These input levels are collected in Table 1. The upper
limit for Ra was restricted to 107 due to nonconvergence of
the numerical procedure for higher Ra. To get an idea of the
Ra values corresponding to given input power levels, for ex-
ample, 0.1 W generated in a 10 mm X 10 mm X 25 mm long

Journal of Heat Transfer

Table 1 Parameter values used in numerical computations
Parameter Value(s)
Pr 25 (also, selected computations for 10, 100, 1000)
Ra 103-107
R 10
Re ' 0.1-103
Sp/h 4.5
Si/h 4.5
d/h 2
di/h 1.5
Ly/h 0-4
wih 0.25-1.25

protruding source, would yield Ra of the order of 107 and 10°,
respectively, in commercially available dielectric fluids FC-75
and FC-71. The corresponding Ra in water and air are 10° and
10%, respectively.

The fluorinert liquids FC-75 and FC-71 have Pr of about
25 and 1400 at 300 K, respectively (3M Corp., 1985). A set of
calculations was performed with a fixed Ra of 10’ for Pr
= 10, 100, and 10° to study the Prandtl number effect. It was
revealed that the maximum temperatures changed negligibly
when Pr was varied over the wide range mentioned above. All
subsequent computations were done for Pr = 25, characteristic
of FC-75. However, the dimensionless protrusion temperature
levels are applicable to liquids with 10 < Pr < 1000 due to
the relatively weak additional dependence of the transport
within the solid on Pr, once the fluid properties are incor-
porated into Ra.

As seen in Table 1, the substrate conductivity was ten times
that of the fluid, i.e., Ry = 10. Such a ratio represents a
substrate made of a combination of epoxy-glass, copper, or
ceramic laminates, with an effective thermal conductivity of
0.6 W/m-K; along with the fluid FC-75 that has a thermal
conductivity of 0.06 W/m-K (3M Corp., 1985). It was shown
in our earlier study (Sathe and Joshi, 1990) that for R;> O(1),
conduction through the substrate is an important cooling
mechanism and must be accounted for. The maximum tem-
perature occurring in the chip was shown to decrease with an
increasing R;. For R, > 100 or R, < 1, the maximum temperature
changed negligibly with a change in R;.

In the following, for a fixed R, of 10, the value of R, was
varied over a wide range, from 0.1 to 10°. Such a variation
may be encountered in practice due to the fact that different
packages have widely varying amounts of silicon, air gaps and
heat spreading and encapsulation materials. The influence of
R, L;/h, and w/h on the heat transfer and fluid flow is studied
for different Ra. The resulting trends are first presented for
conditions when all enclosure walls are maintained at a uniform
temperature of f.. Effects of changing the enclosure surface
thermal conditions on transport from the heat source are then
examined.

3.1 Effect of Protrusion Thermal Conductivity, R,. The
streamlines and isotherms for different R, are shown in Fig.
2 for Ra= 10°, The flow is characterized by a primary clockwise
circulation in the upper right portion of the cavity due to the
buoyancy effects arising from the heated protrusion. A sec-
ondary counterclockwise cell is evident above the substrate,
resulting from a combination of the buoyant force generated
due to conduction across the substrate and the splitting of the
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Fig. 2 Streamiine and isotherm patterns for varlous R, when Ra=10°,
w/h=0.75, and L/h=2: (a) R.=1, (b) R,=10, and (c) R.= 100

flow at the top boundary. The fluid below the protrusion is
almost stagnant and thermally stratified, as indicated by the
isotherms. We note that the flow patterns for 1 <R_.=<100 are
almost identical.

The temperature distribution inside the protrusion is almost
symmetric about its centroid. It is interesting to note that the
temperatures far away from the protrusion are not affected
appreciably by a change in R.. For 1<R.=<100, the temper-
ature distribution for T<0.03 is almost identical. A decrease
in R, is associated with an increase in the thermal resistance
of the protrusion and hence an increase in the maximum tem-
perature Ty, occurring within the protrusion. The isotherms
indicate that the temperature drop within the protrusion is as
much as 80 percent of the total temperature variation in the
enclosure for R.=1. The corresponding levels are 25 and 5
percent, respectively, for R.=10 and 100. Thus for R.> 100,
the internal thermal resistance of the protrusion is almost neg-
ligible.

Interesting heat transfer trends are revealed when the solid
surface temperatures are examined for various R, in Fig. 3.
The coordinate s is the clockwise contour distance along the
solid-fluid interface starting from the origin. The ranges of s
corresponding to the various surfaces in Fig. 1 are provided
in Table 2. Higher temperatures occur on the protrusion faces
(2<s<4.5) compared to the substrate surfaces, due to the heat
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Fig.3 Solid-Fluid interface temperatures for different R.. The distance
s is the contour length along the interface as defined in Table 2. The
computations are for Ra=10°, wh=20.75, and L/h=2.

generation within the protrusion. A local maximum is evident
at s= 10 due to heating via substrate conduction.

A low value of R, results in large temperature variations on
the protrusion faces. For example, the temperature deviations
are as high as 25 percent about the mean for R.= 1, For R.= 10,
the corresponding variation is only 6 percent. The protrusion
faces are nearly isothermal for R.=100. It is thus clearly dem-
onstrated that simplistic conditions cannot be assigned to the
solid surfaces for many actual cases. The maximum temper-
ature on a particular protrusion face seems to occur approx-
imately at the midpoint of that face for all R.. We note that
the substrate surface temperatures change only marginally due
to a change in R,, unlike the protrusion face temperatures.

Figure 4 shows the dimensionless heat flux from the solid
into the fluid, defined as:

R, (ar
~ RaPp)"”? <dN),.“ M

where the subscript / represents either ¢ or s depending upon
whether the interface is a protrusion—-fluid or substrate-fluid
interface, respectively. The quantity (d7/dN); is the dimen-
sionless temperature gradient in the direction normal to the

Q=
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Table 2 Ranges of s corresponding to ditferent solid-fluid interfaces;
wh=0.75, Lyh=2

Surface no. X Yy s

in Fig. 1
1 Oto2 0 0.00to 2.00
2 2 0.0100.75 200t0 275
3 2t03 0.75 27510 3.5
4 3 0.0t00.75 375t0 450
5 3t05 0 450t0 6.50
6 5 -1.5t00 6.50to 8.00
7 OtoS -1.5 8.00 10 13.00
8 0 -1.5100 13.00 to 14.50

Re=10

Qx10

Fig. 4 Effect of A, on the heat flux across the solid-fluid interface
when Ra=10% w/h=0.75, and L/h=2; distance s is defined in Table 2

surface evaluated on the solid side of the interface and n is
the unit outward normal vector to the solid surface. The heat
flux is positive when energy transfer is from the solid to the
fluid. The temperature gradient is calculated using the har-

Journal of Heat Transfer

Energy Fractions
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Fig. 5 Energy rate fractions F,-F, leaving the four protrusion faces as
a function of A; and Ra. The subscript 1, 2, 3 and 4 represent the bottom,
tiuid-side, top, and substrate-side faces of the protrusion, respectively.
The computations are for w/h=0.75 and L/h=2.

monic mean formulation (Patankar, 1980). We note that even
though the heat flux is undefined at the corners, the points
corresponding to various locations on each surface in the figure
are shown joined by straight lines to aid the eye.

The heat fluxes are substantially higher at the protrusion
surfaces than at the substrate surfaces. The substrate surface
heat fluxes are largely unaffected by a change in R,, but this
is not true for the protrusion surfaces. As for the temperatures,
at low R, the heat flux variations go through local maxima
near the protrusion mid-faces owing to the high thermal re-
sistance of the protrusion. However, at higher R, of 10 and
100, the increased fluid-side thermal resistance compared to
that on the solid side is the dominant factor affecting the heat
flux distribution. -

For R.=100 no extrema are observed in the heat fluxes over
the various protrusion faces. The region near s=2 is largely
diffusion-dominated due to the stagnant flow in that region.
The heat flux then increases as s is increased beyond 2 over
the bottom face due to an increase in fluid velocity. A sharp
increase is observed for larger s due to the substantially higher
velocities in the vicinity of the vertical protrusion face. The
heat flux then decreases over the vertical protrusion face as s
is increased further due to the growth of the thermal boundary
layer. The heat flux continues to decrease further when s is
increased over the top face due to further warming of the fluid
in addition to the slowing of the fluid over the top surface to
form another region of low fluid velocities near the vertical
substrate surface. It must be noted, however, that the average
heat flux values over each protrusion face do not change sub-
stantially with a change in R.. Also, it is interesting that the
heat flux in the vicinity of s=6 is negative, implying that the
fluid is warm enough to lose heat to the substrate in that region.

Shown in Fig. 5 are the fractions of the total power generated
that pass through the bottom, right, top, and left sides of the
protrusion, represented by Fy, F3, F3, and F,, respectively. For
R_.=0.1, the internal thermal resistance of the protrusion is
high enough so that the heat transfer is symmetric with respect
to the centroid of the protrusion resulting in Fo = Fyand Fy = F;.
Not that F, > F; because w/h=0.75, so that more surface area
is available on the vertical protrusion face than the horizontal
face. Also, for R.=0.1, there is a negligible effect of Ra on
the mechanism of heat dissipation from the various protrusion
faces due to the large protrusion thermal resistance. When R,
is increased beyond 0.1, substrate conduction becomes the
dominant mechanism of heat removal from the protrusion, as
seen from the values of Fj.

From Fig. 5 it is clear that the substrate conduction assumes
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Fig.6 Maximum temperature T, for various R, and Ra when w/h = 0.75
and L/h=2

greater importance for lower Ra due to the reduction on fluid
velocities for the same power input. For Ra=10° and R,> 10
as much as 45 percent of the generated energy is being removed
via the substrate, clearly demonstrating the importance of sub-
strate conduction in actual cases. For R.> 10 the thermal re-
sistance of the protrusion is negligible so that further increase
in R, does not bring about substantial changes in the various
fractions. It is seen that the top and bottom faces each con-
tribute to no more than 20 percent of the input power removal
owing to lower fluid velocities near those faces, in addition to
smaller face lengths.

The maximum temperature is often of significance to ther-
mal designers from the viewpoint of reliability of electronic
components. Such a maximum nondimensional temperature
occurring within the protrusion is seen in Fig. 6 for different
R.and Ra. As expected, an increase in R, decreases the thermal
resistance of the protrusion, thereby lowering the maximum
temperatures. Only a marginal cooling enhancement results
when R, is increased further beyond 10. The maximum tem-
peratures are more sensitive to Ra when R, is higher due to
lower protrusion thermal resistances. For R,<1, only a small
change in maximum temperatures results when Ra is changed
by two orders of magnitude. For R.> 10, the maximum tem-
peratures drop by as much as 40 percent when Ra is increased
from 10° to 107, As explained previously, Ra obtained in air
is two orders of magnitude less than those in liquids for the
same power input in a chip. This fact implies that liquid im-
mersion cooling would be beneficial compared to air-cooling
only for packages whose internal thermal resistances are not
too large, such that R.>1.

3.2 Effect of Protrusion Width, w/h. Figure 7 shows a
comparison of the isotherms and streamlines for w/h=0.25
and 1.25, all other parameters being identical. The same rate
of net heat generation is applied uniformly over the entire
protrusion for both widths. It is noticed that the isotherm
pattern is altered only in the vicinity of the protrusion by
changing its width. The maximum temperatures occur close to
the centroid of the protrusion for the two widths. An exam-
ination of the streamline patterns reveals similar flow structures
with a main clockwise cell in the right top corner and a sec-
ondary anticlockwise circulation above the substrate. A slightly
more vigorous flow is evident for the larger width.

The protrusion face temperatures are seen for different
w/h and Ra in Fig. 8. The contour distance s along the pro-
trusion face is defined in Table 3. Curves for different w/h
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Fig. 8 Effect of Ra and protrusion width on the protrusion face tem-
peratures. The contour distance s along the protrusion faces is defined
in Table 3. Computations are for Ly/h=2 and R, =10

span different s ranges, due to changing protrusion face lengths.
As seenin Fig. 3, the maximum temperature on each protrusion
face occurs near its midpoint. The temperatures are lower for
larger protrusion widths due to availability of larger heat trans-
fer area. The vertical face is warmer on the average than the
top and bottom faces when w/h=0.25, while it is cooler than
the top and bottom faces when w/A = 1.25. This follows from
the fact that a width smaller than the height results in a lower
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Table 3 Ranges of s corresponding to protrusion surfaces for different
wih

Surface no. s e
in Fig. 1 w/h=0.25 wrh=0.75 w/h=1.25
2 2.00to 2.25 20010275 2.00t0 3.25
3 2.25t0 3.25 27510 3.75 3.25t04.25
4 3.25 t0 3.50 3.75 to 4.50 4.25 10 5.50
0.6
A  Fi
¢ Fa
F3
Fq

Energy Fractions

w/h

Fig.9 Energy rate fractions F,-F, passing through the protrusion faces
for ditferent Ra and w/h for L/h =2 and R, = 10. The subscripts 1-4 denote
the bottom, right, top, and left faces of the protrusion, respectively.

protrusion thermal resistance in the horizontal direction com-
pared to in the vertical direction, and vice versa. The top face
is always warmer than the bottom face owing to warmer fluid
present in the vicinity of the top face. Similar trends are seen
for both Ra = 10° and 10”; however, the temperature levels are
lower for higher Ra due to enchanced circulation in the cavity.

The energy rate fractions through the four protrusion faces
are seen in Fig, 9 for different w/A. The trends and fractional
levels are similar for Ra=10° and 10”. An increase in the
protrusion width results in larger surface area at the top and
bottom faces. The fractions passing through the bottom and
top faces, Fy and Fi, respectively, increase almost fourfold
when w/h is increased from 0.25 to 1.25. The substrate con-
duction effect is stronger for smaller widths with as much as
50 percent of the total input power being lost through the
substrate for w/h=0.25.

Shown in Fig. 10 is the effect of w/k on the maximum
temperature occurring within the protrusion. The temperatures
drop by approximately 14 and 18 percent for Ra=10° and 10’,
respectively, when w/h is increased from 0.25 to 1.25. The
drop is lesser for larger w/h because even though the heat
transfer surface area is increasing, the increasing frictional drag
on the fluid decreases the rate of cooling enhancement. In
actual applications, w/k cannot be increased arbitrarily be-
cause of space limitations.

3.3 Effect of Substrate Height, L,/h. Computations per-
formed for varying substrate heights revealed a negligible
change in temperatures within the protrusion when L,/h was
increased from 2 to 4 with R, = 10, and Ra = 10® and 10”. Minor
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Fig. 11 Streamlines and isotherms for L/h=4, Ra=10° R.=10, and
w/h=0.75

differences in the flow patterns and isotherms were, however,
revealed. Shown in Fig. 11 are the isotherms and streamlines
for L,/h=4. We note that the temperature patterns for
L,/h =4 differ from those when L,/h =2 (Fig. 2b), for all other
conditions identical, only in the region where the additional
substrate material is present. When the substrate length is
increased, the flow pattern behind the substrate is modified
so that the secondary cell is at the back of the substrate in Fig.
11 instead of on top of it as seen in Fig. 2(b).

An interesting phenomenon was observed for L,/h<1. Flow
rising above the protrusion swayed with iterations after a large
number of iterations and convergence of the steady-state scheme
could not be achieved. For the limiting condition of L,=0 the
present configuration simulates a plume flow. Periodic swaying
of thermal plumes above heated line sources is well documented
(Eichhorn and Vedhanayagam, 1982). The temperatures within
the protrusion did not appear to fluctuate significantly after
a large number of iterations, and attained values close to those
for L,/h> L. For L,/h> 1, no swaying was observed, since the
presence of the longer wall aids in stabilizing the flow due to
the Coanda effect wherein plumes and jets tend to attach
themselves to adjacent walls.

3.4 Effect of Enclosure Thermal Boundary Condi-
tions. It is possible to reduce the dimensional temperature ¢
at a location within the protrusion by lowering the sink tem-
perature ¢, alone, keeping Q, k, and all the nondimensional
parameters constant since ¢ = f.+ QT/k;. For higher power in-
puts in the electronic components, a lower /. may well be
required to maintain the temperature of the component within
admissible limits. However, a lower . increases the power
consumption of the heat exchanger. It is thus of practical
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Fig. 12 Effect of enclosure thermal boundary conditions on the heat
transfer and fluid flow when Ra=10% R,=10, L/h=2, and w/h=0.75.
Streamlines and isotherms are for the conditions defined in Table 4: (a)
Case 1, (b) Case 2, (c) Case 3, (d) Case 4, and (e} Case 5.
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Table 4 Description of the thermal boundary conditions at the cavity
walls

Case Wall condition
baseline t=t, at all walls
1 adiabatic bottom wall, t=t_ at remaining walls
2 * adiabatic top wall, t=t, at remaining walls
3 adiabatic left vertical wall, t=t_ at remaining walls
4 adiabatic right vertical wall, t=t_ at remaining walls
5 t=t, at top wall, all other walls adiabatic

interest to determine the changes in the protrusion tempera-
tures if one or more walls were insulated instead of being
maintained at 7,, so that fewer than four heat exchangers are
utilized. Table 4 summarizes the different types of thermal
boundary conditions investigated.

Figure 12(a) shows the streamlines and isotherms for case
1 when the bottom wall is insulated. A comparison with Fig.
2(b), the baseline case, reveals almost identical temperature
and flow distribution. This is somewhat expected since the
fluid is almost thermally stratified below the protrusion and
hence the bottom heat exchanger contributes negligibly to the
overall cooling. When the top wall is adiabatic as in Fig. 12(b),
the overall circulation strength drops due to the accumulation
of warmer fluid in the vicinity of the top wall compared to
the baseline case. Large horizontal temperature gradients are
observed near the top portion of the vertical walls where the
fluid loses heat to the enclosure. The maximum protrusion
temperature Tp,, is only 6.6 percent higher than for the baseline
case.

The streamlines and isotherms for the cases when the left
and right vertical walls are insulated are depicted in Figs. 12 (c)
and 12 (d), respectively. For both of these conditions the fluid
in the bottom half of the cavity is warmer than in the baseline
case. The temperature distribution inside the solid for these
two cases is almost identical. When the left vertical wall is
insulated, the fluid between the substrate and the left wall is
warmer than the baseline case. This results in a lower buoyant
force and velocities in that region, thus increasing the pressure.
Thus the main flow above the protrusion is pushed toward the
right to a greater extent as it leaves the substrate as compared
to the baseline case.

The opposite effect is seen when the right vertical wall is
insulated, where the main flow above the protrusion is not
pushed to the right to as great an extent as in the baseline case.
With equal buoyant forces on each side of the substrate, the
stagnation region at the top wall would lie close to the vertical
centerline of the substrate. Though the flow patterns show
marked difference in Figs. 12(¢) and 12(d), the flow patterns
in the vicinity of the protrusion are almost identical and T,
for both cases 3 and 4 is only approximately 7.75 percent higher
than in the baseline case.

It was observed for the situations when all the walls were
maintained at /. that temperature gradients at the enclosure
boundaries were the largest near the top wall. It is thus of
interest to investigate the possibility of only using the top heat
exchanger, with other walls insulated. Streamlines and iso-
therms for such a case are shown in Fig, 12 (e). The temperature
gradients near the top wall are much steeper than in the other
cases. The flow does not appear to be stagnant below the
protrusion. The maximum temperature within the protrusion
is higher by as much as 28 percent, compared to the baseline
case.
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4 A Correlation For Maximum Protrusion Tempera-
ture

Since the maximum protrusion temperature, Tiay, is of great
interest to designers of electronic components, an empirical
correlation has been developed for it as a function of all the
relevant governing parameters. The resulting correlation for
the isothermal walls boundary condition is as follows:

Tax = [ (0.1R; *5)¥2 4 (0.277Ra~1%%)*2) /3
X 10.6+0.9¢” %5} {1.2—-0.3(w/h) +0.1(w/hy’}  (8)

Equation (8) correlates all of our numerical data within =+ 12
percent, and 67 percent of the numerical data within =+ 5 percent
for the following wide range of governing parameters:
0.1=R.=<10°, 0.1=R, =10, 0.25=w/h=1.25, 10°<Ra=<10/,
Pr=10,03<d,/h=<3,L/h=1,d/h=2,S,/h=4.5, Sp/h=4.5.
Note that Ti,,x changes by more than an order of magnitude
over the ranges mentioned above. For a smaller range of
0.1=R;=10, all the numerical data are correlated within + 6
percent.

The expression in the first curly bracket in Eq. (8) has been
derived using the technique proposed by Churchill and Usagi
(1972) for data that have two asymptotic limits. For fixed set
of other parameters it predicts independence of Ty,.x with Ra
for small R, and independence of T,,,; with R, for large R, as
was seen in Fig. 6. Also, some of the parameters do not appear
explicitly in the correlation because for a change in these pa-
rameters in their correponding ranges above, 7., changed
negligibly. It is noted that for the numerical runs performed
in our earlier study (Sathe and Joshi, 1991) for water as the
fluid (Pr=8), 5x10*<Ra<6x10°, R,=24.2, R;=0.24, w/
h=0.78, d//h=1.625, d/h=L,/h=2.5, and S,/h=S8,/h=35,
the computed 7,.x agree with the correlation, Eq. (8), within
5 percent.

Conclusions

Heat transfer and fluid flow arising from a substrate-
mounted protruding heat source immersed in a liquid-filled
square cavity were examined numerically. The effects of Ray-
leigh number, Prandtl number, substrate and protrusion di-
mensions, protrusion properties, and cavity thermal boundary
conditions on the steady-state heat transfer and fluid flow were
studied. In most cases, the fluid below the protrusion was seen
to be thermally stratified with a primary cell in the top right
corner of the cavity. A secondary cell was also observed due
to weaker buoyant forces at the back of the substrate. Flow
oscillations were observed for smaller substrate heights, when
L/h<1,

It was demonstrated that the solid conduction effects must
be included in most situations and simplistic solid surface ther-
mal conditions are inappropriate. It is shown that liquid cool-
ing is preferable to air cooling only if the package internal
thermal resistance is small enough, i.e., when R.> 1. The sub-
strate height had a marginal effect on the maximum temper-
ature occurring within the protrusion. A slight cooling
enhancement on the order of 10 percent was observed when
w/h was changed from 0.25 to 1.25. The results of this par-
ametric study were used to obtain an empirical correlation for
the maximum temperature in terms of the relevant nondi-
mensional parameters.

A number of different boundary conditions at the enclosure

Journal of Heat Transfer

walls were examined to study their effects on the temperature
variation within the protrusion. The protrusion temperatures
did not change significantly when any one of the walls was
kept insulated instead of at a uniform temperature. Keeping
only the top boundary at a fixed temperature and all others
insulated resulted in protrusion temperatures higher by as much
as 28 percent.
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with a vertical adiabatic partition. The two zones of the enclosure are connected by
a single rectangular opening. The parlition is oriented parallel to the isothermal
sidewalls, one of which is heated and the other cooled while the remaining walls
are adiabatic. Results have been presented for air for the Rayleigh numbers in the
range 10°-10°. The width of the opening is held fixed while the height, relative to
the enclosure height, is varied from 0.25 to 0.75. The effects of various parameters
on the flow structure and heat transfer are investigated. The results of the three-
dimensional simulation have also been compared with those for the corresponding

two-dimensional configurations.

Introduction

Natural convection in partitioned enclosures with differ-
entially heated sidewalls is of importance in many engineering
applications. These include: energy transfer in rooms and
buildings, nuclear reactor cooling, solar collectors, and elec-
tronic equipment cooling. A number of studies, both experi-
mental and numerical, are available on natural convection in
partitioned enclosures. Nansteel and Greif (1981, 1984) have
reported experimental studies of natural convection in a water-
filled enclosure of aspect ratio of 0.5 with both two-dimen-
sional and three-dimensional partitions. The Rayleigh numbers
considered in these studies are in the range 10'°-10"!, Boardman
et al. (1989) and Neymark et al. (1989) have reported exper-
iments for natural convection in a partitioned cubic enclosure
with a doorway-like opening. In these studies, the effect of
opening height and width on the heat transfer rate has been
presented. These experiments are directed toward heat transfer
in buildings; consequently, the Rayleigh numbers considered
are greater than 10", Bajorek and Lloyd (1982) have reported
a series of experiments in an air-filled two-dimensional enclo-
sure with two partial dividers attached to the top and bottom
walls of the enclosure (i.e., a central opening). Rayleigh num-
bers ranging from 10° to 10° were studied. Subsequently, Bilski
et al. (1986) obtained velocity data for the same configuration.
In addition to these experimental investigations, several nu-
merical studies have also been reported on natural convection
in partitioned enclosures. These studies have been restricted
to laminar flows in two-dimensional configurations. Chang et
al. (1982) and Zimmerman and Acharya (1985) have presented
numerical results for the geometry of Bajorek and Lloyd (1982).
Jetli et al. (1986) have studied the effect of partition position
on heat transfer. Kelkar and Patankar (1990) have reported
numerical results for two partition arrangements; one of these
is similar to that of Bajorek and Lloyd (1982), while in the
other, the partition is located vertically at the center of the
enclosure.

The purpose of this paper is to present a numerical study
of laminar natural convection in a partitioned cubic enclosure.
The configuration considered is shown in Fig. 1. The enclosure
is divided into two zones by a vertical partition, which is ori-
ented parallel to and located midway between the sidewalls.
The two zones of the enclosure are connected by a single
rectangular opening as shown in Fig. 1. The heat transfer
process in this configuration is dependent on the thermal
boundary conditions and the geometric configuration, e.g.,
the opening height and width. In the present investigation,
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results have been obtained for a range of Rayleigh numbers
and geometric parameters. Detailed local and overall results
are presented over the range of the parameters considered.
Computations have also been made for the corresponding two-
dimensional configurations. A comparison of the results for
two- and three-dimensional enclosures provides an insight into
the effect of three dimensionality on the heat transfer and flow
characteristics.

Mathematical Formulation

The governing equations are solved for only one-half of the
cubic enclosure since the flow is symmetric about z=B/2. The
vertical sidewalls at x=0 and x= L are maintained at temper-
atures T, and T, respectively. The horizontal walls and the
endwalls are considered to be adiabatic. The partition is also
regarded as adiabatic. The flow is considered to be steady and
laminar, and the fluid properties as uniform except for density.
The variation of density with temperature is calculated using
the Boussinesq approximation and considered only in the buoy-
ancy term in the momentum equation. The governing equations
are nondimensionalized by using the following definitions of
nondimensional variables:
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Fig. 1 The geometry considered
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The resulting governing equations are as follows. with U= V=W =0 on the partition surface, and
Continuity 06
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X Y 9z
x Momentum Computational Details
U U oU aP 3 The governing equations were solved using the finite-volume
UsxtVar ™ Waz= ax+t VUV ©)  method described in detail by Patankar (1980). The coupling
between the velocity and pressure fields was handled by the
y Momentum SIMPLER algorithm. All computations were performed on a
oV av v P 5., Ra 44 x42 %22 (x, y, z) nonuniform grid. The grid for two-di-
Uﬁ*‘ Yoyt ngz “3y TV V+'f>; o ) mensional problems was identical to that in the x-y plane of
a three-dimensional configuration. A fine grid was employed
z Momentum near the solid surfaces. This final grid was decided on the basis
ow ow ow oP of a series of exploratory calculations on grids of varying
UtV oy ™" o= "3+ viw () fineness. .
Extensive tests were performed to establish the adequacy of
Energy the chosen grid. First, results were obtained for natural con-
o0 a0 o 1 _, vection in a two-dimensional square cavity. The predicted av-
U 5}'* 4 5,‘* w 372 Pr 6 (6)  erage Nusselt numbers were within 0.05 percent of the reference
values given by de Vahl Davis (1983). Next, computations were
where performed for several two-dimensional partitioned enclosures,
eB(T,—T)H® Coh and the results were compared with available numerical so-
Ra:“T“" Pr =k (7 lutions and experimental data. The results from the present
. study were in good agreement with other numerical solutions.
The boundary conditions are as follows: Figure 2 shows a typical comparison of the present numerical
On all bounding walls: solution at Ra=1.1x 10° with experimental data of Bilski et
al. (1986) for a partitioned cavity with a central opening. The
U=V=w=0 8a) agreement between calculation and experiment is good. The
80, Y, 2)=0.5 (8b) differences are attributed to the use of the Boussinesq ap-
Nomenclature
T, = temperature of the hot
A, = aspect ratio, Eq. (1d) for nonpartitioned two- wall
A, = aspect ratio, Eq. (1d) - dimensional enclosure U = dimensionless velocity in x
B = enclosure width, Fig. 1 Nuyp = average Nusselt number direction, Eq. (1b)
b = width of opening in the for partitioned cubic en- u = dimensional velocity in x
partition, Fig. 1 _ closure direction
b* = nondimensional width of Nuypo = average Nusselt number V = dimensionless velocity in y
opening, Eq. (1e) for nonpartitioned cubic direction, Eq. (1b)
¢, = specific heat enclosure v = dimensional velocity in y
g = acceleration due to gravity P = nondimensional pressure, direction
H = enclosure height, Fig. 1 Eq. (1¢) W = dimensionless velocity in z
h = height of opening in parti- p = pressure direction, Eq. (1b)
tion, Fig. 1 Pr = Prandtl number, Eq. (7) w = dimensional velocity in z
h* = nondimensional height of Q = total heat transfer across direction
opening, Eq. (le) the enclosure X, Y, Z = dimensionless Cartesian
k = thermal conductivity of g = local heat transfer rate coordinates, Eq. (1a)
the fluid Ra = Rayleigh number, Eq. (7) x,y, z = Cartesian coordinates
L = enclosure length, Fig. 1 T = temperature . = coefficient of thermal ex-
Nu = local Nusselt number, Eq. t = thickness of the partition pansion
. (10) wall, Fig. 1 # = nondimensional tempera-
Nu = average Nusselt number, t* = nondimensional thickness ture, Eq. (I1¢)
. Eq. (11) of partition, Eq. (1e) p = fluid viscosity
Nu,p = average Nusselt number T, = reference temperature = v = kinematic viscosity
for two-dimensional enclo- (Tp+T.)/2 p = fluid density
. sure T. = temperature of the cold : oo = fluid density at reference
Nuypo = average Nusselt number wall temperature
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Fig. 2 Comparisan of predicted velocity profile at Ra= 1.1 x 10° with
the experimental data of Biiski et al. (1986)

proximation and the assumption of constant fluid properties
in the calculations. The computer program was also used to
solve the natural convection problem in a differentially heated
cubic cavity. The results are in good agreement with other
numerical solutions. For example, the average Nusselt number
at Ra=10°% is within 1 percent of the value reported by Le
Peutrec and Lauriat (1990), who employed the vorticity-vector
potential formulation for the Navier-Stokes equations. For
the present problem, initial computational experiments on finer
grids and grids of different nonuniformity indicated that the
average Nusselt numbers are accurate to within 2 percent.

The iterative solution procedure was terminated when the
sum of the absolute values of the residuals over all the grid
points, normalized by suitable reference quantities, for each
equation fell below 0.01 percent. At this stage, the average
Nusselt numbers on the hot and cold sidewalls differed by less
than 0.1 percent,

Solutions were obtained for a cubic enclosure, i.e.,
A,=A,;=1. The thickness of the partition #* was kept fixed
at 0.1. The width of the opening b* was maintained constant
at 0.2 and the height of the opening #* was varied from 0.25
to 0.75. (Incidentally, the value of b* was erroneously quoted
as 0.25 in the earlier version of this paper (Karki et al., 1991).)

Results and Discussion

In the Present investigation, the Rayleigh number was varied
from 10° to 10”. The Prandtl number was fixed at 0.7 (cor-
responding to air).

From the wealth of information generated by the numerical
solution, only a selection can be presented here. The results
to be presented include, in addition to the overall heat transfer
results, some local details of the flow and temperature fields,
which give insight into the interacting physical processes. Com-
putations have also been made for partitioned two-dimensional
enclosures. A comparison of the results for three-dimensional
configurations with those for the corresponding two-dimen-
sional geometries will provide an indication of the three-di-
mensional nature of the flow.

Velocity Field. The main features of the flow field will be
described, via velocity vectors, with reference to the case
Ra=10% and #*=0.5. To avoid crowding and overlapping,
vectors at all grid points have not been shown; instead, they
are plotted at 15 points in the x direction, 14 points in the y
direction, and 10 points in the z direction. Figure 3 shows the
velocity vectors in four x-y (Z = const) planes for this particular
flow. In the plane Z =0.093, which is close to the endwall, the
fluid motion is limited to the narrow regions adjacent to the
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Fig. 3 Flow patterns in x-y planes, Ra=10% h*=0.5

hot and cold sidewalls. In general, the fluid velocities near the
cold wall are larger than those near the hot wall. The bulk
fluid motion is inhibited by the presence of the endwall and
the partition. The flow pattern at Z=0.093 is typical of the
flow patterns in the x~y planes that include the complete par-
tition. The flow becomes more intense as the opening is ap-
proached. This is seen from the velocity vectors in the plane
Z=0.307. The location Z=0.41 is just after the beginning of
the opening in the partition. The velocities in the upper left
quadrant are relatively small. It is worth noting that there is
no discernible flow recirculation in this quadrant. At this Ray-
leigh number, there are two sources for the hot fluid in the
opening: the downward flow along the partition and the hor-
izontal flow originating due to flow separation at the hot wall.
The horizontal flow accelerates as it moves through the opening
and exits as a jet at an angle. The hot fluid also creeps upward
along the cold side of the partition. As expected, there is a
downflow along the cold wall of the enclosure. Along the
bottom horizontal wall, the fluid moves toward the hot wall.
The velocity vectors in the symmetry plane (Z=0.5) show a
well-defined fluid jet exiting from the opening and impinging
on the top wall of the enclosure. The fluid velocities in this
plane are significantly larger than the velocities in other x-y
planes. It is interesting to note that the velocities in the cold
zone are larger than those in the hot zone.

A comparison of the flow patterns in the four x-y planes
discussed above clearly indicates the presence of strong three-
dimensional effects. The three-dimensional nature of the flow
becomes more evident by examining the flow patterns in the
y-z (X'=const) planes. The velocity vectors in four represent-
ative planes are shown in Fig. 4. The fluid in the plane X' = 0.08
i$ rising due the presence of the hot sidewall in its vicinity.
The velocities in the region Y>0.5 are relatively small. The
velocity vector distribution at X'=0.413 depicts a typical flow
pattern in a y-z plane near the partition in the hot zone. Now
the presence of the opening in the partition causes the fluid
to move toward the symmetry plane (Z=0.5). Also note that
in this plane, the fluid is falling near the Z =0 endwall, whereas
in the y-z planes close to the hot sidewall, the fluid rises near
this endwall. On the y-z planes near the partition in the cold
zone (e.g., X=0.587), there is a distinct vortex structure in
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Fig. 4 Flow patterns in y-z planes, Ra=10%, h*=0.5

the upper half. This vortex is caused by the high-velocity jet
that leaves the opening at an angle, and it becomes stronger
and more distinct in the y-z planes away from the partition.
However, near the cold sidewall, the fluid has a global tendency
to flow downward. This is seen from the velocity vectors in
the y-z plane X=0.92. Even in this plane, the residual effect
of the vortex is evident in the upper right corner. Subsequently,
the vortex structure is completely destroyed by the strong
downflow near the cold sidewall. This downflow is much
stronger than the upflow near the hot sidewall.

Figure 5 shows the velocity vectors in the symmetry plane
(Z=0.5), at different values of Ra, for the configuration with
h*=0.5. This figure along with the appropriate plot in Fig. 3
shows the influence of the Rayleigh number on the flow field.
It should be noted that the velocity scale for each Rayleigh
number is based on the corresponding maximum resultant
velocity. Consequently, the magnitude of the velocity repre-
sented by a vector of a given length increases with the Rayleigh
number. These flow patterns differ primarily in three respects:
the extent to which the hot fluid penetrates into the low-velocity
region in the upper left quadrant, the manner in which the
fluid exits from the opening into the cold zone, and the nature
of the flow near the opening.

The extent of the low-velocity region to the left of the par-
tition increases with the Rayleigh number. There is a tendency
for the boundary layer to separate from the hot wall at higher
Rayleigh numbers. The location at which the boundary layer
begins to separate from the wall is independent of the Rayleigh
number. At lower Rayleigh numbers, the hot fluid negotiates
the partition wall smoothly, turning nearly 180 deg. However,
at Rayleigh numbers of 10° and above, the fluid exits from
the opening as a jet at an angle. The inclination of the fluid
jet from the vertical direction increases as the Rayleigh number
increases. This flow behavior can be attributed to the increased
inertial forces caused by the stronger buoyancy effects at high
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Fig. 5 Effect of the Rayleigh number on the flow field for h* =0.5

Rayleigh numbers. Further, at Ra= 10, the flow pattern ex-
hibits two eddies, one on either side of the partition. As the

Rayleigh number increases, the structure of these eddies be-

comes less well defined.

Figure 6 shows the flow fields at Ra=10° for two opening
heights. The symmetry plane (Z=0.5) has been selected to
show these results because major differences in the flow be-
havior occur in the region close to the opening. This figure,
supplemented by the appropriate plot in Fig. 3, presents the
influence of the opening height on the flow field. The region
to the left of the partition is inactive at all opening heights.
The boundary layer on the hot wall begins to separate at a
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Fig. 6 Effect of the opening height on the flow field at Ra =10°

location that roughly corresponds to the beginning of the open-
ing. A major influence of the opening height is on the behavior
of the fluid after it enters the cold zone. For small openings,
the flow negotiates the partition wall smoothly. As the opening
height is increased, the hot fluid cannot turn around the par-
tition wall and. exits as a jet, which impinges on the top wall
and the cold sidewall. This flow behavior is a consequence of
the increased throughflow that results from a decrease in the
flow resistance, as the opening is made larger at a fixed Ray-
leigh number. The inclination of the hot-fluid jet with reference
to the vertical axis increases with an increase in the opening
height. These trends are similar to those noticed when the
Rayleigh number is increased at a given opening height.

At this point, it is interesting to compare the flow pattern
in the x-y symmetry plane (Z=0.5) of the three-dimensional
enclosure with the flow pattern in the corresponding two-di-
mensional enclosure. The velocity vectors at Ra=10° for the
two-dimensional enclosure with A* =0.5 are shown in Fig, 7.
The two flow patterns are markedly different. In the two-
dimensional situation, the fluid near the hot wall penetrates
deeper into the upper left quadrant leading to a smaller inactive
zone. Also, there is a significant difference in the manner in
which the fluid exits from the opening. In the three-dimensional
case, the fluid enters the cold region as a jet at an angle that
hits the top wall; in the two-dimensional case, the hot fluid is
able to flow around the partition wall and it then rises along
the cold side of the partition.

414 ] Vol. 114, MAY 1992

NN s
AN NN
A A O/
/.,.,.f/,\\
7”‘..1//.H

e -

. |
\bv’d)\lt;ll

PO N N

/

— e e e, I ITa

\
I Lo
y

Fig.7 Flow field at Ra = 10° for two-dimensional enclosure with h* = 0.5

Z=0500

Isotherms in x-y planes, Ra=10% h*=0.5

Fig. 8

Temperature Field. The temperature distribution in the
enclosure is presented via isotherms in selected x-y planes. The
isotherms are displayed with increments of 0.05 in the non-
dimensional temperature. Again, the general characteristics
will be discussed for the specific case of Ra=10° and A* =0.5.

Figure 8 shows the isotherms on four x-y planes. The tem-
perature distribution conforms to the velocity field discussed
earlier. In general, the temperature gradients are large near
the base of the hot wall and near the top of the cold wall. This
indicates that heat transfer through these parts of the walls is
greater. In the hot zone, the isotherms are nearly horizontal,
approximating the temperature distribution in a stably strat-
ified fluid. The fluid in the upper left quadrant is nearly at
the temperature of the hot wall. This trapped hot fluid inhibits
heat transfer from the upper half of the hot wall. In the x-y
planes that include the full partition, the fluid near the partition
in the cold zone is also stably stratified. The temperature dis-
tributions in other x-y planes that include the full partition
are very similar to that shown for Z=0.093. The only major
difference is that the extent of the inactive region in the upper

Transactions of the ASME

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Ra = 104

Ra = 10°

Ra = 107

Fig.8 Effect of the Rayleigh number on the temperature field for h* =0.5

left quadrant increases slightly, as can be seen from the tem-
perature distribution on the Z=0.307 plane. The effect of the
opening on the temperature distribution is depicted in the x-
¥y plane Z=0.410. As described earlier, for the particular case
considered, the hot fluid exits from the hot zone as a jet at an
angle. This hot-fluid jet disrupts the stable stratification in the
cold zone. The jet impingement results in large temperature
gradients near the top of the cold sidewall, as is evidenced by
the clustering of isotherms in that region. The effect of the
hot-fluid jet becomes more prominent on the planes closer to
the symmetry plane (Z=0.5). The thickness of the thermal
boundary layer on the lower region of the hot sidewall decreases
for increasing values of Z. Also note that on the symmetry
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Fig. 10 Effect of the opening height on the temperature field at Re = 10°

plane, there is no indication of thermal stratification in the
cold zone.

Figure 9 shows the isotherms on the symmetry plane for
different Rayleigh numbers for a fixed opening height. This
figure, along with the plot corresponding to Z=0.5 in Fig. 8,
shows the effect of the Rayleigh number on the temperature
distribution. At Ra=10% there is no indication of thermal
stratification in either zone of the enclosure. At such a low
Rayleigh number, the boundary layers on the hot and cold
sidewalls are thick, and the temperature gradients across the
opening are large. As the Rayleigh number is increased, the
boundary layers on the heat transfer surfaces become pro-
gressively thinner and the temperature gradients across the
opening become less steep. This trend is expected, since now
most of the temperature drop across the enclosure takes place
in the boundary layers on the sidewalls, and there is less tem-
perature drop across the opening. At high Rayleigh numbers,
there is a tendency for stable thermal stratification in the hot
zone and there is a distinct region in the upper left quadrant,
where the fluid temperature is nearly the same as the hot wall
temperature. The influence of the hot-fluid jet becomes more
pronounced as the Rayleigh number is increased. At Ra= 10,
the isotherms in the lower half of the cold region are nearly
horizontal, indicating stable thermal stratification in that re-
gion also.

Figure 10 is intended to show the influence of the opening
height on the temperature distribution. This figure, supple-

MAY 1992, Vol. 114 | 415

Downloaded 13 Dec 2010 to 193.140.21.150. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



»

Fig. 11 Isotherms at Ra=10° for two-dimensional enclosure with
h*=0.5

=

i litte ——

& [ ] ==

= =

T N == Q

] =

z

Fig. 12 Effect of the Rayleigh number on the local Nusselt number on
the side walls: hot wall (left), cold wall (right)

mented by the appropriate isotherm plot in Fig. 8, indicates
that as the opening height is increased, the thermal boundary
layers on the heated and cooled sidewalls become thinner, and
the temperature gradients across the opening become less steep.
For larger opening heights (h*=0.5, 0.75), the temperature
distribution exhibits jetlike characteristics as it enters the cold
zone. It is observed that, while the fluid in the hot zone is
stably stratified at all opening heights, stable stratification in
the cold zone occurs only at larger opening heights.

Figure 11 shows the temperature distribution at Ra = 10° for
a two-dimensional configuration with #* =0.5. The isotherm
pattern for the two-dimensional configuration is very different
from that on the symmetry plane of the three-dimensional
configuration. The extent of the inactive region in the upper
left quadrant is much smaller in the two-dimensional enclosure.
The thermal boundary layer near the top of the cold wall is
much thinner in the three-dimensional configuration, due to
the hot-fluid jet impinging on the cold wall. There is no such
jet in the two-dimensional enclosure. Further, the temperature
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Nijpax = 22,6

gradients across the opening are much smaller in the two-
dimensional case. This is the result of smaller flow resistance
associated with the larger opening area in the two-dimensional
enclosure.

Local Heat Transfer Results. In this section, local heat
transfer results along the hot and cold sidewalls are presented.
These results are presented in terms of a local Nusselt number,
defined as

_aH
KTy—T0)

where ¢ is the local heat flux.

Figure 12 presents the contours of constant local Nusselt
number on the hot and cold sidewalls at different Rayleigh
numbers for the configuration with A* =0.5. In these plots,
Nup,, is the maximum value of the Nusselt number.

In conformity with the temperature distribution discussed
earlier, the heat transfer rates are high on the lower part of
the hot wall and on the top part of the cold wall. The location
of maximum heat transfer on both walls is close to the sym-
metry plane (Z=0.5). On the hot wall, the region Y>#A* is
nearly inactive in the heat transfer process. The locally large
heat transfer rates in the top region of the cold wall result due
to the impingement of the hot-fluid jet on the cold wall.

Figure 13 shows the influence of the opening height on the
local Nusselt number distribution. The opening height pri-
marily affects the local heat transfer distribution on the cold
wall; locally large heat transfer rates are encountered as the
opening height is increased. As explained earlier, these heat

Nu (10)
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Table 1 Average Nusselt numbers for h* =0.5
Ra 10 10 10° 107
Nuyp 0.33 1.50 5.00 11.65
Nuyp g 1.83 4.36 876 -
Nu,p 0.97 3.32 7.04 13.68
Nu,p 224 4.52 8.80 -
Table 2 Average Nusselt numbers at Ra=10°
h" 0.25 0.50 0.75
Nu,p, 1.68 5.0 7.32

transfer rates depend on whether the hot fluid leaving the hot
zone is able to negotiate the partition wall or exits as a jet that
impinges on the cold sidewall.

Overall Heat Transfer Results. In this section, overall heat
transfer results are presented in terms of an average Nusselt
number, which is defined as

_ 0 H S 30
T — e — — Y
Ne=wa -1y w) \ax Xzod dz

It should be noted that for the thermal boundary conditions
employed in this analysis, the integrated heat transfer rate is
independent of the position x.

The average Nusselt numbers at different Rayleigh numbers
for the configuration with A*=0.5 are presented in Table 1.
For reference, the average Nusselt numbers for the cubic cavity,
and partitioned and nonpartitioned two-dimensional cavities
are also included.

The heat transfer rate increases with an increase in the Ray-
leigh number. This increase is the direct result of larger
throughflow at higher Rayleigh numbers. A comparison of the
average Nusselt numbers for two-dimensional and three-di-
mensional partitioned enclosures indicates that the three-di-
mensional effects are more prominent at lower Rayleigh
numbers. In terms of a relative difference, defined as
(Nu,p — Nuszp)/Nu,p, for this particular configuration, the ap-
proximation of two dimensionality leads to an overprediction
of average Nusselt number by about 66 percent at Ra= 10*,
However, at Ra= 10’ this difference reduces to about 15 per-
cent. Here it is of interest to note that the relative difference
between the average Nusselt numbers for a cubic cavity (three-
dimensional) and that for a square cavity (two-dimensional)
is less than 5 percent for Rayleigh numbers larger than 10°.
The heat transfer results also indicate that the reduction in the
cross-cavity heat transfer due to the presence of partitions is
much more significant in three-dimensional configurations. Of
course, a three-dimensional enclosure will approach the two-
dimensional limit as the aspect ratio (B/H) and the width of
the opening are increased.

The average Nusselt numbers, at Ra=10°% for the three
opening heights considered are given in Table 2. As expected,

(11)
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the total heat transfer increases with an increase in the opening
height.

Concluding Remarks

Natural convection in a cubic enclosure with a vertical par-
tition has been studied. Results have been presented for a range
of the values of the Rayleigh number and the opening height.
Both these parameters have a significant effect of the fluid
flow and heat transfer -characteristics in the enclosure. The
three-dimensional effects are significant for the Rayleigh num-
bers considered in this study. The heat transfer rate increases
with increasing Rayleigh number and opening height. The av-
erage Nusselt numbers for three-dimensional enclosures are 15
to 66 percent smaller than those for two-dimensional enclosures
with the same relative opening height.
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A numerical investigation is made to evaluate the perturbing effect of forced con-
vection due to axial rotation of the inner cylinder on natural convection heat transfer

of cold water with density inversion effects in a vertical cylindrical annulus. The
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mixed convection heat and fluid flow structures in the annulus are found to be
strongly affected by the density inversion effects. The centrifugally forced convection
can result in significant enhancement of the buoyant convection heat transfer of

cold water with the density inversion parameter being equal to 0.4 or 0.5; thus the
slow axial rotation of the inner cylinder can be a viable means for heat transfer
augmentation of cold water natural convection in a vertical annulus.

Introduction

Thermally driven convection of cold water is well known to
be characterized with the existence of a nonlinear density tem-
perature relationship having a density maximum at about 4°C
at atmospheric pressure. This density inversion phenomenon
commonly results in a rather peculiar convection behavior from
that observed for ordinary fluids, which follow a linear density
temperature relationship. Natural convection of cold water in
enclosures has been studied considerably for various funda-
mental geometries. Some of the representative studies of this
aspect are those of Seki et al. (1975); Vasseur et al. (1983);
Inaba and Fukuda (1984); Lin and Nansteel (1987a, 1987b);
Ho and Lin (1988, 1990). It has been established from these
works that a2 minimum heat transfer rate arises under the in-
fluence of the density inversion at which a bicellular flow
structure of approximately equal strength and size prevails
across the enclosure.

From a standpoint of heat transfer engineering, feasible
treatment to circumvent the aforementioned inherently mini-
mum heat transfer characteristics of cold water may be quite
desirable. To this purpose, consideration is given in the present
study to the possible modification in the fluid flow structures
and heat transfer characteristics of natural convection of cold
water enclosed in a vertical cylindrical annulus by imposing
an axial rotation of constant speed Q on the inner cylinder, as
depicted schematically in Fig. 1. It follows that a buoyant
rotating (mixed) convection flow arises in a vertical annulus.
The problem of mixed convection heat transfer in such a phys-
ical configuration has recently received considerable attention
due to its relevance to a wide range of engineering applications
as well as natural occurrences, such as cooling of rotating
machinery, rotating heat exchangers, chemical vapor deposi-
tion processes, atmospheric circulation, and so on. Few works
have been reported concerning mixed convection heat transfer
within a rotating vertical annulus. de Vahl Davis et al. (1984)
and Hessami et al. (1987) studied numerically the laminar
mixed convection for air contained in a vertical annulus with
the inner cylinder and one of the horizontal endwalls rotating
about the vertical axis in order to simulate the heat transfer
behavior of a small air-cooled, electric motor. Ball and Farouk
(1987) conducted a numerical simulation of the buoyant ro-
tating convection for air contained in a vertical annulus with
emphasis on the interaction of buoyancy and centrifugal forces.
Recently, Ball et al. (1989) supplemented this work with an
experimental study and made a qualitative description of the
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transition from a buoyancy-dominated flow regime to one
dominated by rotation. With increasing rotation a greater in-
crease of the heat transfer rate could be obtained in an annulus
of narrow gap.

There have been extensive works concerning the classical
problem of hydrodynamic stability of isothermal-flow in an
annulus between rotating vertical cylinders (Taylor vortex
flow). Comprehensive reviews of the literature on various as-
pects of this flow problem are available in the papers of DiPrima
and Swinney (1985) and Anson et al. (1989). The effects of
buoyancy induced by the radial temperature gradient on the
stability of the Couette flow are the subjects of renewed interest
to research workers. A numerical study dealing with the buoy-
ancy effects on bifurcation phenomenon in annuli of small-
to-moderate aspect ratio was presented by Ball and Farouk
(1988). Moreover, Ball and Farouk (1989) performed a flow
visualization study of buoyancy-induced instability on the de-
velopment and structure of Taylor vortices in a wide-gap ver-
tical annulus of moderate aspect ratio.

To the authors’ best knowledge, there is no other study
concerning the mixed convection heat transfer of cold water
enclosed in a vertical annulus with a rotating inner cylinder.
The present study will therefore focus attention on the per-
turbing effect of slow rotation of the inner cylinder on the
buoyancy convection of cold water, considering the density
inversion effect via a numerical simulation,
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Fig. 1 Schematic view of the physical configuration
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Problem Statement and Formulation

The vertical annular enclosure as shown in Fig. 1 is formed
by two concentric cylinders and two horizontal endwalls. The
inner cylinder of radius r; has an axial rotation of constant
speed Q and is isothermally heated at a fixed temperature 7;.
Meanwhile, the outer cylinder of radius r, is the cold wall of
the annulus at an isothermal surface temperature 7, ( < 7;) and
the horizontal endwalls are assumed adiabatic. Moreover, the
outer cylinder and the horizontal endwalls are stationary.

The flow of cold water inside the cylindrical annulus is
assumed axisymmetric, steady, and laminar. According to the
experimental observations of Snyder and Karlson (1964), Karl-
son and Snyder (1965), and Snyder (1965), the flow configu-
ration under consideration remains axisymmetric when the
magnitude of the radial temperature gradient across the an-
nular gap is less than 5°C/cm. Here the temperature gradient
considered is restricted to be of the order of 1°C/cm across a
5-cm annular gap. The thermophysical properties of water,
except density, are temperature independent, adhering to the
Boussinesq approximation. The Boussinesq approximation
holds for slow rotating flow with small centrifugal acceleration
(Ball and Farouk, 1987). In the present study the rotation speed
of the inner cylinder considered is of the order of one revolution
per minute. Viscous dissipation is negligible. Moreover, the
body forces considered here include those due to the gravi-
tational, centrifugal, and Coriolis accelerations. In terms of
the vorticity, stream function, swirl velocity, and temperature,
the flow field and temperature distribution of cold water within
the annulus are governed by the following dimensionless partial
differential equations:

- 1w

u=-—: . (5a)
1w

W= (5b)
ou dw

f—a—z—g (50)

8" =10-0,I (5d)

The nonlinear density-temperature relationship of cold water
was based on the correlation proposed by Gebhart and Mol-
lendorf (1974) given as:

o(T)=pn(1 —rspI T~Tp") ()
where p,,, =999.9720 kg/m?, T, =4.29325°C, a = 1.894816, and
rsp=9.297173x 10~%°C)~*
The dimensionless boundary conditions for the problem un-
der consideration are:

z=00r A, u=w=I'=y=0, @zo (7a)
dz
r= u=w=y=0, T=—— =1 (b
TRR-1U YTVEVER TTwrTp T )
RR
r_RR—l’ u=w=y¢y=I=0=0 (7o)

Numerical Method

aue) d(w) GrFr T 00* L o 2 8T .".l“he governing equatioqs, together v_vit.h tl}e boundary con-
o + % RE P r ¥+ 20 Py R = ditions, were solved numerically by the finite difference method.
A pseudotransient formulation approach (Peyret and Taylor,
Gr 80* 1 [0* 10¢ ¢ ¢ 1983) was employed to obtain the solution to the steady-state
TRE o rRe \artrar AT a7 (1) equations. The partial differential equations were discretized
using the central difference formulae for the spatial derivatives,
13(rul) d(wl') GrFr uf*I' except the convective terms, and a forward difference formula
r or + oz “Re 7 for the pseudo-time derivatives. For the convective terms, the
) 2 second upwind scheme (Roache, 1976) was used. Moreover,
+_1- 6_1‘_1 £+£ 2 the boundary conditions for the vorticity were derived using
Re\dar* ror a7 the Thom formula (Roache, 1976). The resulting finite dif-
8 [1ay 1% ferenc; equations were thex} solved by the ADI scheme until
r\r 5) +; Friie ¢ (3) arelative convergence criterion (10~°) was met for all the field
variables of the problem. Furthermore, the steady-state so-
aud) 3 (wh) 1 3% 100 9% lutio_ns were checked with an energy balance across the annulus
P + 92 _ReP 5;2—+— a—+£2- (4) to within at least 2 percen't. _ _
r Z ebr ror In the present study various uniform meshes that subdivide
where the r and z directions into 41-65 by 41-81 grid points were
Nomenclature
a = exponent of density equation Ra = Rayleigh number =PrGr # = dimensionless temperature
A = aspect ratio =H/L . Re = rotational Reynolds number =(T-T,)/(T;—=T,)
Fr = Froude number =LQ%/g =LO%y 0, = density inversion parameter
g = gravitational acceleration r; = radius of inner cylinder = (Tpy~To)/(T;—T,)
Gr = Grashof number r, = radius of outer cylinder v = kinematic viscosity
=g(rsp) | T;— T,1°L/ (%) RR = radius ratio =r,/r; o = density
h = heat transfer coefficient rsp = coefficient of density equation v* = stream function
H = height of the annulus T = temperature ' Y = dimensionless stream function
k = thermal conductivity u = radial velocity component =y*/(LQ)
k., = equivalent thermal conductiv- v = angular velocity component Q = rotational speed of inner cyl-
ity =Nu-In(RR)/(RR-1) w = axial velocity component inder
L = annulus gap = (r,—r;) z* = axial coordinate .
Nu = Nusselt number z = dimensionless axial coordinate ~ Subscripts
Pr = Prandtl number =z"/L b = pure natural convection
r* = radial coordinate o = thermal diffusivity i = inner cylinder
r = dimensionless radial coordi- T' = swirl velocity =rv - m = extreme temperature
nate =r*/L ¢ = dimensionless vorticity o = outer cylinder
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Fig. 2 Relation of average Nusselt number of pure natural convection
of cold water versus the density inversion parameter in a unit-aspect-
ratio annulus
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Fig. 3 Influence of Re on streamlines and isotherms at Ra=10" and

A=1

employed, depending on either the aspect ratio or the Rayleigh
number. The selected meshes were a compromise between the
computational cost and the resolution of the details of the heat
and fluid flow fields through a series of grid size tests. For
instance, for RR=2, A=1, §,,=0.4, Re=100, and Ra= 105,
the differences in the average heat transfer rate and the max-
imum stream function are less than 1 percent between the
65x 51 and 81 X 65 grids. The calculations were performed on
a workstation (Silicon Graphics Personal Iris 4D/20) and re-
quired less than 1000 CPU seconds for a typical case. Fur-
thermore, validation studies were performed by generating
solutions for both the pure natural convection of cold water
and the buoyant rotating convection of air in a vertical annulus,
and comparing, respectively, with the published results (Lin
and Nansteel, 1987b; Ball and Farouk, 1987; Ball et al., 1989).
Temperature distribution, flow patterns, and heat transfer re-
sults of the present calculations were found to be in good
agreement with their results as exemplified in Fig. 2 for the
results of the average Nusselt number of the pure natural
convection of cold water, Nu,, and in Table 1 for the average
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Table 1 Average heat transfer results of the buoyant rotating convec-
tion of air in a vertical annulus of A=10 with Re =100 and RR=2

Gr Nu ke g

0 2.127 1.477(1.473)**
102 2.048 1.420(1.370)*
500 1.828 1.267(1.324)*
103 1.749 1.212(1.258)*
104 2.095 1.452

* From Ball and Farouk(1987)

** From the empirical correlation in Ball et al.(1989)
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Fig. 4 Influence of Re on streamlines and isotherms at Ra= 10° and

A=1

equivalent conductivity of the buoyant rotating convection of
air, ke,.

Results and Discussion

From the foregoing mathematical formulation, it can be seen
that the flow field and temperature distribution for the problem
under consideration are governed by the following parameters:
the rotational Reynolds number Re, the Rayleigh number Ra,
the Froude number Fr, the density inversion parameter 6,,, the
aspect ratio A, and the radius ratio RR. Similar to the findings
by de Vahl Davis et al. (1984) and Ball and Farouk (1987), the
numerical calculations in the present work also indicate that
the solutions of the problem considered here are insensitive to
the variation of Fr in the ranges of Re and Ra investigated.
This is expected from the fact that at low rotational speeds
considered in the present study, the centrifugal and Coriolis
components of the buoyancy force are much smaller than that
induced by the gravitational acceleration. Therefore, the nu-
merical results will be presented for Fr =0 with the following
values of the relevant parameters: Re=10, 50, 100, 200;
Ra=10%to 10% 6,,=0to 1; A=1to 8; and RR=2.

Flow Structure and Temperature Distribution. The flow
structures and temperature distributions of cold water inside
the vertical annulus will be presented by means of contour
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Fig. 5 Etfect of density inversion on flow structure and temperature
field at A=1 and Re =100
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Fig.6 Streamlines and isotherms at §,,,= 0.5 and Ra = 10°%, and Re =100
for various aspect ratios

maps of streamlines and isotherms, respectively. Moreover,
on the isotherm plots the temperature contour corresponding
to the density extreme, @, is traced by a dashed line, when it
exists. In all the following contour plots the rotating heated
inner cylinder is on the left; the two numbers within the pa-
rentheses beneath the streamline plots denote, respectively, the
maximum and minimum values of the stream function (mul-
tiplied by the Reynolds number in order to provide a better
indication of the flow strength).

Figures 3 and 4 illustrate the influence of forced convection
due to the rotating inner cylinder on the buoyant convection
flow structure and temperature field for fixed Rayleigh number
but varying Reynolds number in a unit-aspect-ratio annulus
with two different values of the density inversion parameter.
At Ra=10* it can be seen from Fig. 3 that with 6,,=0 as an
ordinary fluid, the clockwise circulation and the isotherm dis-
tribution at Re =10 resemble closely the pure natural convec-
tion, indicating a buoyancy-dominated flow regime. With
increasing Reynolds number, the resulting greater centrifugal
force not only induces a growing counterclockwise secondary
eddy (Taylor vortex) near the upper left corner of the annulus
but also strengthens the originally buoyancy-driven clockwise
circulation. As a result, a pattern of bicellular flow is formed
at Re= 100 for ,,=0, shown in Fig. 3(c). On the other hand,
in the presence of the density inversion effect, the buoyancy-
driven flow structures appear to be rather susceptible to the
influence of the centrifugal force, as can be seen in Fig. 3 for
8,,=0.4, The two counterrotating buoyant circulations due to
the density inversion effect of cold water are seen to be affected

Journal of Heat Transfer
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Fig. 7 Streamlines and isotherms at g, = 0.7, Ra = 10% and Re = 100 for
various aspect ratios

differently by the centrifugal force. At Re =150 the clockwise
circulation near the inner cylinder (inner circulation) is inten-
sified together with the growth of a counterclockwise secondary
vortex due to the centrifugal force near the upper corner of
the annulus, thereby suppressing the buoyancy-driven coun-
terclockwise circulation near the outer cylinder (outer circu-
lation). With Re increasing up to 100, it can be seen that the
outer buoyant circulation is diminished and a structure of
layered counterrotating vortices is detected, resembling the
Taylor vortex pair observed in isothermal flow configuration.
This is a clear indication of a centrifugally dominated flow
regime. Accordingly, the isotherm distribution in Fig. 3 for
6,,=0.4 is seen to change from the buoyancy-dominated pat-
tern to one dominated by the centrifugally forced convection.
Further, as is expected, the above effect of the centrifugally
forced convection is markedly diminished as the Rayleigh num-
ber is increased. This can be observed in Fig. 4 for Ra=10°,
by comparison with Fig. 3. Another important fact that can
be drawn from Figs. 3 and 4 is that the effect of the centrifugally
forced convection on the buoyancy-driven convection of cold
water in the annulus is a function of the density inversion
parameter as well.

The dependence of the combined buoyantly and centrifu-
gally driven flow and temperature fields of cold water on the
density inversion parameter is considered next in Fig. 5 (sup-
plemented with Figs. 3 and 4 for Re fixed at 100 with Ra=10"
and 10%). A scrutiny of the streamline patterns and isotherm
distributions for Ra=10* reveals an interesting influence of
the density inversion parameter. As the density inversion pa-
rameter is increased from 0 to 0.4, the heat and fluid flow
structures in the annulus are seen to change from a buoyancy-
dominated regime into one that is controlled by the centrif-
ugally forced convection. By further increasing the density
inversion parameter, as shown in Fig. 5, the forced convection
effect is seen to degrade progressively; and at 8,, = 1, buoyancy-
dominated convection heat and fluid flow structures are es-
sentially recovered but in an opposite sense of the ordinary
fluid as 6,,=0 displayed in Fig. 3. Moreover, the increase of
Rayleigh number tends to promote the foregoing density in-
version effect; a convective inversion phenomenon can be read-
ily detected at 6,,=0.7 for Ra= 10’ (Fig. 5).

Next, the flow structure and temperature distribution for
various values of the aspect ratio (4 =1) are exemplified in
Figs. 6 and 7, respectively, for 6,,=0.5 and 0.7 keeping Ra
and Re constant. In general, the increase of the aspect ratio
of the annulus results in eddy splitting of the flow structure.
In the tall annulus, as shown in Fig. 6 (4 = 4), the eddy-splitting
flow structure becomes increasingly pronounced, vielding a
staggered multicellular flow pattern at A=8. A closer exam-
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Fig. 8 Variation of local Nusselt number along the inner cylinder at
Ra = 10° for various Reynoids numbers

NU]
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Fig. 9 Varlation of local Nusselt number along the inner cylinder at
Ra = 10° for various aspect ratios

ination of the flow structure for 4 =8 indicates that the coun-
terclockwise circulations are relatively stronger, reflecting the
presence of the density inversion effect. The isotherms display
accordingly a wavy distribution. As for 6,,=0.7, Fig. 7, the
foregoing dominance of the split counterclockwise circulation
near the outer cylinder becomes more distinctive, where the
clockwise eddy is mainly confined to the lower end of the
annulus for A = 8. As a result, a natural-convection-dominated
heat transfer mechanism prevails across the tall annulus, as
witnessed by the isotherm pattern displayed in Fig. 7.

422 | Vol. 114, MAY 1992
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Fig. 10 Relation of average Nusselt humber versus the density inver-
sion parameter

Heat Transfer Results. Figure 8 presents the local heat
transfer coefficient on the inner cylinder of a unit-aspect-ratio
annulus by means of a local Nusselt number defined as

Nuj=""=— ®

An overview of the figure finds that the increase in Re causes
the variation of the heat transfer coefficient along the inner
cylinder to change from a somewhat monotonic (natural-con-
vection-dominated) trend into a rather sinusoidal behavior with
a minimum value occurring in the vicinity of midplane of the
annulus. This is another evidence for the transition from the
natural-convection-dominated regime into that dominated by
the centrifugally forced convection. In particular, one can no-
tice that the increase in the centrifugal force, namely Re, can
lead to a drastic increase in heat transfer rate for 6,,=0.5,
which apparently fulfills the main objective of the present study
to enhance the inherently lower buoyant convection heat trans-
fer of cold water due to the density inversion effect.

In Fig. 9 the variation of the local heat transfer rate, Nu,,
with the aspect ratio of the annulus is depicted for 6,,=0.5
and 0.7. In general the heat transfer coefficient distributions
simply reflect the wavy isotherm distributions shown in Figs.
6 and 7.

Next, the average heat transfer rate through the inner cyl-
inder of a unit-aspect-ratio annulus is presented in Fig. 10 in
terms of average Nusselt number versus the density inversion
parameter for three different values of the Reynolds number.
For Re=10, the average Nusselt number displays a humpy
variation with the density inversion parameter similar to that
commonly observed for the pure natural convection heat trans-
fer of cold water as displayed in Fig. 2, featuring a minimum
heat transfer rate at a certain value of the density inversion
parameter (Lin and Nansteel, 1987b; Ho and Lin, 1990). This
clearly reflects that natural convection still remains as the dom-
inant heat transfer mechanism in the annulus. With Re in-
creasing up to 100, a significant modification due to
centrifugally forced convection in the Nusselt number curves
can be readily discerned in Fig. 10 for Ra=<10°. Particularly
noteworthy is the drastic enhancement of heat transfer rate
for Ra= 10® and 10* the Nusselt number curves exhibit a local
maximum at a critical density inversion parameter around which
a minimum natural convection heat transfer occurs. At higher
Re=200 as shown in Fig. 10 the foregoing influence of the
centrifugal force on the cold water heat transfer characteristics
becomes further pronounced. This again demonstrates the vi-
ability of the heat transfer augmentation induced by the per-
turbing rotation of the inner cylinder in the aspect of coping
with the inherently minimum heat transfer characteristic of
natural convection of cold water enclosed in the annulus.
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Table 2 Values of NuiNu, for A=1 and RR=2

IVEIN_ub
Ra Re Re/Ra 9,=0 03 04 0.5 0.7 1.0
103 10 0.1 1.000 1.001 1.001 1.001 1.057 0.992
50 2.5 1.204 1.361 1.388 1.355 1.277 1.145
100 10.0 2.403 2.488 2.923 2.76%9 2.633 2.060
200 40.0 4303 4723 4786 4.782 4.602 4.193
104 10  0.01 0.994 0.989 1.006 0.999 1.004 0.990
50 0.25 1.059 1.179 1.252 1.178 1.071 1.005
100 1.00 1.443 1,534 2.434 2.238 1.523 1.400
200 4.00 2,210 3.182 4.026 3.903 2.693 2.154
105 10 0.001 0.960 1.016 1.015 1.001 1.000 1.057
50 0.025 0.968 1.011 0.994 1.081 0.993 0.995
100 0.1 1.000 1.041 1.328 1.326 1.201 1.009
200 0.4 1.192 1.644 2.067 2.049 1.450 1.229
106 10 0.0001 0.927 0.999 1.001 1.001 1.000 0.999
50 0.0025 0.927 1.007 1.007 1.022 0.999 0.998
100 0.01 0.939 1.014 1.028 1.099 1.007 1.001
200 0.04 0.871 1.038 1.074 1.243 1.033 0.944

Table 3 Constants of Eq. (9) for RR=2 and A=1
Om C n Ra Max. Correlation
Deviation(%) Coefficient
0.0 0.1727 0.3209 103-106 2.71 0.99982
0.3 0.1301 0.3065 104-106 0.16 0.99999
0.4 0.1097 0.2970 104-106 3.58 0.99894
0.5 0.0900 0.3223 104-106 1.00 0.99992
0.7 0.1457 0.3145 104-106 0.97 0.99992
1.0 0.1903 0.3117 103-106 0.70 0.99989

To quantify further the effect of the centrifugally forced
convection on the pure natural convection heat transfer of cold
water in the annulus, the heat transfer results of the mixed
convection are presented by means of a ratio of the average
Nusselt number to that for the pure natural convection, Nuy,
as tabulated in Table 2 for a unit-aspect-ratio annulus. In-
spection of the table reveals that the influence of the centrif-
ugally forced convection is a rather complicated function of
the Rayleigh number and the density inversion parameter. The
imposed axial rotation of the inner cylinder does not always
result in enhancement of the natural convection heat transfer
of cold water; that is, under certain combinations of Re, Ra,
and 6,,, the opposing effect of the centrifugal and the buoyancy
forces causes the ratio Nu/Nu, to be less than unity. In the
absence of the density inversion effect, 6,,=0, the table in-
dicates an aiding mixed convection heat transfer for the pa-
rameter Re?/Ra> 0.1; but under the influence of the density
inversion, 6,,>0, no such simple quantitative trend can be
observed. Nevertheless, it can be noticed from the table that
the greatest contribution of the forced convection in the heat
transfer enhancement over the buoyant convection occurs with
the density inversion parameter being 0.4 or 0.5. For instance,
with 6,, = 0.5 and Re =200, the enhancement can be more than
100 percent at Ra=10° and about 24 percent at Ra= 108.

Finally, by means of least-squares regression analysis, the
results of the average Nusselt number for the pure natural
convection of cold water in a unit-aspect-ratio annulus can be
well correlated in the form of ‘

Nu, = C(Ra)" ®

Journal of Heat Transfer

where C and n are presented in Table 3 for various density
inversion parameter. Little success was obtained in an attempt
to attain a correlation for the mixed convection heat transfer
results obtained in the present study.

Concluding Remarks

The perturbing influence of forced convection driven by the
axial rotation of the inner cylinder on the buoyancy-driven
convection of cold water enclosed in a vertical cylindrical an-
nulus is studied via a numerical simulation. Numerical results
obtained in the present study indicate that the mixed convection
of cold water due to the combined centrifugal and buoyancy
forces in a vertical annulus is rather complicated by the pres-
ence of the density inversion effect. The effect of the centrif-
ugally forced convection on the cold water natural convection
is therefore a function of the Rayleigh number as well as the
density inversion parameter. Under certain combinations of
the Reynolds number, the Rayleigh number, and the density
inversion parameter, opposing effects of the forced and buoy-
ant convection arise, resulting in a lower heat transfer rate
than that of the pure natural convection. On the other hand,
the heat transfer augmentation due to the aiding forced con-
vection appears to be most significant for the density inversion
parameter being 0.4 or 0.5, around which the minimum heat
transfer of cold water occurs for the pure natural convection
in the annulus. Therefore, the imposed slow rotation of the
inner cylinder can be a viable means to enhance the natural
convection heat transfer of cold water in a vertical annulus
with the density inversion effect.
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Nucleate Boiling Characteristics of
R-113 in @ Small Tube Bundle

Heat transfer measurements were made during nucleate boiling of R-113 from a
bundle of 15 electrically heated, smooth copper tubes arranged in an equilateral
triangular pitch. The bundle was designed to simulate a portion of a refrigeration
system flooded-tube evaporator. The outside diameter of the tubes was 15.9 mm,
and the tube pitch was 19.1 mm. Five of the tubes that were oriented in a vertical
array on the centerline of the bundle were each instrumented with six wall ther-
mocouples to obtain an average wall temperature and a resultant average heat transfer
coefficient. All tests were performed at atmospheric pressure. The majority of the
data were obtained with increasing heat flux to study the onset of nucleate boiling
and the influence of surface “‘history’’ upon boiling heat transfer. Data taken during
increasing heat flux showed that incipient boiling was dependent upon the number
of tubes in operation. The operation of lower tubes in the bundle decreased the
incipient boiling heat flux and wall superheat of the upper tubes, and generally
increased the boiling heat transfer coefficients of the upper tubes at low heat fluxes
where natural convection effects are important. The boiling data confirmed that the
average heat transfer coefficient for a smooth-tube bundle is larger than obtained

Sor a single tube.

Introduction

In recent years significant progress has been made in un-
derstanding nucleate boiling heat transfer on the shell side of
tube bundles in order to design improved evaporators for the
process and refrigeration industries. Leong and Cornwell (1979)
and Cornwell et al. (1980) conducted a photographic investi-
gation of circulation effects in a thin slice of a reboiler tube
bundle containing 241 electrically heated, 19-mm-dia tubes
arranged in a square in-line pitch of 25.4 mm. While boiling
R-113 at atmospheric pressure, they were able to view the
boiling process in the bundle through one side of the boiler,
which was made of glass. They deduced the circulation pattern
within the bundle and observed that the flow pattern changed
from bubbly flow in the bottom of the bundle to frothy flow
near the top. The measured heat transfer coefficients showed
an increasing trend from the bottom of the bundle toward the
top.

Yilmaz and Westwater (1980) measured the effect of velocity
on heat transfer to boiling R-113 on the outside of a single,
6.5-mm-dia horizontal tube. They found that velocity increases
improved the nucleate boiling heat transfer coefficients. Corn-
well and Schuller (1982) pointed out that the high values of
the heat transfer coefficients at the top of a tube bundle cannot
be entirely explained by an increase in liquid velocity. Using
high-speed photography, they observed that numerous bubbles
sliding over and around the top tubes in a bundle create a
sliding bubble microlayer between the bubble and the tube
wall, and these sliding bubbles can account for increases in
the heat transfer coefficient on the upper tubes of as much as
four times that on the lower tubes. Further work by Cornwell
and Scoones (1988) and Cornwell (1989) has indicated that
nucleation occurs only on the lower tubes in a bundle and that
sliding bubbles and liquid forced convection can account for
all the heat transfer in the top part of the bundle.

The influence of tube position within a bundle of smooth
tubes has been studied extensively by Wallner (1974), Fujita
et al. (1986), and Chan and Shoukri (1987). These investigators,
using both square and staggered tube arrangements with a tube
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pitch-to-diameter ratio of between 1.2 and 2.0, verified that
the influence of the lower tubes in a bundle can significantly
increase the heat transfer from the upper tubes, and this in-
crease can be predicted by combining pool boiling predictions
with liquid forced convection predictions. Similar results have
been obtained for finned tube bundles by Hahne and Muller
(1983), Miiller (1986), and Fujita et al. (1986). The influence
of two-phase convection effects in a bundle has also been
studied by Wege and Jensen (1984), Hwang and Yao (1986),
and Jensen and Hsu (1988).

From the abovementioned results, it is apparent that the
two-phase interactions that occur in tube bundles during boil-
ing can be very complex and can change with heat flux level,
fluid properties, tube bundle layout, etc. For example, Webb
et al. (1989) point out that the boiling mechanism in a flooded
refrigerant evaporator is different from that which occurs in
a kettle reboiler used in the process industry. This is due to a
different tube layout in a refrigerant evaporator that restricts
natural circulation effects and to the presence of vapor quality
(approximately 15 percent) in the inlet feed at the bottom of
the bundle. As a result, it is very difficult to use information
from one type of bundle and fluid combination, and apply it
to another situation. Instead, a complete range of experimental
data is needed in the open literature that covers various fluids,
tube bundle geometries, heat fluxes, and inlet qualities, so that
theoretical models can be formulated and appropriately eval-
uated. This is particularly important in the refrigeration in-
dustry where new, alternative refrigerants and refrigerant-oil
mixtures are being proposed. In addition, no information is
available regarding the onset of nucleate boiling in a bundle,
bundle hysteresis effects, and the influence of past history upon
the incipient boiling condition. These phenomena may be very
important during startup of a refrigeration or process plant.

The purpose of the present paper is, therefore, to establish
additional baseline nucleate boiling data of R-113 from a small
bundle of smooth tubes that represents a section of a refrigerant
evaporator. Emphasis is placed on the influence of tube po-
sition in the bundle upon the incipient boiling point and any
hysteresis effects common in nucleate boiling processes. The
data obtained are expected to serve as reference data for com-
parison with other refrigerants and refrigerant-oil mixtures
from bundles of both smooth as well as new enhanced tubes.
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Experimental Apparatus

The basic experimental apparatus used during this investi-
gation is shown in Fig. 1. It consisted of an evaporator and
condenser arranged to provide reflux operation. The condenser
included four instrumented test tubes and five auxiliary coils,
all cooled by a refrigerated mixture of water and ethylene
glycol. It was designed to permit independent condensation
studies while using the evaporator as a source of vapor. During
the present investigation, the condenser was used simply to
maintain the system pressure near atmospheric conditions.

The evaporator was designed to simulate a portion of a
refrigerant-flooded evaporator. It was fabricated from stain-
less steel plate and formed into a short cylinder 610 mm in
diameter and only 241 mm long. Electrically heated tubes were
cantilever-mounted from the back wall of the evaporator to
permit viewing the boiling phenomena along the axis of the
tubes through the lower of two glass windows mounted in the
front. Figure 2 is a schematic sectional view of the evaporator
that shows four sets of heated tubes. Two auxiliary heaters,
each capable of 4 kW, were installed on each side of the test
bundle to maintain the liquid pool at saturated conditions and
to provide system pressure control. Five simulation heaters,
each also capable of 4 kW, were mounted below the test bundle
in order to simulate additional tube rows in a larger bundle
and to provide inlet vapor quality into the bottom of the test
bundle. The test bundle consisted of two types of heated tubes:
active tubes (marked ‘‘A’’) which contained 1 kW heaters, and
instrumented tubes (marked ‘‘I’’) which, in addition to 1 kW
heaters, contained wall thermocouples. The instrumented tubes
were thus located along the centerline of a symmetric, staggered
tube bundle. All the bundle tubes were made from commer-
cially available, 15.9-mm-dia, smooth copper tubing. They
were arranged in an equilateral triangular pitch (i.e., centerline-

R-3 OIL FILL

102 mm VIEWPORT
/203mm OUTER SUPPORT RING

)

16ram INSTRUMENTED HEATER TUBES

203 mm VIEWPORT
305 mm OUTER SUPPORT RING

Experimental apparatus

to-centerline spacing) of 19.1 mm, giving a pitch-to-diameter
ratio of 1.20. Each set of auxiliary tubes, simulation tubes,
and test bundle tubes could be heated independently using three
separate rheostat controllers. The bundle also contained a
number of unheated dummy tubes (marked ‘‘D’’) that were
used to guide the two-phase mixture through the bundle. Two
vertical baffle plates were installed to restrict side circulation
into and out of the bundle. An open space was left, however,
on the lower part of each side of the dummy tube bundle,
adjacent to the simulation heaters, to permit side entry of liquid
into the bottom of the simulation bundle. Thus, liquid cir-
culation was vertically upward over the test tubes with no net
horizontal component. The liquid-vapor mixture at the top of
the bundle split symmetrically, with the liquid returning down
the outside of each of the baffle plates. Vapor from the evap-
orator flowed upward through a riser section and was distrib-
uted axially and circumferentially to the top of the condenser
by a vapor shroud. The condensate collected in the bottom of
this shroud and returned to the evaporator by gravity. The
two-phase mixing and the condensate return flow were ob-
served through the top window.

In measuring boiling heat transfer coefficients, great care
must be exercised with the cartridge heater and temperature
measuring instrumentation to ensure good accuracy. Various
installation techniques were recently reviewed by Jung and
Bergles (1989). Based upon extensive pool boiling data with
R-113, they concluded that the heat transfer coefficient of a
single tube in pool boiling is not sensitive to variation in the
cartridge heater heat flux provided that enough thermocouples
are used to measure an average wall temperature. During this

‘investigation, the instrumented test tubes were fabricated in a

similar way to those used by Hahne and Muller (1983) and
Wanniarachchi et al. (1986). Figure 3 is a cross-sectional sketch

Nomenclature
: T.. = average tube wall outside tem-
q = heat flux perature
¢; = coefficient in Eq. (1) T« = saturation temperature o = heat transfer coefficient
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of an instrumented tube, showing the construction details and
the location of the wall thermocouples. To smooth out any
nonuniformities in heat flux caused by the cartridge heater
and to provide a convenient method to install wall thermo-
couples, a copper sleeve was used inside the test tube into
which the cartridge heater was inserted with a tight mechanical
fit. The outer diameter of the sleeve was machined to a diameter
that was about 0.1 mm less than the inside diameter of the test
tube. Its center was bored out to accommodate the cartridge
heater. Six 1-mm-square longitudinal slots, spaced 60 deg apart,
were milled into the outside wall of the sleeve to create channels
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Instrumented tube construction

for the wall thermocouples. They were milled to different
lengths to provide temperature measurement at three different
axial positions (50.8 mm from each end of the sleeve and in
the middle). Type-T copper-constantan, Teflon-insulated,
thermocouple wire was placed in each channel and secured in
place by peening over the edges of the grooves in different
locations using a blunt punch. The resulting imperfections were
then removed with fine (400 grit) emery paper. Following this
assembly procedure, the cartridge heater was inserted into the
copper sleeve. The outer surface of the sleeve and the inner
surface of the test tube were then brushed with solder flux

MAY 1992, Vol. 114 ] 427



solution to insure good wetting. The evaporator tube was then
heated in an oven while the sleeve was heated by applying
electrical power to the cartridge heater. The temperature of
each component was brought up to about 200°C. This tem-
perature was maintained while a eutectic 60:40 lead~tin solder
was applied to both surfaces. Following the tinning process of
both surfaces, the copper sleeve was inserted into the evapo-
rator test tube while both pieces were hot. Prior to cooling, a
copper end cap was soldered in position using a torch. After
cooling, a Teflon end plug was inserted to minimize axial heat
losses from the heater. Each test tube was installed into the
tube support block using an O-ring. An outer compression
plate was then bolted to the support block to seal each tube.
Once all the evaporator tubes were installed, the support block
was bolted into the rear wall of the evaporator unit. During
this assembly, care was taken to insure that each tube was
properly aligned in the bundle and was pushing against the
inside face of the lower front viewing window.

Measurements and Procedures

Vapor temperatures were measured by two thermocouples
at the top of the condenser and one thermocouple near the
top of the evaporator. Liquid temperatures were measured by
two thermocouples located close to the free surface of the
liquid. During operation, these two thermcouples were located
in a frothy, two-phase mixture and were considered to be well
representative of T, at the free surface. The average outer
wall temperature of the instrumented test tubes was obtained
by averaging the six wall thermocouples in the copper sleeve
and correcting for the small radial temperature drop due to
conduction across the copper wall. The temperature drop across
the 0.05-mm-thick solder joint between the copper sleeve and
the test tube was neglected. The voltage and amperage to each
of the test tubes were measured using voltage and current
sensors. For a given tube, the heat flux was calculated by
dividing the electrical power (after it was corrected for small
axial losses out each end of the test tube) by the smooth tube
surface area based upon an active heating length of 203 mm.
During all the tests, the pressure was kept near atmospheric
and the liquid level was kept approximately 100 mm above the
top row of tubes, In order to calculate the local saturation
temperature for each tube in the bundle, a hydrostatic pressure
correction was made between the tube location and the free
surface of the liquid. All the data were obtained and reduced
with a computer-controlled data acquisition system.

Prior to filling with R-113, the system was evacuated and
leak checked. Once the system was felt to be vacuum tight,
R-113 was added to the evaporator by drawing it into the
evaporator under vacuum. Prior to operating the evaporator,
the ethylene glycol-water coolant for the condenser was cooled
down using an 8-ton refrigeration system. Circulating pumps
were then turned on to get a desired flow through the condenser
tubes and cooling coils. During this investigation, nucleate
boiling data were obtained following four different surface
aging procedures similar to those used by Bergles and Chyu
(1982) and Marto and Lepere (1982). With the first procedure
(surface aging A), the tubes were preboiled at 30 kW/m? for
1 hour followed by immediate operation with increasing heat
flux. The second procedure (surface aging B) was similar to
the first except, after preboiling, the power to the bundle was
turned off for 30 minutes while maintaining the pool at sat-
urated conditions with the auxiliary heaters prior to increasing
the heat flux. With the third procedure (surface aging C), the
evaporator power was turned off overnight. The following
morning, the system was slowly brought to saturated condi-
tions using the auxiliary heaters, before operation of the tubes
was commenced with increasing heat flux. The last procedure
(surface aging D) consisted of boiling at 100 kW/m? for 30
minutes followed by immediate operation with decreasing heat
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flux. In this way, boiling incipience and bundle start up prob-
lems could be investigated. It should be noted that the recir-
culation pattern that existed in the evaporator vessel (and,
therefore, across the test bundle) prior to the commencement
of each experiment may have been affected by the four dif-
ferent aging procedures. However, once system operation was
begun, data were not taken until 10-15 minutes after start up.
Therefore, most of the recirculation variations would have
disappeared prior to the process of actually taking data. Never-
theless, the uncertainty of the first one or two data points
taken at very low heat fluxes, following aging procedures A,
B, and C, may be larger than the uncertainties stated later in
the paper.

Results and Discussion

All data were obtained with R-113 at a pressure of 1 atm.
During increasing heat flux runs, the onset of nucleate boiling
was observed through the lower viewing window. This ““‘point”’
was defined as the applied heat flux where first nucleation was
observed on the instrumented tubes. When heat flux is plotted
versus (T, — Tiay), the ‘“incipient boiling”’ condition is indi-
cated by a change in slope since the heat transfer mechanism
changes from single-phase convection to two-phase convection
with the activation, growth, and departure of vapor bubbles.
Throughout this investigation, the instrumented tubes located
along the centerline of the tube bundle were numbered con-
secutively from the top downward as tubes 1, 2, 3, 4, and 5,
respectively. At each operating point, the values of the six wall
thermocouples were recorded and compared to examine var-
iations in wall temperature caused either by nonuniformities
in the cartridge heater coils or by the test tube soldering and
assembly procedure. This problem has been explored in more
detail by Wanniarachchi et al. (1986). The maximum variation
of the six measured wall temperatures was 3.7°C at the max-
imum heat flux (approximately 10° W/m? and 0.3°C at the
minimum heat flux (approximately 10° W/m?). This variation
appeared to be random and independent of thermocouple ori-
entation, and was probably caused by the tube soldering pro-
cess. As a percentage of the corresponding wall superheats,
the above values correspond to 17 and 10 percent, respectively.
This variation in wall temperature created an estimated un-
certainty in the wall superheat of +1.5°C at high fluxes and
+0.3°C at low fluxes. The corresponding uncertainty in the
measured heat flux was estimated to be +1 percent.

Figure 4 shows the data for tube 1 operating alone as a single
tube, during increasing heat flux. The data were obtained fol-
lowing aging procedure C where the pool of R-113 was not
preboiled, but was allowed to sit overnight. Prior to taking
data, the pool temperature was slowly brought up to saturation
conditions using the auxiliary heaters. Typical uncertainty
bands are included at low and high heat fluxes. The data of
Marto and Lepere (1982) for pool boiling of R-113 at 1 atm
from a single short (50 mm heated length), 15.8-mm-dia copper
tube, aged following the same procedure C and operated in
an ‘‘as-received’’ condition, are included for comparison. In
the natural convection region at low heat fluxes, the data from
the two investigations have the same slope, but the present
data show a smaller superheater of approximately 1-2°C. It
may be that the bundle geometry in the present investigation,
with the inactive, closely spaced (p/D = 1.20) neighboring tubes
and the vertical baffles, generated a different liquid circulation
pattern over tube 1, than occurred over the single tube used
by Marto and Lepere (1982). The incipient boiling heat flux
is remarkably close for the two investigations (about 7000 W/
m?). The wall superheat in the present investigation at the
incipient boiling condition was approximately 13°C and the
corresponding temperature overshoot was about 6°C. This was
less than the measured superheat of 20°C by Marto and Lepere
(1982) with an overshoot of about 10°C. When surface aging
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Fig. 4 Boiling data for tube 1 operating as a single tube (aging pro-
cedure C)

procedure A was followed, the incipient boiling point occurred
at a very low heat flux near 1000 W/m? and there was no

discernible overshoot, while with aging procedure B, both the.

incipient boiling superheat and the resulting overshoot were
less than shown. Clearly, in addition to variations in local flow
conditions, the incipient boiling characteristics depend upon
the active site distribution on the boiling surface and this can
be very different depending upon the immediate past history
of the heating surface. Figure 4 also shows that at higher heat
fluxes, when nucleate boiling is completely developed, both
sets of data are in good agreement with one another and with
the empirical correlation of Stephan and Abdelsalam (1980)
for refrigerants:

q 0.745
== 1)
( Two - Tsat) a

where the coefficient ¢, is provided as a function of pressure
for various refrigerants. For R-113 at a pressure of 1 atm, ¢
equals 1.02, so with this correlation, the heat flux may be
expressed in terms of the superheat as:

g=1.08 (Two_ sat)3.92 2

Figure 5 shows the results for tubes 1 and 2 operating si-
multaneously, during increasing heat flux. Again, the tubes
were subjected to aging procedure C prior to taking data. The
natural convection data of tube 1, compared to the data in
Fig. 4 when operating as a single tube, show that there appears
to be no influence of the lower heated tube (tube 2) upon the
heat transfer of the upper tube (tube 1). However, the natural
convection heat transfer coefficient for the lower tube is less
than the upper tube. The exact reason for this behavior is
unknown, but may be due to the influence of the closely spaced
tubes upon the velocity and temperature fields in the wake
region of a heated tube. There is very little published infor-
mation in the open literature for natural convection in tube
bundles. Marsters (1972) studied the heat transfer character-
istics of a vertical array of heated cylinders in air and found
that the upper cylinders displayed reduced Nusselt numbers at
small spacings and increased Nusselt numbers at large spacings.
This behavior was explained by the fact that an upper tube in
a vertical array of tubes experiences two phenomena that act
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Fig. 5 Boiling data for tubes 1 and 2 operating simultaneously (aging
procedure C)

in different directions to affect the heat transfer. First of all,
the upper tubes feel a warmer fluid due to the heated tubes
below. This warmer fluid decreases the local thermal driving
potential for buoyancy-induced flow. On the other hand, the
upper tubes are also exposed to a moving fluid due to the
heated tubes below. This moving fluid enhances the natural
convection effects due to the resulting mixed convection (Geb-
hart et al., 1988). Marsters (1972) went on to point out that
in an array of tubes, the characteristic length of the process
may not be the tube diameter but rather the position in the
array. As a result, a local Grashof number formed with the
characteristic length as the vertical distance from the bottom
of the array to the local position of interest may reflect a
transition in flow from laminar to turbulent somewhere in the
array that implies a change in the local heat transfer charac-
teristics. In a tightly spaced bundle of tubes such as used in
this investigation, the flow may behave more as an internal
one than an external one, and a characteristic length may be
very difficult to select. As a consequence, it is clear that natural
convection in a bundle is a complex process and needs further
research attention to unravel the mysteries behind the observed
trends.

Figure 5 also shows that the incipient boiling heat flux is
reduced to about 4000 W/m? for both tubes, although the tube
2 data show an irregular nucleation process until higher heat
fluxes are reached. This irregular behavior has been observed
by Wanniarachchi et al. (1987) during boiling of R-114 from
a single enhanced tube containing numerous nucleation sites.
They attributed this behavior to incomplete nucleation along
the boiling surface due to non-uniform heat flux or non-uni-
form cavity openings. Tube 1 displays a small characteristic
temperature overshoot (about 4°C) and then a consistent trend
with increasing heat flux in the developed nucleate boiling
region. Tube 2 shows a somewhat erratic superheat behavior
with increasing heat flux, which displays a very steep slope.
When the results for tube 1 are compared to the data in Fig.
4 for tube 1 acting as a single tube, it is clear that boiling from
a lower tube enhances the performance of an upper tube.
Therefore, the influence of bubbles from a lower tube im-
pacting on an upper tube is an important mechanism to enhance
the heat transfer process. Microscopic bubbles from the lower
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Fig.6 Boiling data for tubes 1, 2, and 3 operating simulitaneousiy (aging
procedure C)

tube impacting upon the surface of the upper tube can reduce
boiling incipient superheat significantly, as shown by Bergles
and Kim (1988). In addition, it is well known that ‘‘bubble
pumped’’ convection can enhance natural convection heat
transfer rates by more than 100 percent (Bergles and Bar-
Cohen, 1990).

Figure 6 shows similar data for three heated tubes. With
tube 3 in operation, there is no apparent influence on the
natural convection data of tube 2, confirming the abovemen-
tioned results of Fig. 5 that a lower heated tube does not seem
to influence the natural convection behavior of an upper tube.
However, the data of tube 1 indicate the presence of nucleate
boiling at very low heat fluxes. A discrete incipient boiling
point for tube 1 was never observed, even though tubes 2 and
3 did not show definite nucleation until a heat flux of about
5000 W/m?, The reason for this behavior is not clear. Local
variations in liquid subcooling could have caused this behavior,
as reported by Bar-Cohen and Simon (1988), even though the
inlet flow to the bundle is mixed by the presence of the lower
dummy tubes. Perhaps the two heated lower tubes generated
small bubbles at very low heat fluxes since the liquid pool came
to room temperature conditions overnight and contained some
absorbed air. These air bubbles could have aided the nucleation
process for tube 1 as described previously. Tube 2 shows a
dramatic shift compared to Fig. 5 because of the heated tube
3 below it, confirming again the important influence of a lower
neighboring heated tube. Once tube 3 nucleates, it exhibits a
nearly vertical slope with increasing heat flux similar to that
shown by tube 2 in Fig. 5, when it was the bottom tube. This
behavior is similar to the forced convection nucleate boiling
data described by Auracher (1990). Similar results to the above-
described phenomena were obtained when bundles of both 4
and 5 tubes were heated simultaneously. The lowest tube dem-
onstrated a nearly vertical slope in the nucleate boiling regime.
From these results several important observations may be made:

1 During natural convection in a bundle of tubes, the heated
lower tubes do not have much influence on the upper tubes,
and the lower tubes exhibit a decreased heat transfer coefficient
when compared to the top tube operating as a single tube.

2 The presence of heated lower tubes reduces the incipient
boiling point and the accompanying temperature overshoot
for upper tubes. After the lowermost tube nucleates, it exhibits

430/ Vol. 114, MAY 1992

a very steep slope on a g versus AT plot (thus, the nucleate
boiling heat transfer coefficient in this region is very sensitive
to wall superheat). )

3 The presence of heated lower tubes enhances the nucleate
boiling -heat transfer coefficients of upper tubes at low heat
fluxes, and the most important influence appears to be from
the heated tube immediately below the tube of interest.

Although some of the above observations are not readily
explainable at this time, the nucleate boiling results summa-
rized in observation 3 are in good agreement with the earlier
experimental and theoretical results of Fujita et al. (1986),
Chan and Shoukri (1987), Cornwell and Scoones (1988), Chen
et al. (1989), and Cornwell (1989). Cornwell (1989) postulates
that in a tube bundle, the local heat transfer coefficient may
be written as:

o= Qe+ Olgp + Qg 3)

where the first term on the right is due to local liquid forced
convection, the second is due to approaching bubbles striking
the tube surface from below, and the third term is due to
bubble nucleation on the surface itself. He further states that
at medium heat fluxes, the first two terms alone can account
for all the heat transfer. Cornwell (1989) points out that the
second term will depend upon the size of the bubbles. For
small bubbles, such as in R-113, the impacting bubbles cause
additional turbulence in the liquid boundary layer and can also
create an evaporating microlayer that is caught between the
heating surface and the sliding bubble. Tong et al. (1988) also
propose that sweeping bubbles can strip superheated liquid off
the surface to enhance the heat transfer.

Another entirely different mechanism may be occurring in
a boiling tube bundle that could explain some of the above
observations and consequently deserves mention. It is well
known that nucleate boiling in thin films exhibits higher heat
transfer coefficients than when boiling in a deep pool (Nishi-
kawa et al., 1967 Mesler, 1976; Marto et al., 1977). Mesler
and Mailen (1977) found that when a bubble bursts through
a thin liquid film, many new bubbles grow from that location,
indicating that the bursting process was creating new vapor
nuclei in the vicinity of the heating surface that served as
sources for additional vapor bubbles to grow, thereby en-
hancing the heat transfer. Bergman and Mesler (1981) showed
that bubble nuclei are also formed when a vapor bubble bursts
through the surface of a pool of superheated water. Carroll
and Mesler (1981) found through photographic evidence that
when a vapor bubble bursts through a free surface, vortex
rings occur and microscopic vapor bubbles are entrained in
these vortex rings. These bubbles were estimated to be only a
few hundred microns in diameter and could only be seen under
special lighting conditions. Gopalen and Mesler (1990) found
that a threshold superheat exists for this secondary nucleation
to occur. Thus, it is reasonable to postulate that whenever
nucleate boiling occurs and a bubble bursts through a liquid-
vapor interface, the possibility of forming microscopic vapor
nuclei to serve as a source for new vapor bubbles exists. In a
bundle of tubes, especially with a small pitch-to-diameter ratio,
a chaotic two-phase mixture flows upward through the bundle,
and some bubbles can be carried back down into the bundle
due to intense recirculation around the sides. Under these con-
ditions, a growing bubble on a tube surface meeting another
vapor bubble flowing past the heater surface (especially on the
underside of a tube) could burst through the surface of the
larger bubble and create conditions favorable for the formation
of these microscopic vapor nuclei. Therefore, lower tubes in
a bundle could assist in causing more numerous bubbles to
flow past the upper tubes. This larger number of bubbles would
help to accelerate the flow and stimulate any bubble sweeping
effect. In addition, more bubbles could produce a foamy flow
near the top of the bundle, enhancing the heat transfer in that
region (Udomboresuwan and Mesler, 1986).
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Figures 7 and 8 show the behavior of tubes 1-5 when all 15
active tubes are heated as a bundle and when the bundle plus
the lower simulation tubes are all heated. The data were ob-
tained for increasing heat flux following aging procedure C.
The results in Fig. 7 show that the entire bundle seems to
nucleate at about the same heat flux (3000 W/m?). The best
performing tube is always the top tube and the worst per-
forming is always the lowest. Above a heat flux of 25,000 W/
m?, all tubes approach the single tube performance. When the
additional simulation tubes are also heated (representing 15
more active tubes), as shown in Fig. 8, there is no evidence of
any incipient boiling in the upper bundle at all, indicating that
boiling is occurring even at very low heat fluxes. Once again,
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there is significant enhancement at low fluxes and this en-
hancement decreases as the flux increases. This suggests that
the presence of two-phase flow at the entry of the bundle (with
a quality greater than zero) eliminates boiling incipience prob-
Iems in the bundle and enhances heat transfer as well. Recently,
Webb and Apparao (1990) calculated the performance of en-
hanced tubes in an R-11 flooded refrigerant evaporator. They
found that the effect of entering flash gas on thermal per-
formance was different depending upon the type of boiling
surface used. For a finned tube bundle, the heat duty increased
by 3 percent when the entering quality was increased from 0
to 16 percent, whereas for a structured enhanced surface, there
was a 4 percent decrease in the heat duty. They attributed these
two different trends to a balance between two-phase pressure
drop in each case, and to the difference between the importance
of liquid convection versus bubble nucleation between the in-
tegral fin tube and the structured surface. In the present in-
vestigation, the smooth tubes would be expected to behave
closer to the finned tube bundle of Webb and Apparao (1990)
rather than to their enhanced tube bundle, and show an increase
in thermal performance with inlet quality because with smooth
tubes there is less nucleation and significant liquid convection.

Figure 9 shows the data for tube 1 and tube 5 when each is
operating separately as a single tube. The data were taken for
decreasing heat flux, following aging procedure D. Although
the difference is small, tube 1 exhibits a higher heat transfer
coefficient than tube 5. Perhaps the liquid circulation pattern
is different for the two tubes because of their location relative
to the rest of the bundle and to the free surface. The data for
tube 1 during decreasing heat flux, when compared to the data
for tube 1 during increasing heat flux (Fig. 4), show very good
agreement at high heat fluxes, within the uncertainties of the
measurements, and a definite hysteresis pattern at low heat
fluxes. Figure 10 shows the data for all five instrumented tubes
in operation during decreasing heat flux. When compared to
the previous figure, enhancement is evident at low heat fluxes
(g <20 kW/m?). However, a deterioration in relative perform-
ance occurs for larger heat fluxes. Further improvement was
evident when the entire bundle was operated together with the
simulation tubes, creating conditions close to an actual refri-
gerant evaporator. In this later case, at a heat flux of 3 kW/
m?, the relative performance of tube 1 in the complete bundle
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Fig. 10 Boiling data for tubes 1, 2, 3, 4, and 5 operating simultaneously
(aging procedure D)

compared to its performance as a single tube was approxi-
mately 60 percent greater. A similar 60 percent increase oc-
curred for tube 5. However, at a flux of 30 kW/m?, the benefit
of bundle operation was completely eliminated. These results
confirm that a “‘bundle factor’’ that predicts greater perform-
ance than the single tube results must be used in the design of
flooded evaporators. This ‘“bundle factor,’’ however, will de-
pend upon the type of boiling surface being used, the tube
bundle layout, the operating heat flux, and, of course, the
type of liquid being boiled.

Conclusions

Nucleate boiling data of R-113 at atmospheric pressure were
obtained using a small bundle of smooth copper tubes. The
data were obtained after subjecting the bundle to different
preboiling (i.e., aging) conditions, and with either increasing
or decreasing heat flux. Based upon the results obtained, the
following conclusions may be made:

1 During natural convection in a bundle of tubes, heated
lower tubes do not have much influence on heat transfer from
the upper tubes. Natural convection in tube bundles is a com-
plex phenomenon and deserves further research attention.

2 The presence of heated lower tubes in a bundle reduces
the incipient boiling point and the accompanying temperature
overshoot for upper tubes.

3 The lowest tube in a bundle gives the poorest heat trans-
fer. After this tube nucleates during increasing heat flux, it
exhibits a nearly vertical slope on a heat flux versus superheat
plot, similar to forced convection nucleate boiling.

4 During nucleate boiling, the presence of heated lower
tubes enhances the heat transfer coefficients of upper tubes at
low heat fluxes. This enhancement leads to a ‘“bundle factor”’
that depends upon heat flux and the number of heated tubes
in the bundle.

5 Using simulation heaters at the bottom of a test bundle
to provide inlet vapor quality eliminates any boiling hysteresis
in the test bundle; otherwise, a hysteresis pattern exists between
increasing and decreasing heat flux. Therefore, flooded tube
refrigerant evaporators with entering flash gas should expe-
rience negligible hysteresis effects.

6 In a bundle of tubes experiencing nucleate boiling, cha-
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otic two-phase bubble motion may create favorable conditions
for secondary nucleation, as discovered by Bergman and Mes-
ler (1981) and Carroll and Mesler (1981), to exist.
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Model of the Evaporating
Meniscus in a Gapillary Tube

A mathematical model describing the evaporating meniscus in a capillary tube has

1
L. W. Swanson been formulated incorporating the full three-dimensional Young-Laplace equation,

Mem. ASME Marangoni convection, London-van der Waals dispersion forces, and nonequili-
brium interface conditions. The results showed that varying the dimensionless su-
6. C H erdt2 perheat had no apparent effect on the meniscus profile. However, varying the

dispersion number produced a noticeable change in the meniscus profile, but only
at the microscopic level near the tube wall. No change in the apparent contact angle
was observed with changes in the dimensionless superheat or dispersion number. In
all cases, the dimensionless mean curvature was asymptotic to a value equal to that
for a hemispherical meniscus. The local interfacial mass flux and total mass transfer
rate increased dramatically as the dispersion number was increased, suggesting that
surface coatings can play an important role in improving or degrading capillary
pumping. The model also predicted that the local capillary pressure remains constant
and equal to 20/r. regardless of changes in the dimensionless superheat and dispersion
number. It should be noted that the results in this study are theoretical in nature
and require experimental verification.

Department of Engineering,
University of Denver,
Denver, CO 80208

Introduction

The capillary forces present in the evaporator and the con-
denser sections of capillary heat pumps (e.g., heat pipes or
capillary pumped loops) constitute the basic driving force for
internal fluid circulation. Under normal operating conditions,
the rate at which fluid is circulated determines the energy
transport capacity of the heat pump. The net capillary force
is generated by the integral effect of the evaporating and con-
densing menisci.

Despite the complicated and interactive nature of these cap-
illary forces, the heat transport capability of capillary heat
pumps is usually determined by equating the capillary pressure
to the liquid pressure drop in the wick or loop, assuming that
the adverse capillary pressure in the condenser is negligible
and the capillary pressure in the evaporator is maximum. The
capillary pressure is commonly taken as 2¢/r,, where o is the
vapor-liquid surface tension and r. is the average capillary
radius. This is known as the wicking limitation and presumably
represents the point at which dryout begins in the evaporator.
In most situations, the maximum capillary pressure cannot be
used to evaluate the local interfacial mass transfer rate, which
is an intermediate boundary condition between the vapor and
liquid phases. This is due to the fact that the transport phe-
nomena in the thin film on the capillary wall, which is coupled
to the meniscus, are dramatically affected by either evaporation
or condensation. Under certain conditions, the interfacial
processes may even be rate limiting.

Although capillary heat pumps have been studied extensively
in the past, very little effort has been put forth to understand
the basic mechanism describing the evaporating and condens-
ing menisci in capillary structures. For example, the studies of
Ambrose et al. (1987) and Beam (1985, 1987), which address
the vapor-liquid interface in heat pipes, treat the interface as
a macroscopic phenomenon and are semiempirical in nature
since they require mass transfer data. This approach is very
interesting and useful for predicting dry-out in certain capillary
structures; however, a mathematical model derived from first
principles should actually generate values for the mass transfer
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rate since the mass transfer rate is not a true parameter of the
system. A second drawback of past macroscopic models de-
scribing the vapor-liquid interface is that they neglect micro-
scopic interfacial phenomena taking place near the vapor-
liquid-solid contact line, known as the interline. The pioneer-
ing work of Wayner and his co-workers (Wayner et al., 1976;
Wayner, 1978, 1979, 1986) has shown that these effects sig-
nificantly influence both the apparent contact angle and the
heat flux in an evaporating meniscus for a smooth plane wall
as well as a capillary tube. The inclusion of these effects into
an integral formulation of the macroscopic interface similar
to that derived by Ambrose et al. (1987) will yield a solution
that does not require the use of mass transfer data. In capillary
heat pumps, this type of integral formulation will also be
amenable to formal optimization techniques, which can be used
to determine the optimal radial and axial pore size distributions
in the capillary structure. These distributions represent fab-
rication parameters that are essential to the design of advanced
capillary structures. The foundation of this design technique,
however, must begin with a fundamental understanding of the
evaporating and condensing meniscus, preferably for a simple
geometry characterizing common wicking material. The cap-
illary tube is one such geometry and is the focus of this study.

Studies specifically addressing evaporation and condensa-
tion in capillary tubes have been undertaken by a number of
investigators. To our knowledge, the earliest study of evap-
oration in isolated capillary tubes was conducted by Deryagin
et al. (1965). They developed a model that included an ad-
sorption isotherm based on dispersion forces as well as mass
transport due to both vapor diffusion and film flow. They
found that including mass transport in the thin film near the
interline dramatically increased the rate of evaporation over
that estimated solely by diffusion theory. They also confirmed
their theoretical results with experimental data.

* Preiss and Wayner (1976) conducted an experimental study
of the evaporating meniscus near the exit of a capillary tube
with ethanol as the working fluid. The meniscus was found to
be stable over a wide range of evaporation rates and hydrostatic
heads. They also concluded that fluid flow to the base of the
stable evaporating meniscus was caused by a change in its
curvature. Experiments at high evaporation rates demonstrated
that sputtering occurred near the wall before the meniscus
became unstable. '

Wayner (1979) also developed a dispersion-based model of
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the evaporating meniscus near the exit of a capillary tube. He
found that viscous flow in the thin film near the interline
significantly affected the entire meniscus profile. The model
also predicted that increasing the interline heat flux reduced
the capillary pressure by increasing the apparent contact angle.
The impact of the dispersion forces on the evaporation process
was highlighted by a comparison of the interline heat sink
capability for different liquid-solid substrate combinations.

More recently, Meyer (1984) performed very interesting an-
alytical assessments of evaporation in (1) isolated capillaries,
(2) two interconnected capillaries of variable cross section, and
(3) networks of capillary menisci. He found that large tem-
perature gradients developed in localized neighborhoods of the
menisci. For interconnected menisci, evaporation was found
to proceed in statically unstable configurations, via so-called
Haines jumps (Haines, 1930), due to the dynamic balance of
surface tension, local evaporation rate, and viscous shear. His
model unfortunately did not include dispersion forces common
to the previous analytical studies.

The objectives of this study are to formulate and solve a
mathematical model of the evaporating meniscus in a capillary
tube to determine how the various forces at the interface in-
fluence the meniscus profile, the mass transfer rate, and the
capillary pressure. The results will be used to identify what
types of modifications should be made to capillary structures
to enhance their heat transport capability. The capillary tube
configuration was chosen because it represents a pore geometry
both compliant to formal mathematical characterization and
common to capillary structures.

Formulation of Mathematical Model

The forthcoming mathematical model describes the fluid
mechanics, heat transfer, and interfacial phenomena charac-
teristic of an isolated evaporating meniscus in a capillary tube.
The formulation includes the full three-dimensional Young-
Laplace equation, Marangoni convection, London-van der
Waals dispersion forces, and nonequilibrium interface con-
ditions. The formulation of this model has been strongly in-
fluenced by the work of Wayner and his co-workers (Wayner
et al., 1976; Wayner, 1978, 1979, 1986) as well as the study
of Mirzamoghadam and Catton (1988).

Figure 1 shows the various flow regions characterizing the
transport processes near the evaporating meniscus in a capillary
tube. The origin of the axial coordinate (x) is at the interline
while the origin of the radial coordinate (r) is at the tube
centerline. r; is the distance from the axial centerline to the
meniscus interface. Each region is briefly described as follows:

1 Thin film region (<1 pm): the London-van der Waals
forces (intermolecular dispersion forces) are important and

Interline

Foe o Y
!
@ Thin Film Region

Meniscus Region

Meniscus
Hagen-Poiseulle
Region
(4
Fig.1 Flow regions for an isolated evaporating meniscus in a capillary

tube

significantly affect the transport phenomena in the thin film.
2 Meniscus region (> 1 um): London-van der Waals forces
are small and the interfacial curvature dominates the capillary
pressure creating an attenuated Hagen-Poiseuille flow field.
3 Hagen-Poiseuille region: Hagen-Poiseuille flow.
A mathematical model of the process can be formulated
under the following assumptions:
1 Axial symmetry.
2 Steady-state two-dimensional laminar flow.
3 Incompressible flow.
4 The convective terms, with the exception of axial con-
vection in the energy equation, are negligible.
The radial pressure gradient is negligible.
The temperature in the bulk vapor is equal to the in-
terfacial vapor temperature.
7 The pressure in the bulk vapor is constant.
8 No slip at the wall.
9 The tube wall is smooth and the liquid is pure.
10 o and A are not affected by interfacial curvature.
11 Retardation effects in A are negligible.
12 The hydrostatic pressure is negligible.
13 Marangoni effects are important only in the thin-film
region.
Under these assumptions, the axial momentum equation de-
scribing flow in the meniscus and interline regions is

Py w0 (L) o, o

N

dx ror or
with boundary conditions of

Nomenclature
P; = pressure on the liquid side of w,; = vapor interfacial velocity
. the meniscus, N/m? perpendicular to the meniscus,
A = dispersion coefficient, J P, = pressure on the vapor side of m/s
C = accommodation coefficient the meniscus, N/m? x = axial coordinate, m
D, = change in interface location r = radial coordinate, m a = thermal diffusivity, m?/s
with respect to position r. = tube radius, m # = local contact angle
F = function r; = radial location of the meniscus, p = viscosity, N s/m*
G = dimensionless function m p = density, kg/m®
hs, = latent heat of vaporization, R = ideal gas constant divided by ¢ = surface tension, N/m
J/kg the molecular weight, J/kg K .
k; = thermal conductivity in the T = temperature, K Subscripts
liquid, W/m K T; = interfacial temperature, K ¢ = capillary
K = mean interfacial curvature, m™! u; = liquid axial velocity, m/s i = interface
m = liquid mass flow between the wy = liquid interfacial velocity ! = liquid
interface and tube wall, kg/s perpendicular to the meniscus, . v = vapor
n’ = interfacial mass flux, kg/s m? m/s w = capillary wall
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The first boundary condition is the shear stress interfacial
condition, which equates the interfacial shear stress to the
change in surface tension with respect to position. This con-
dition accounts for Marangoni effects at the interface. The
solution to this differential equation is straightforward yielding

1 dP[,' 2 2. r; do r,g dP[,' r
= T2 y2y (Lde T AT Ty
g ax T e T ax ) e @

Applying ’Hopital’s rule shows that this profile correctly re-
duces to the Hagen-Poiseuille velocity profile when the inter-
face is at the axial center of the tube (r = r; = 0). The liquid
pressure in the velocity profile can be evaluated using the
normal stress interfacial condition (also known as the modified
Young-Laplace equation),

P/i=Pui_20K+ (3)

(re—=r)>
The second term on the right-hand side of the equation is the
capillary pressure due to interfacial curvature and the third
term is the nonretarded disjoining pressure (Deryagin et al.,
1965) for liquids due to the London-van der Waals forces near
the interline. A is the dispersion coefficient and is negative for
a wetting fluid. Note that in the thin film near the interline (r;
= r.), the disjoining pressure significantly influences the cap-
illary pressure; the disjoining pressure also decreases rapidly
as the interface gets farther away from the tube wall. Equation
(3) also assumes that the pressure forces, surface tension forces,
and dispersion forces are simply additive at the vapor-liquid
interface. This assumption is in accord with the thermodynamic
(or force balance) derivation of the standard Young-Laplace
equation for an isolated vapor-liquid interface found in Ad-
amson (1982) and is probably accurate to leading order. How-
ever, it is important to note that the dispersion coefficient (A4)
in the thin film is not only dependent on the dielectric behavior
characterizing the liquid and vapor, but also the dielectric
behavior of the solid substrate (e.g., see Israelachvili, 1985).
The surface tension for an isolated vapor-liquid interface can
also be written in terms of the dispersion forces between the
vapor and liquid (Ivanov, 1988); thus, a rigorous derivation
of the capillary pressure (P,; — P;) from first principles should
inherently account for solid-liquid-vapor interactions. A uni-
fied expression of this type, in effect, will attenuate the vapor-
liquid surface tansion in the film due to the presence of the
solid substrate and also produce a disjoining pressure for thin
films when there is no interfacial curvature.

An expression for the mean interfacial curvature in a cap-
illary tube has been derived by Philip (1977) as

1 1 d2r,~/dx2
K== B '
2 {h‘[l +(dr/dx)1"? L+ (dr; /dx)zla/z} C))

The mass flowing between the interface and wall (mass transfer
rate) at any axial position in the liquid can be found by mul-
tiplying the liquid velocity by the liquid density and integrating
over the flow cross-sectional area between the meniscus inter-
face and the tube wall. This yields

m__l..d_B/_’_F_Ziq_dﬂ )

where the chain rule has been used in the second term to
accentuate the Marangoni effect (do/dT;). The functions F
and F, are cumbersome functions of p;, u;, r., and r;; and are
given in the appendix. The integral form of the mass continuity
equation in the liquid is
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d (' ar;
rivliza; Sl wrdr + riy; ?“é, (6)

where the Leibnitz rule has been used to generate the second
term on the right-hand side. This expression is essentially the
interfacial kinematic condition, which accounts for evapora-
tion at the interface. Multiplying this expression by 2wp;, sub-
stituting for u,, integrating, and solving for v;; gives

1
27I'p1ri dx f a’x'

The interfacial velocity of the liquid normal to the interface
is

Q)

Uy

wy=v; cos 0+ Uy sin 9, (8)
where 0 is the local contact angle given by

—tan-t( %
f=tan < dx>’ )

Equations (7), (8), and (9) can be combined to produce
- 9 dm
= 21rp,r,- dx ’

(10

which shows the relationship between the liquid velocity nor-
mal to the interface, the local contact angle, and the change
in the mass transfer rate with respect to position. An expression
for the vapor mass flux at the interface has been derived by
Schrage (1953) using kinetic theory

2C 1 \"*/p, P,
“PWa=\ac)\axr) \TI27TI7)

Assuming that the change in temperature between the interface
and the bulk vapor is small (T, = T}), this expression reduces

to
172
2C 1
= PyWyi= ('2—:_—) (27FRT> (Py—Py),
i

where C is the accommodation coefficient. A mass balance at
the interface requires that

(1n

PuWui= PiWii (12)

Combining Egs. (10), (11), and (12) gives an expression for
the interfacial pressure in the vapor phase,

2-C\ (RT\ "cos 0 dm
Pu=P,— |=—) (== —.
’ <2C><21r> r dx )
Substituting this expression into Eq. (3) yields
2—C\ [RT\"* cos 0 dm A
Pi=P,— =)= ——— 20K +——.
e <2C><27r> nodx " ey
(14)

Conservation of energy at the interface requires setting the
heat flux normal to the interface equal to the latent heat re-
quired to evaporate the liquid, or after some manipulation
dT; dr; aT hy, dm

hadull il | L/ Ssbld (15)

h 2woir; dx’
i

dx dx or .

‘Assuming axial diffusion is small, conservation of energy in

the liquid can be expressed as

LT 2 ( of
ax ror\ or)’
with boundary conditions of

T=Ti(x),
T=T,,=const.

(16)

r=ri
r=re,

The solution to this partial differential equation is approxi-
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mated using the von Karman integral method assuming a linear
temperature profile of

T,—
T=T;+

(r r). a7
c
The resulting expression is
Fy dT; riFsdT; F dr; riF dr)\dp;
4u dx  2u; dx 4y dx 2u, dx/ dx
r,-'F5 do dT, r,'FG do dri dT
—_— e — T,~T, (18
(,;, T, dx @ dTidx) dx % ), (8

where F;, F,, Fs, and Fy are cumbersome functions of r., r;,
T,, and T;, and are given in the appendix. All equations to
this point are now nondimensionalized using the following
dimensionless variables:

_x o= T,-T =

=T [ =" 71i=—‘—s K=Kra
x Ie i re Tw_Tu ¢

Py P . = g
P, et m= m, = N
P, rde(T—T,) ou(Ty)

Combining and rearranging the previous equations produce
the following set of dimensionless coupled nonlinear ordinary
differential equations:

dr;

—J=Dy=0, (19
x g—% %~ i %@Jr mGm =0, (20)
‘f_uw,pl ‘;Z f’"r Ty=0, @1
(2FGs— Gs)%g %*‘ (G4—2F}Gg) Dy %
+ 73T, r,G5 a7 (dT> +7G g—% D, —g‘ =0, (22)

dD, cos 0 dm 1+D1
_ 1 32
ax ™G 1+ DY) 57, dx T

—(1+D} )3/2{411(& D+ (—};7}0, (23)

where Eq. (19) results from reducing the order of Eq. (23).
The dimensionless functions Gy — G7 are given in the appendix.
Note that the dependent variables in this equation set are 7,
T, m, Py, and D; = d7/d%. The dimensionless initial con-
ditions are specified at the interline (x = 0):

_—— _ZTU 1/3

w0 pl"zhfg( T,~T),) ’
i,()'to,
=0,
— 1 hep(Ty—T,
PIi,0=1_ _ b fg( W v),

471'11',"0 PUT,,

D[’0= 0.

The above initial condition for Py, was obtained by eval-
uating Eq. (23) at x = 0, assuming the initial mean curvature
was equal to 1/r.. This differs from most other theoretical
studies, which assume the mean curvature is zero at the in-
terline, even for a capillary tube geometry.

The above expression for r; ois a modification of that derived
by Wayner et al. (1976) for superheated adsorbed layers. One
peculiarity in this expression is that the dimensionless adsorbed
layer thickness (1 — 7,) goes to infinity as the superheat, 7,
— T,, goes to zero under isothermal conditions. Adamson and
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Zebib (1980) showed that adsorbed layers coupled to a me-
niscus should be on order of 1000 A for an isothermal system
with a hydrostatic head pressure, suggesting that the expression
derived by Wayner et al. is accurate only to leading order. A
more rigorous derivation of the superheated adsorbed layer
thickness using dispersion forces can likely be obtained by
applying the theory of physical adsorption pioneered by Hill
(1949a, 1949b, 1952). Instead of taking the solution thermo-
dynamic point of view, this approach treats the adsorbed layer
and solid substrate as a single phase in equilibrium with a
vapor phase.
The dimensionless groupings in Eqs. (19)-(23) are:

rCPU
46,

Ty

= 2I"'lkl( Tw - Tv)
T 010w h s,

oy
s
TGy

_[2-C Rmk,(Tw——T,,)m
“=\"2c 00,1y

w3 =

-A

m5=——.
Uwr%

7, is the dimensionless superheat, m, is the Crispation number,
w4 represents the mass flux at the interface, and s is a dis-
persion number, which denotes the magnitude of the dispersion
forces in the thin film. The Marangoni effects in Egs. (19)-
(23) are captured by terms containing do/dT;.

Solution Method

The numerical technique used to solve Egs. (19)-(23) in-
corporated both partial linearization and first-order backward
finite differencing. The nonlinear terms in Eq. (22) were first
linearized with respect to the first-order derivatives of the de-
pendent variables using a Taylor series expansion around the
previous iteration. The resulting equation set was then written
in matrix form with the solution vector composed of the current
iteration first-order derivatives. The elements in the coefficient
matrix (§ X 5) contained constants, dependent variables, and/
or previous iteration first derivatives. Similarly, the elements
in the constant vector were composed of constants and/or
dependent variables. A solution to the matrix equation was
obtained at each axial position by solving the linear system,
updating the dependent variables with first-order backward
finite differencing, and then iterating until the derivative terms
and dependent variables converged to a relative error of less
than 107%. In most cases, the numerical scheme converged
within 30 iterations. In order to prevent singularities in the
matrix equatxon and initiate the numerical scheme, the 1mt1a1
values of Ti 0, m,, and D, o were set equal to 1 X 1074, —1
x 107", and —1 x 10~ respectively. Magnitudes less 'than
this produced physically unreahstlc solutions, i.e., a decreasing
thin film thickness. An IBM PS-2 386 computer with a math-
ematical coprocessor was used to generate the numerical so-
lutions. Run times for a complete solution were on the order
of 5 minutes for a step size of 10™*. The solution also converged
at the theoretical rate when the step size was decreased.

Solutions using Eqs. (19)-(23) in the above matrix formu-
lation could be attained only for values of 7; > 0.65, starting
from the capillary wall (; o = 1). This was due to the fact that
the matrix equation became stiff at this point, forcing dD,/
dX to go to negative infinity prematurely. For the most part,
this problem was alleviated by transforming the terms in the
mean curvature as follows:
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2]‘,-D1 dx 2r; dr,-
where

w= (1+D% ™2

Applying this transformation simply required modifying Eq.
(23) and changing one initial condition: at X = 0, D; = 0,
giving (Wr;)g = Tip- Unfortunately, a solution to the trans-
formed equation set could not be obtained near the interline
(* = 0) because the values of D,, which were on the order of
—1 x 107", were too small to produce any change in wF;
using either double-precision or extended-precision arithmetic.
Quadratic-precision arithmetic was not available to us on this
machine.

The problems of both initiating the algorithm and obtaining
solutions near the axial centerline were eliminated by starting
the solution using the original equations and then at some
point changing the equations to the transformed equation set
to complete the solution. The value of D; at which this tran-
sition occurred was chosen as 107°. Tests of the hybrid al-
gorithm showed that order of magnitude changes on either
side of this transition value produced negligible changes in the
overall solution. Using the hybrid algorithm, solutions could
be attained for values of 7; < 0.20.

One aspect of the physical problem that has not been dis-
cussed yet is the requirement that D; — — o0 as 7; — 0 (this
represents the targeted endpoint for the above shooting
method). Arbitrarily selecting combinations of parameters
forced the far field meniscus either to curve abruptly and not
intersect the axial centerline at all or to form a cusp at the
axial centerline. The various parameter combinations also pro-
duced different values for the mass transfer rate. Thus, en-
suring that the centerline condition is satisfied, which to our
knowledge has not been done in any past studies of the evap-
orating meniscus in a capillary tube, is necessary since the total
mass transfer rate is strongly dependent on the system param-
eters.

Further tests of the hybrid algorithm showed that the mean
curvature outside the thin film was rapidly asymptotic to a
constant value whose magnitude depended on the values of
the parameters. This asymptotic property allowed us to define
the various combinations of r., AT and A that ensured that
Dy — —oo as F; — 0. When the mean curvature is constant,
Eqg. (24) can be integrated from some initial point on the
meniscus to an arbitrary location giving

wri— (Wri)K=const =KI‘,?'— (Krlz)K=const-
Because this expression applies at r; = 0,

wWr;
(i) k=const = ’ <?‘> .
K= const

Solutions that satisfy this condition will guarantee that the
targeted condition of Dy — — o as 7; — 0 is achieved. It is
interesting to note that, in all cases, meeting this criterion
required that the dimensionless mean curvature be asymptotic
to one, a value typically characterizing a hemispherical me-
niscus. This asymptotic behavior suggests that there is likely
some mathematical justification for K — 1 outside the thin
film region, although the proof will not be attempted here.

@5

Results/Discussion

As stated earlier, the primary objectives of this study were
to determine how the various forces at the interface influence
the meniscus profile, the mass transfer rate, and the capillary
pressure. As an example, room temperature hexane was chosen
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Fig. 3 Microscopic meniscus profiles for different values of the dis-
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as the working fluid and the accommodation coefficient was
assumed to be equal to one. The tube radius, superheat, and
dispersion coefficient were chosen as independent parameters.
Fluid properties were taken from Vargaftik (1975) and the
range of values for the dispersion coefficient corresponded to
those found in the literature (Wayner, 1978; Israelachvili, 1985).
Various combinations of these parameters satisfying the axial
boundary condition produced dimensionless parameter ranges
of 2.47 x 107" < 7, < 1.34 x 107 and 2.0 x 107" <
ms < 1.0 x 107°, Recall, , represents a dimensionless su-
perheat, while =5 is the dispersion number. Note that all other
dimensionless parameters are dependent on the material prop-
erties, the capillary radius, and/or the superheat; thus holding
m, constant fixes all of the other dimensionless parameters
except for =s.

Figure 2 shows meniscus profiles for the extreme values of
the dispersion number; all profiles for the intermediate values
of the dispersion number fell between the two curves shown.
One unexpected result shown in Fig. 2 is that varying the
dimensionless superheat, for a constant dispersion number,
had no apparent effect on the meniscus profile. However,
varying the dispersion number did produce a noticeable change
in-the meniscus profile, but only at the microscopic level near
the tube wall, as shown more explicitly by Fig. 3. This is
highlighted by the fact that, under all conditions, the local
contact angles become equal beyond about ten adsorbed layer
thicknesses (10[1 — F7;0]). This location also loosely defines
the point at which the dimensionless meniscus curvature is
asymptotic to one. One noticeable difference in the microscopic
characteristics of the menisci is that for larger dispersion num-
bers, the thin film extends farther down the tube due to the
stronger attractive forces between the liquid and the solid sub-
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strate. This has a significant effect on the liquid pumping
capability of the capillary tube.

Figure 4 depicts the dimensionless mean curvature as a func-
tion of axial position. As the dispersion number increases, the
dimensionless mean curvature remains at approximately 0.5
farther down the tube. The first noticeable change in K occurs
atx = 0.1l forms = 2 x 107 and ¥ = 0.16 for 75 = 1 X
107, It is interesting to note in Fig. 3 that the first recognizable
change in the microscopic interface radial location occurs at
¥ = 015forxs = 2 x 107 and ¥ = 0.22 for 75 = 1 X
107%, corresponding to dimensionless mean curvature values
of 0.8 and 0.89, respectively. Thus, the mean curvature is very
near its asymptotic value of one before any significant change
in the radial interface location can be observed.

The impact of the dispersion forces and superheat on the
local interfacial mass flux is shown in Figs. 5 (w5 = 2 X 10™%9)
and 6 (xs = 1 x 107%). Both figures exhibit peaks in the
dimensionless mass flux whose magnitudes tend to increase as
the dimensionless superheat decreases. The reason for this
counterintuitive behavior is that the dimensionless form of the
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mass flux (shown in each figure) is inversely proportional to
the superheat. Dimensional values of the mass flux do indeed
display the correct trends as the superheat increases; in fact,
the dimensional mass flux is nearly directly proportional to
the superheat.

Figures 5 and 6 also show that the location of the peak mass
flux appears nearly constant with respect to the dimensionless
superheat, although mild peak shifts occur in both curves. The
peaks occur at approximately 0.12 and 0.18 for dispersion
numbers of 75 = 2 X 107% and 75 = 2 x 1071 At these
locations and dispersion numbers, Fig. 4 shows that the mean
curvature lies in the range 0.5 < K < 0.55; thus, most of the
evaporation occurs in the thin film region. As expected, larger
dispersion numbers, which reflect the fluid’s affinity for the
wall, produce larger local mass fluxes or tube pumping ca-
pability.

Increasing the dispersion number produces a similar trend
in the dimensionless total mass transfer rate. Figure 7 depicts
the mass transfer rate as a function of the dispersion number
for various values of the dimensionless superheat. The coun-
terintuitive decrease in the dimensionless total mass transfer
rate with increasing superheat occurs for same reasons dis-
cussed earlier. The figure shows that increasing the dispersion
number dramatically increases the mass transfer rate. As men-
tioned earlier, the cause for the increase in mass transfer rate
is due to the stronger dispersion forces between the liquid and
solid substrate, which increase both the thin film surface area
and the liquid pressure difference. These results agree with
previous studies, which also show that the dispersion forces
in the thin film significantly influence the liquid pumping ca-
pability of capillary tubes.

Although experimental verification is still required, these
findings, as well as others (Wayner, 1978, 1979), suggest that
the presence of surface coatings in capillary structures can
either enhance or degrade capillary pumping. For example,
simply adding a surface coating that increases the dispersion
number over that for the uncoated solid substrate should im-
prove capillary pumping. Similarly, preventing an oxide coat-
ing from developing on a metallic capillary structure during
heat pump fabrication or due to material/fluid incompatibility
should prevent a reduction in capillary pumping.

Another interesting result produced by the model is shown
in Fig. 8, which gives the dimensionless capillary pressure dif-
ference, P,;, — Py, for all values of 7, and =5 as a function of
capillary radius. The figure shows that the capillary pressure
difference is only a function of the capillary radius, and is
independent of the dispersion number and dimensionless su-
perheat. This observation bears sharp contrast to the theoret-
ical model of Wayner (1979), which predicts that increasing
the interline heat flux reduces the capillary pressure by in-
creasing the apparent contact angle. In our model, neither an
increase in apparent.contact angle nor a decrease in capillary
pressure was observed as the dimensionless superheat was in-
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creased. Two possible explanations for the difference between
our results and those of Wayner (1979) are: (1) the requirement
that D; — — oo as 7; — 0 forces the contact angle and capillary
pressure to be constant and (2) the significantly lower super-
heats in our study (10~*-107* K) are not high enough to show
a discernible attenuation in the contact angle and capillary
pressure. In fact, the capillary pressure generated by our model
was found to be constant locally and equal to 2¢/r, up to four
decimal places. The local invariance in the capillary pressure
and the fact that the dimensionless mean curvature is approx-
imately equal to approximately 0.5 in the thin film leads us to
believe that the term accounting for dispersion forces in Eq.
(3) compensates for the lower curvature in the thin film. The
reason that no significant changes in the capillary pressure in
the thin film region were observed as the dispersion coefficient
was increased is due to the initial adsorbed layer thickness:
The initial adsorbed layer thickness increases as the dispersion
coefficient to the 1/3 power. This renders the dispersion term
in Eq. (3) constant at the initial condition and produces a
constant capillary pressure throughout the thin film region
regardless of the magnitude of the dispersion number.

Conclusions

A mathematical model describing the evaporating meniscus
in a capillary tube has been formulated incorporating the full
three-dimensional Young-Laplace equation, Marangoni con-
vection, London-van der Waals dispersion forces, and non-
equilibrium interface conditions. The governing equations and
boundary conditions were cast in terms of five coupled non-
linear ordinary differential equations and solved numerically.
Material properties characterizing hexane at room temperature
and pressure were used to test the model for various values of
the dimensionless superheat and dispersion number.

The results showed that varying the dimensionless superheat,
for a constant dispersion number (number characterizing the
London-van der Waals forces in the thin film region), had no
apparent effect on the meniscus profile. However, varying the
dispersion number did produce a noticeable change in the
meniscus profile, but only at the microscopic level near the
tube wall. No change in the apparent contact angle was ob-
served with changes in the dimensionless superheat or disper-
sion number. In all cases, the dimensionless mean curvature

was asymptotic to a value equal to that for a hemispherical -

meniscus, At the microscopic scale, larger dispersion numbers
produced thin films, which extended farther down the tube,
increasing the mass transfer surface area. The liquid pressure
difference also increased with increasing dispersion number.
These combined effects produced increases in the local inter-
facial mass flux and total mass transfer rate as the dispersion
number was increased. Peaks in the mass flux were also ob-
served in the thin film region. This has a significant effect on
the liquid pumping capability of the capillary tube and suggests
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that surface coatings can play an important role in improving
or degrading capillary pumping. The model also predicted that
the local capillary pressure remains constant and equal to 2¢/
r. regardless of changes in the dimensionless superheat and
dispersion number.

It should be noted that all the results in this work require
experimental verification. Unfortunately, performing an ex-
periment on a capillary tube with a radius less than 100 um is
a formidable task. It may be possible to set up an experiment
with a bundle of capillary tubes to allow the measurement of
an effective mass transfer rate. This would require more ex-
tensive modeling to account for the variation in tube wall
temperature between the outer wall and the bundle centerline.
Similar tests on tubes, or vertical flat plates, with vapor-de-
posited surface layers of varying thickness and material type,
should clarify the effect surface coatings have on meniscus
pumping capability.
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APPENDIX

The dimensional forms of the mathematical functions ({ F;})
generated during the formulation of the problem are:
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The nondimensional mathematical functions ({G;}) found
in the dimensionless working equation set (19)-(23) are:
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Film condensation of R-113 on staggered bundles of horizontal finned tubes with
vertical vapor downflow was experimentally investigated. Two tubes with flat-sided
annular fins and four tubes with three-dimensional fins were tested. The condensate

flow and heat transfer characteristics were compared with the previous results for
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in-line bundles of the same test tubes and a staggered bundle of smooth tubes. The
decrease in heat transfer due to condensate inundation was most significant for the

in-line bundles of the three-dimensional fin tubes, whereas the decrease was very
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slow for both the staggered and in-line bundles of the flat-sided fin tubes. The
predictions of the previous theoretical model for a bundle of flat-sided fin tubes

agreed fairly well with the measured data at a low vapor velocity. The highest heat
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Introduction

Horizontal finned tubes are commonly used in shell and
tube condensers in the refrigeration, air-conditioning, and
process industries because of their high heat transfer perform-
ance. Systematic experimental data on the effects of fin ge-
ometry, tube material, condensing fluid, and vapor velocity
on the performance of single horizontal finned tubes have been
reported in the recent literature. Theoretical models that can
predict the heat transfer coefficient with sufficient accuracy
have also been proposed for a tube with flat-sided annular
fins. Comprehensive reviews of relevant literature are given
by Webb (1988), Marto (1988), and Sukhatme (1990).

A relatively small number of studies have reported on the
condensation heat transfer performance of a bundle of hori-
zontal finned tubes, which is subject to the combined effects
of tube arrangement, velocity and flow direction of vapor,
and condensate inundation from upper tubes. Katz and Geist
(1948), Gogonin et al. (1983), Webb and Murawski (1990),
and Murata et al. (1990) measured the row-by-row heat transfer
coefficient for vapors condensing on the vertical columns of
horizontal finned tubes. Mills et al. (1975) and Marto (1988)
also obtained the row-by-row data for steam by using a liquid
distributor tube for simulating condensate inundation. No-
setani et al. (1989) measured the local overall heat transfer
coefficient for steam condensation in a large surface condenser.
Smirnov and Lukanov (1972) and Honda et al. (1989a) meas-
ured the row-by-row heat transfer coefficient for refrigerants
condensing on the staggered and in-line bundles of horizontal
finned tubes with vertical vapor downflow, respectively. The
former data were, however, affected by the presence of non-
condensable gas in the condenser.

Most of the previous studies were concerned with the flat-
sided fin tube. Honda et al. (1989a) and Webb and Murawski
(1990) tested several finned tubes with distinctly different fin
geometry and showed that the row effect was smallest for the
flat-sided fin tube. Although these studies provide a consid-
erable amount of information on the effects of various pa-
rameters, local heat transfer data obtained under specified
conditions of tube arrangements, vapor velocity, and conden-
sate inundation are still limited.

Contributed by the Heat Transfer Division for publication in the JOURNAL OF
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transfer performance was provided by the staggered bundle of flat-sided fin tubes
with fin dimensions close to the theoretically determined optimum values.

Ishihara and Palen (1983), McNaught and Cotchin (1989),
and Honda et al. (1989b) proposed calculation methods for
heat transfer during condensation on a bundle of horizontal
flat-sided fin tubes. Ishihara and Palen (1983) and McNaught
and Cotchin (1989) compared their results to available data
for practical condensers and found good to reasonable agree-
ment between predicted and actual surface areas. These the-
oretical models remain to be verified by direct comparison
with the local heat transfer data. Honda et al. (1989b) com-
pared their theoretical predictions to available local heat trans-
fer data (Katz and Geist, 1948; Gogonin et al., 1983; Marto,
1988; Honda et al., 1989a) and found good to reasonable
agreement between the two.

The objective of the present study is to obtain the row-by-
row heat transfer data during condensation of R-113 on the
staggered bundles of horizontal finned tubes with vertical va-
por downflow. Following the previous study for in-line bundles
(Honda et al., 1989a), two kinds of flat-sided fin tube and
four kinds of three-dimensional fin tube are tested and their
heat transfer characteristics are compared with the previous
results.

Experimental Apparatus and Procedure

The experimental apparatus, which consisted of a natural
circulation loop of refrigerant R-113 and a forced circulation
loop of cooling water, is schematically shown in Fig. 1. It was
basically the same as that used in the previous study for the
in-line bundies of horizontal finned tubes (Honda et al., 1989a)
with the exception of the test sections. The test sections were
3 X 15 (columns X rows) staggered bundles of horizontal
finned tubes made of copper. The odd rows consisted of three
active tubes and the even rows consisted of two active tubes
and dummy half tubes on the side walls. Both the longitudinal
and transverse tube pitches were 22 mm. These values were
the same as those for the in-line tube bundles (Honda et al.,
1989a). The tube bundles were assembled in a vertical duct
with inner dimensions of 66 x 100 mm?, as shown in Fig. 2.
The side walls parallel to the tube axis were provided with
viewing windows. A gutter for collecting the falling condensate
on the duct wall was attached to the duct just downstream of
the fifteenth row.

Six finned tubes with different fin geometry were tested.
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Fig. 1 Schemalic diagram of experimental apparatus Fig. 2 Cross-sectional view of test section
Table 1 Dimensions of test tubes
Tube designation A B C D E F
Fin pitch pmm 0.96 0.50 0.73 1.00 0.69 0.95
Fin height h  mm 1.43 1.30 0.99 1.28 1.01 1.14
Fin thickness at fin tip t mm 0.24 0.05 — —-— e -
Fin half tip angle 6 rad 0.082 0.047 _— — _—_ —
Diameter at fin tip d mm 15.60 16,10 15.85 15.80 15.86 15. 81
Diameter at fin root mm 12.74 13,50 13.87 13.24 13.84 13.53
Tube inside diameter mm 11,21 11.80 12.09 11.39 12.22 12.04

These tubes were the same as those tested for the in-line tube  This tube had fin dimensions that were close to the optimum
bundles (Honda et al., 1989a). The dimensions of the test tubes  values obtained from the previous theoretical model (Honda
are listed in Table 1, and the longitudinal cross section and et al., 1989b). The procedure for optimizing the fin dimensions
close-up of these tubes are shown in Fig. 3. Tubes A and B  is described in detail in Honda and Nozu (1990).

had flat-sided annular fins, whereas tubes C-F had three-di- For tube A, two types of test section were used. One of the
mensional fins. Tubes A and C-F were obtained from tube test sections consisted of 15 rows of active tubes. The other
manufacturers. Tube B was machined from a smooth tube. had two rows of inundation tubes at the top and the lower

Nomenclature
T,.n = average tube wall temperature ¢ = ratio of condensate flow rate
d = diameter at fin tip at fin root for a tube row on the duct wall to total
g = gravitational acceleration AT = average condensation condensate flow rate at the
h = fin height temperature difference for a exit of a tube bundle, Eq. (4)
hs, = specific latent heat of tube row = T — T, 6 = fin half tip angle
evaporation t = fin thickness at fin tip N, = thermal conductivity of
k = number of active tubes in a u = vapor velocity based on condensate
tube row minimum free cross section w = dynamic viscosity of
! = effective length of tube W = flow rate of condensate condensate
n = number of rows counted from leaving a tube row »; = kinematic viscosity of
top row a = average heat transfer condensate
Nu = condensation number = a(v?/ coefficient for a tube row .
3N based on equivalent smooth Subscripts
p = fin pitch tube area, Eq. (1) N = calculated value by the Nusselt
Q = heat transfer rate to coolant v = ratio of condensate equation for single smooth
Q; = heat loss to environment transported to duct wall to to- tube
Re = film Reynolds number, Eq. (5) tal condensate leaving a tube < n = nth row
T, = saturation temperature row, Eq. (3) o = tube bundle inlet
Journal of Heat Transfer MAY 1992, Vol. 114 ] 443
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Fig. 3 Longitudinal cross section and close-up of test tubes

rows consisted of tube A. The latter was used to simulate
condensation at a large condensate inundation rate. For tubes
B-F, experiments were conducted using test sections that had
two rows of inundation tubes at the top and oné or two rows
of these tubes at the twelfth to fourteenth rows. The remaining
rows consisted of tube A.

The vapor gage pressure was measured by a precision Bour-
don tube gage, reading to 10? Pa, connected to a pressure tap
on the duct wall located 100 mm upstream of the first row.
The atmospheric pressure was measured by a Fortin barometer.
The vapor temperature was measured by two !-mm-o.d.
sheathed thermocouples inserted in the test section at 70 mm
upstream and 70 mm downstream of the tube bundle, respec-
tively. The temperature of the condensate returning to the
boiler was also measured by a 1-mm-o0.d. sheathed thermo-
couple. The cooling water temperatures at the inlet and outlet
of each row were measured by two junction thermopiles in-
serted in mixing chambers. The tube wall temperature was
measured by the resistance thermometry. The test tubes and
a standard resister of 1 mQ were connected in series by a lead
wire to a 40 A d-c power supply. Voltage taps were soldered
at both ends of each test tube. The thermocouple and ther-
mopile outputs and the voltage drops of the test tubes and the
standard resistor were read ten times consecutively and re-
corded by a programmable data logger to 1 uV. In the data
reduction, the average values of the ten measurements were
adopted as the experimental data. The cooling water flow rate
for each tube row was measured using an orifice and an inverse
U-tube manometer. The flow rate of condensate on the duct
wall, collected by the gutter shown in Fig. 2, was also measured
using an orifice and an inverse U-tube manometer.

Two kinds of experiment were performed at the vapor pres-
sure of about 0.11 MPa (7; = 323 K). The first experiment
was aimed at obtaining heat transfer data without the effect
of condensate inundation. In this experiment the cooling water
was passed through only the thirteenth row of the test section.
The second experiment was aimed at obtaining heat transfer
data under the combined effects of vapor shear and condensate
inundation. In both the experiments, the power input to the
boiler was changed in six steps from 5 to 45 kW, which cor-
responded to the vapor velocity (based on the minimum free
cross section) at the tube bundle inlet u, of 3.3 to 18.4 m/s.
For each step of the power input, experimental data at the
condensation temperature difference AT of 1.1 to 25 K were
obtained by changing the flow rate and temperature of the
cooling water entering the test section.

The cooling water temperature could be changed between
280 and 323 K by recirculating a part of the cooling water
flowing out of the test section. Hotter water from the test
section and colder water from the cooling water tank were
mixed in a circulation tank and fed to the test section (see Fig.
1). Each flow rate was controlled by changing the valve open-
ing. Fine control of the cooling water temperature was achieved
by changing the power input to the electric heater installed in
the circulation tank. The variation of the cooling water tem-
perature among the ten measurements was within 0.04 K. The
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uncertainty in the measured A7 value was believed to be less
than 0.08 K.

During the experiments, the superheater was switched off.
Thus, the measured vapor temperatures upstream and down-
streamn of the test section were assumed to be equal to the local
saturation temperatures. The local saturation temperature in
the tube bundle was determined by an interpolation procedure
taking account of the static pressure drop. Following the pre-
vious study for the in-line tube bundle, the measured wall
temperature was assumed to be equal to the average temper-
ature of a superficial smooth tube obtained by cutting off the
fins. Then the fin root temperature 7', was obt